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Allan G. van de Wall1

Jaikrishnan R. Kadambi

Department of Mechanical and
Aerospace Engineering,

Case Western Reserve University,
Cleveland, OH 44106

John J. Adamczyk
NASA Glenn Research Center,

Cleveland, OH 44135

A Transport Model for the
Deterministic Stresses Associated
With Turbomachinery Blade Row
Interactions
The unsteady process resulting from the interaction of upstream vortical structures with a
downstream blade row in turbomachines can have a significant impact on the machine
efficiency. The upstream vortical structures or disturbances are transported by the mean
flow of the downstream blade row, redistributing the time-average unsteady kinetic en-
ergy (K) associated with the incoming disturbance. A transport model was developed to
take this process into account in the computation of time-averaged multistage turboma-
chinery flows. The model was applied to compressor and turbine geometry. For compres-
sors, the K associated with upstream two-dimensional wakes and three-dimensional tip
clearance flows is reduced as a result of their interaction with a downstream blade row.
This reduction results from inviscid effects as well as viscous effects and reduces the loss
associated with the upstream disturbance. Any disturbance passing through a compressor
blade row results in a smaller loss than if the disturbance was mixed-out prior to entering
the blade row. For turbines, the K associated with upstream two-dimensional wakes and
three-dimensional tip clearance flows are significantly amplified by inviscid effects as a
result of the interaction with a downstream turbine blade row. Viscous effects act to
reduce the amplification of the K by inviscid effects but result in a substantial loss.
Two-dimensional wakes and three-dimensional tip clearance flows passing through a
turbine blade row result in a larger loss than if these disturbances were mixed-out prior
to entering the blade row.@S0889-504X~00!01804-3#

Introduction
A series of experiments on a four-stage low-speed research

compressor reported on by Smith@1# was conducted in the late
1960’s. He observed that the four-stage average total pressure
efficiency increased when the axial gap between the rotors and
stators was decreased. The results, shown in Fig. 1, show the
efficiency as a function of the flow coefficient at a reduced gap
case~7 percent axial chord! and a wide gap case~37 percent axial
chord!. The efficiency of the reduced gap case is approximately
one point higher than the wide gap case. Observations by Miko-
lajczak @2# for a compressor were similar. For a turbine, the effi-
ciency is also a function of axial spacing; however, the opposite
effect appears to be true. As the axial gap is increased, the effi-
ciency of the turbine increases. Figure 2 shows the results for a
series of experiments on a reaction turbine@3#. The results show
an increase in peak overall efficiency as the stator–rotor gap is
increased from 0.10 to 0.60 in. Note that the efficiency increases
rapidly to a value above which any increase in stator–rotor gap
results in no increase in efficiency. Similar observations for a 1.5
stage low-speed turbine were reported by Sharma et al.@4#.

Using these examples, one can ask the following two questions:
‘‘What process is causing this change in the efficiency with a
change in axial gap?’’ and ‘‘Is this change the result of steady or
unsteady flow processes?’’ These examples do not explicitly show
that the changes in performance are the result of unsteady flows.
However, one possible explanation for the effect relating to un-
steady flow is that a change in the mixing losses of wakes of each
blade row is occurring. The loss associated with a wake is not

fully realized until the wake under goes a viscous mixing process.
If some process exists that can reduce the wake mixing loss, the
total loss could be reduced. Consider a rotor followed by a stator.
The wake of a rotor operating in isolation will convect down-
stream and eventually decay by viscous means and incur a loss in
efficiency. However, if the rotor is followed by a stator, the rotor
wakes are then chopped up by the stator into segments and trans-
ported through the stator by the time-average or mean flow. The
transported wake segments are reoriented~i.e., the wake segments
are tilted and stretched!. As the wake segments are tilted and
stretched, vorticity kinematics begins to play a role changing the
decay of the rotor wake. The rotor wake decay in the stage now
involves two mechanisms, viscosity as well as the kinematics of
wake stretching and tilting resulting from the stator row. Vorticity
kinematics can act to reduce~or increase! the velocity deficit as-
sociated with a wake by a process that is reversible, therefore
reducing~or increasing! the mixing loss associated with the wake.
This was first postulated by Smith@5# and was referred to as
recovery.

This recovery process can have a significant impact on turbo-
machine performance. Adamczyk@6# stated that the mixing loss
of a compressor blade in a well-designed machine is approxi-
mately 15 percent of the total loss of the blade. If 70 percent of
the wake mixing loss could be reduced by recovery of the wake
@7#, the total loss of the compressor blade could be reduced by
10.5 percent. Smith@8# estimated that at design condition, the
recovery process can yield a half-point increase in adiabatic
efficiency.

The conclusions from this literature review provide evidence
that the effect on turbomachine performance of recovery is of
significant magnitude to justify further investigation. Since time-
averaged codes used in turbomachinery analysis currently do not
explicitly include the effects of recovery, the objective of this
paper is to develop a model for this recovery process. The poten-

1Present address: General Electric Aircraft Engines, Cincinnati, OH.
Contributed by the International Gas Turbine Institute and presented at the 45th

International Gas Turbine and Aeroengine Congress and Exhibition, Munich, Ger-
many, May 8–11, 2000. Manuscript received by the International Gas Turbine Insti-
tute February 2000. Paper No. 2000-GT-430. Review Chair: D. Ballal.
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tial payoff of this research is that the insight gained into the flow
process associated with recovery will provide direction for im-
proving turbomachine performance.

This paper is divided up into five further sections. In the next
section, recovery is formally defined and methods for computing
it are described. This is followed by a description of the develop-
ment of a transport model to calculate recovery that can be used in
the time-averaged calculation of turbomachinery flows. A valida-
tion study of the model is described next using the results of
previous work as well as analytical models. The model is then
applied to both compressor and turbine geometry of current inter-
est. Finally, conclusions and recommendations for future work are
described.

Recovery
To illustrate the physics behind recovery as postulated by Smith

@5#, two examples are given, one relating to a compressor and one
relating to a turbine. Imagine an unsteady process in which a
velocity disturbance in thez direction is oriented perpendicular to
the centerline of a diffusing duct, and is convected by the mean
flow ~Fig. 3!. Assuming the flow is two-dimensional, incompress-
ible, and inviscid, and using Kelvin’s theorem, the circulation
around a loop of fluid that consists of the disturbance edge and
centerline~contourC! is constant throughout the duct and is given
by,

G5vdl 5const, (1)

wherevd is the disturbance depth, andl is the length of the dis-
turbance segment. If the exit disturbance segment length is in-
creased, the magnitude of the disturbance depth is reduced by a
reversible flow process. If the disturbance is now mixed-out by
viscosity, it will incur a smaller loss than if the disturbance was
mixed-out prior to entering the duct. This situation simulates that
of a compressor, where the disturbance is a wake from the up-
stream blade row and the wake segments are stretched as they are
convected through the downstream blade row.

Now consider a situation in which a velocity disturbance is
oriented perpendicular to the centerline of an accelerating duct
and is convected by the mean flow~Fig. 4!. The exit disturbance

Fig. 1 Change in efficiency for a four stage axial compressor
operating at two axial gaps †1‡

Fig. 2 Change in peak overall efficiency for a reaction turbine
from data of WRIGHT AERONAUTICAL CORP †3‡

Fig. 3 Illustration of how a wake stretching in a diffusing duct
simulates compressor flows

Fig. 4 Illustration of how a wake compressing in an accelerat-
ing duct simulates turbine flows
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length is reduced and therefore the depth is increased by a revers-
ible flow process. If the disturbance is now mixed-out by viscos-
ity, it will incur a larger loss than if the disturbance was mixed-out
prior to entering the duct. This situation simulates that of a wake
generated by an upstream blade row in a turbine, where the wake
segments are compressed as they are convected through the down-
stream blade row.

Neither case incurs any loss until the wake nonuniformity is
mixed-out by viscosity. However, the magnitude of the wake
depth is decreased in the compressor case and increased in the
turbine case by inviscid means, this is the key to recovery. There-
fore, one would expect the mixing loss to decrease in the case of
the compressor and increase in the case of the turbine. However,
in both of these cases, viscosity is acting concurrently with the
inviscid mechanism to reduce the magnitude of the disturbance.
This process is not reversible and will incur a loss. The relative
magnitudes of the inviscid and viscous mechanisms involved is
important to determining the potential benefit from recovery. Fi-
nally, in both of these examples, the upstream disturbance was a
wake caused by an upstream blade row. However, the same prin-
ciples apply to any upstream vortical disturbance such as tip vor-
tices, streamwise vorticies, and wakes caused by struts or other
obstructions in the primary flowpath.

In order to understand and calculate the recovery process, we
first need to examine the mixing process of a flow nonuniformity
such as a wake created by an upstream blade row for an unsteady
subsonic flow and determine how it relates to mixing loss. This is
the mixing loss that would occur if the wake were allowed to
mix-out in isolation by viscosity alone. Adamczyk@7# showed that
for an incompressible flow, the mixing loss could be evaluated
using linear theory, but can also apply to higher order distur-
bances. Later, van de Wall@9# came to the same conclusion for a
subsonic flow. In addition, van de Wall@9# showed that in a sub-
sonic flow, the mixing loss could be estimated to good accuracy
by assuming that the flow is incompressible. If we only consider
upstream vortical flow disturbances, the total pressure mixing loss
coefficient can be written as@9#,

x5S u1
21v1

21w1
2

u0
2 D , (2)

where u, v, and w are the unsteady velocity components; the
overbar denotes time average. The subscript 0 represents the mean
flow, which is equivalent to the time-averaged flow, and the sub-
script 1 represents a linear unsteady disturbance to the mean flow.

Calculation of the Recovery Process. Having described and
given an expression for the mixing loss, a method of obtaining the
unsteady velocity components are required. To evaluate the mag-
nitude of the recovery process, it is first necessary to define some
terms. Assume that mixing planes are located at the inlet of and at
the exit of a blade row. If a disturbance is mixed-out at the inlet to
the blade row, it is equivalent to the disturbance mixing-out in
isolation. This is the potential mixing loss. Now, if the disturbance
is passed through the blade row, neglecting viscous decay of the
disturbance, and mixed-out at the exit of the blade row, the dif-
ference in mixing loss is amixing loss benefit. In other words, the
change in the mixing loss by inviscid means is the recovery. If
viscosity is considered throughout the passage, it contributes to an
additional loss and is termedpassage loss.

Solving the unsteady Navier–Stokes equations will capture the
effects of the recovery process without modeling. However, it is
difficult to isolate the effects of recovery from other unsteady
effects. In addition, the computational time required of three-
dimensional unsteady solutions is still quite large.

Another way to capture the effects of recovery is to use a time-
averaged code and model the recovery process through the use of
the deterministic stress@10#. The deterministic stress is defined as
velocity correlations arising from time and passage-to-passage av-
eraging of the ensemble-averaged Navier–Stokes equations. Ad-

amczyk @7# linked the recovery process to a component of the
deterministic stress through the use of the unsteady kinetic energy
as follows:

K inlet2Kexit5
1

u0L Evol
~uiuj !

]Ui

]xj
d vol, (3)

whereK inlet and Kexit is the unsteady kinetic energy at the inlet
and the exit to a blade row respectively, andL is the pitch of the
blade row. The factor in the parentheses is the deterministic stress
@10# and the derivatives are the gradient of the mean flow. The
integral is taken over the volume consisting of periodic bound-
aries and mixing planes upstream and downstream of the blade
row. The unsteady kinetic energy can be related to the mixing loss
coefficient~Eq. ~2!! by

1

2
u0

2~x inlet2xexit!5K inlet2Kexit , (4)

u0 is the axial mean flow.
In this work, the approach taken to calculate the effect of the

recovery process is to develop a deterministic stress transport
model, which consists of calculating the values in parenthesis in
Eq. ~3! throughout the geometry where the disturbance–blade row
encounter is occurring. There are two advantages of this approach.
First, it provides a simplified model that designers can use. Sec-
ond, it can provide insight into the mechanisms involved in recov-
ery and thus give directions for improving turbomachine perfor-
mance.

Model Development

Assumptions Used in Transport Model. Two sets of as-
sumptions were used in the development of the transport model.
The first set is obtained from the results of the mixing study@9#
referred to in the previous section. They are that incompressible
flow and the use of linear theory are adequate to characterize the
recovery process. The second set is obtained by the work of Ad-
amczyk@7#, where he showed that the mixing loss is essentially
independent of the reduced frequency of the upstream distur-
bance. The implications of this are that the frequency dependence
of the transport model can be omitted. This also means that the
higher harmonics needed to characterize the wake shape can also
be neglected. A transport model for the deterministic stresses was
developed such that the stresses are transported by the mean flow.

Derivation of the Transport Model. The equations govern-
ing the transport of the deterministic stresses were derived in van
de Wall @9# and are presented here. Its three-dimensional Carte-
sian form~with the coordinatesx, y, andz as the axial, spanwise,
and pitchwise coordinates, respectively! is presented here as:

Uk

]uiuk

]xk
I

1ukuj

]Ui

]xk
II

1ukui

]U j

]xk
III

52
1

r
uj

]p

]xi
IV

2
1

r
ui

]p

]xj
V

1v tui

]2uj

]xk
2

IV

1v tuj

]2ui

]xk
2

VII

(5)

The upper case letters denote mean flow velocities, and the lower
case letters denote an unsteady perturbation from the mean. Thep
is the unsteady pressure andv t is the turbulent viscosity. Thei and
j are free indices and represent thex, y, andz components, and the
k is a dummy index.

Term I in Eq. ~5! is a spatial gradient of a time-averaged term
and is thus a transport term. It represents the transport of the
deterministic stress. TermsII and III are inviscid terms, labeled
the mean flow gradient terms. It is through these terms that the
coupling of the transport equation to the mean flow exists. These
terms can be either positive or negative. In other words, through
the mechanism of the mean flow gradients, energy from the un-
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steady flow ~deterministic stresses! can be either added or re-
moved from the mean flow. This is contrary to turbulence theory,
where the mean flow adds energy to the random unsteady flow,
where the energy is ultimately dissipated, but the random un-
steady flow in general does not add useful energy to the mean
flow. On the right-hand side of Eq.~5! are the source/sink terms.
TermsIV andV are the pressure velocity correlation terms with its
trace representing the work done by unsteady pressure fluctua-
tions. The last two terms~TermsVI andVII! are the viscous terms.
Note that the deterministic stress transport equation is similar to
the transport equation for the Reynolds stress with the triple cor-
relation term omitted. The dropping of the triple correlation term
is based on the linearization procedure used in the construction of
Eq. ~5! @9#.

The transport equations~Eq. ~5!! are written in a convenient
form such that the various terms can be turned on and off to
determine their effect. For example, the inviscid form of the trans-
port equation would omit termsVI and VII. The effect of the
pressure–velocity terms will be shown to be significant.

Equation~5! represents a coupled set of three equations in two
dimensions, and six equations in three dimensions. The mean flow
quantities as described are known. For three-dimensions, this
leaves six deterministic stress components, the unsteady
pressure–velocity terms, and the viscous terms as unknowns.
With only six equations and eight unknowns, the transport model
is underspecified and requires that a model be developed for the
pressure–velocity correlation terms and the viscous terms.

The pressure–velocity terms were developed based on the high-
frequency limit of the theory of rapid distortion as described in
van de Wall@9#. The terms are presented in Appendix A.

The viscous terms were developed based on the similarity be-
tween the transport equations~Eq. 5! and the work of Hill et al.
@11#. Hill et al. @11# developed a model for a wake decaying on
the centerline of a duct with a non-zero pressure gradient, where
both inviscid and viscous mechanisms act on the wake. The wake
is stretched or compressed depending on whether the pressure
gradient in the duct is favorable or adverse respectively. This
situation simulates both compressor and turbine cases where the
wake is stretched or compressed. The equations are presented in
Appendix A.

Solution Procedure for the Transport Equations. The so-
lution of the transport equations requires that the mean flow be
known. For this work, the mean flows were inviscid and two-
dimensional and were generated by PCPANEL developed by Mc-
Farland @12# and SFLOW developed by Hoyniak@13#. The
streamfunction~i.e., see Appendix A! associated with the mean
flow was obtained by the code LINFLO developed by Verdon
et al. @14#. The mesh as well as the corresponding mean flow
velocities were used as input to the transport code. The inviscid
forms of the transport equations are independent of the reduced
frequency of the upstream disturbance as well as independent of
the length scale of the disturbance. However, when considering
the viscous form of the model, the length scale must be included.
This requires specifying the initial disturbance half width,b ~i.e.,
the width from the centerline to the edge!, and the initial distur-
bance depth,vd .

The inlet deterministic stresses,u1u1, u1v1, v1v1, u1w1,
v1w1, andw1w1, were specified depending on the upstream dis-
turbance modeled and are given in Appendix B. All deterministic

stresses are normalized by the inlet unsteady kinetic energy,K inlet

~i.e., 1/2u1u111/2v1v111/2w1w1). The procedure used to solve
the equations employs a finite volume technique with a Runge–
Kutta integration as described by Celestina et al.@15# and Adam-
czyk et al.@16#.

A typical run for a two-dimensional calculation requires ap-
proximately 1 minute using an R10000 Silicon Graphics worksta-
tion on a 90331 mesh. The same geometry utilizing a three-
dimensional mesh with 31 spanwise mesh points requires
approximately 30 minutes to complete. These run times assume
that the mean flow is known and is input to the code.

Validation Study
For validation, the transport model was compared against ana-

lytical methods, established computational methods, and in one
case experimental data. These comparison methods are described
in detail in van de Wall@9# and are listed in Table 1 along with
their applicability. Smith’s model~1! is valid at inlet and exit of a
blade row only and is based on the velocity triangles of the mean
flow. It assumes that the wake segment remains straight as they
convect through the blade row. Comparison method 2, the UVF
~unsteady vortical field! model @9# is an analytical model for the
far downstream unsteady velocity field. It is based on linear
theory and does not include the effect of shed vorticity caused by
the time-varying loading on the blades caused by the incoming
wakes. The LINFLO code is unsteady and includes the effect of
shed vorticity. It is valid throughout the blade row.

For all of the comparisons in this section, the inlet boundary
conditions used consist of two-dimensional blade wakes and
three-dimensional tip clearance flow structures described in
Appendix B.

Compressor Comparisons

Two-Dimensional Wake Comparisons—Turning Duct.The
first validation case consists of a turning duct with incident two-
dimensional wakes. This case validates the inviscid form of the
transport model for a compressor. Imagine a set of infinitely thin
compressor stators, where the inlet rotor wake angle,uw , can be
varied. The insert in Fig. 5 shows the compressor duct, where the
infinitely thin wall was chosen so that the effect of blade thickness
is neglected. In addition, the duct includes inlet and exit exten-
sions so that the effect of wake impingement on the leading edge
is neglected. The stators turn the mean flow through an angle of
45 deg, where the exit flow is axial.

Figure 5 shows a comparison of the pitchwise averageKexit* , as
a function ofuw for the transport model, Smith’s model, the UVF
model, and the LINFLO code. Both the UVF model and the LIN-
FLO code are at a reduced frequency of fifteen. The agreement
between all the model is very good for270,uw,210 deg,
which covers the range of wake angles for axial flow compressors.
The results from the LINFLO code start diverging from the others
at uw.210 deg. The UVF model has some oscillation from 10
,uw,45 deg.

Table 1 Comparison methods

Comparison Method Applicability

~1! Smith’s Model@5# Two Dimensional, steady, inviscid, avgKexit only ~analytical!
~2! UVF Model @9# Two Dimensional, unsteady, linear, inviscid,~analytical!
~3! LINFLO code @14# Two Dimensional, unsteady, linear, inviscid~computational!
~4! Navier-Stokes results@18# Three Dimensional, unsteady, nonlinear, viscous~computational!-GE_LSRC
~5! Experimental@21# Two Dimensional measurement of a Three Dimensional flow~exerpimental!-NASA Stator37
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Two-Dimensional Wake Comparisons—GE-LSRC.The next
test geometry is of a low-speed model of stage 7 stator taken from
a 10-stage compressor@17# with incident two-dimensional blade
wakes. This test case was chosen to compare the inviscid form of
the transport model to unsteady Navier–Stokes results from
Valkov @18#. The blade section used is at 70 percent of stator
span. It is characterized by an inlet flow angle of 46.4 deg, exit
flow angle of 19.1 deg, and a solidity of 1.67. Figure 6 shows the
mixing loss benefit, (x inlet2xexit), in units of total pressure loss
coefficient~Eq. ~2!! as a function of the inlet wake velocity defect
in the rotor relative reference frame. The inlet rotor wake is ori-
ented atuw5249.7 deg, which places the wake disturbance ap-
proximately perpendicular to the stator inlet mean flow. Over this
range of wake deficits,x inlet varies from 0.0028 to 0.0247. The
results from the transport model compare very well with the
Navier–Stokes results for inlet wake defects less than 50 percent.
However, for wake defects in excess of 50 percent the transport
model over predicts themixing loss benefits. This could be caused
by two reasons. First, more viscous diffusion exists at larger wake
defects, which is not captured by the inviscid form of the transport
model. Second, it could be caused by nonlinear effects, which the
transport model neglects.

Three points can be made regarding the results presented in Fig.
6 in terms of the assumptions used in the derivation of the trans-
port model. First, the work of Valkov@18# included a viscous
mean flow, while the mean flow used in the transport model was
inviscid. This implies that the boundary layer flow does not sig-
nificantly affect the wake recovery. Second, since Valkov’s@18#
results are nonlinear, the good agreement with the transport model
justifies the use of linear unsteady flow models in the transport
equations. Finally, since the work of Valkov@18# was unsteady,

while the transport model neglects the effects of reduced fre-
quency, the good comparison justifies neglecting the frequency
effects in the transport model.

Three-Dimensional Tip Vortex Comparisons—GE-LSRC.For
this case, the mean flow remains two dimensional; however, the
upstream disturbance is three dimensional. The upstream distur-
bance is that of a tip clearance flow and resembles an axisymmet-
ric wake and is essentially a defect in total pressure. It can be
described as a velocity deficit region, however, unlike a two-
dimensional wake, the vorticity is no longer purely spanwise. No
velocity disturbance exists in the spanwise direction.

A comparison is made between the transport model and a com-
putation conducted by Valkov@18# using an unsteady three-
dimensional Navier–Stokes code. Table 2 gives a comparison of
the change in the area-averaged loss across the stator for the trans-
port model and the results of Valkov@18# in terms of the total
pressure loss coefficient. The first line shows themixing loss ben-
efit due to recovery~inviscid estimate!. Note that the transport
model gives this value directly by turning off the viscous terms.
The second line shows themixing loss benefitwhen considering
both the inviscid and viscous effects. The final line shows the
passage lossthat is caused by viscous mixing of the tip clearance
flow within the passage. This is not beneficial because the reduc-
tion in K is caused by viscous mixing. The net benefit to the
mixing loss is simply the difference between lines 2 and 1. The
transport model agrees quite well against the unsteady nonlinear
Navier–Stokes results of Valkov@18#.

Turbine Comparisons

Two-Dimensional Wake Comparisons.The next validation
case consists of a turning duct designed to accelerate the mean
flow. The incident wakes are two dimensional. The geometry con-
sists of a NACA0012 airfoil with no camber at a stagger angle of
240 deg, and a solidity of one. It has an axial inlet flow, and a
240 deg exit flow.

Figure 7 shows the effect on recovery of varying the inlet wake
angle. The wake angle is varied from 0 deg, which is the limit of

Fig. 5 Pitchwise average normalized K exit for the 45 deg turn-
ing duct „no viscosity …

Fig. 6 Mixing loss benefit for several inlet wake defects
Fig. 7 Pitchwise average K exit versus inlet wake angle for the
40 deg turbine, no viscosity

Table 2 Mixing loss benefit for tip flow

Mixing Loss Benefit Area Average Area Average
~Total Pressure Loss Loss Loss

Coefficient! Transport Model @18#

x inlet-x inlet ~Inviscid! 0.0027 0.0033
x inlet-xexit ~Viscous! 0.0041 0.0043
Passage 0.0014 0.0010
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zero wheel speed of the blade row generating the wake, to 90 deg,
the infinite wheel speed limit. Figure 7 shows a comparison of the
pitchwise average ofKexit* as a function of the inlet wake angle,
uw , for the transport model, Smith’s model, and the UVF model.
The transport and UVF model compare very well. Smith’s model
overpredicts the results of the other two models significantly. This
can be explained by the fact that Smith’s model assumes that the
wakes remain straight as they transport through the blade row.
This does not occur in the case of a turbine and is explained
further in the Results section.

The last comparison is for a fixed inlet wake angle,uw

545 deg. Figure 8 shows the distribution ofKexit* across the pas-
sage. The comparison of the distribution ofKexit* between the
transport and UVF models is good with the transport model giving
a larger amplification near midpitch. The LINFLO results are in
reasonable agreement with the transport model over most of the
pitch. The divergence in the inner and outer pitch regions is
caused by a lack of grid points in LINFLO to resolve the fine
spatial details near the blade and wake surfaces.

Results
The previous section illustrated the validity of the transport

model and gave confidence in applying the model to a compressor
and turbine geometry of current interest. In the results that are to
follow, only the exit unsteady kinetic energy as well as half of
each of the unsteady kinetic energy components of the determin-
istic stresses are shown~i.e., 1/2u1u1, 1/2v1v1, and 1/2w1w1).
For the cases shown, the exit is at one chord downstream of the
blade trailing edge. All unsteady kinetic energy components are
normalized byK inlet . As in the validation cases, the mean flow is
two dimensional and inviscid. However, both two and three-
dimensional disturbances representing two-dimensional blade
wakes and three-dimensional clearance vortices~wakes!, respec-
tively, are used. This allows the direct investigation of the three-
dimensional nature of the disturbance flow. Details about the dis-
tribution of all the deterministic stress components within the
blade passage as well as the application of the model to other
geometry are given in van de Wall@9#.

Compressor Recovery Predictions

Effect of Inlet Wake Angle on Recovery.Consider again the
results of the turning duct case shown in Fig. 5, where the effects
of viscosity are neglected. An inlet wake angle of 45 deg repre-
sents the limit of zero wheel speed, and an inlet wake angle of
290 deg represents the limit of infinite wheel speed. The pitch-
wise averageKexit* associated with the wake is less than one for
most of the inlet wake angles. This means that the wake mixing
loss is reduced as a result of the encounter with the blade row,
resulting in amixing loss benefit. However, nearuw545 deg, the
steady flow limit,K, is being amplified. This can be explained as

follows. The wake is traveling downstream and is being com-
pressed by the slowing of the mean flow. This results in an in-
crease in the wake depth and therefore an increase in the wake
mixing loss. A typical compressor design point velocity triangle
will put uw>245 deg, the wake being perpendicular to the inlet
mean flow. At this point, the mixing loss of the wake is reduced
nearly 80 percent, which is a substantial amount. In addition, no-
tice that Kexit* is insensitive to the wake angle near the design
point. This implies that severe off design operation can still result
in a substantialmixing loss benefit.

Recovery Within a Compressor Stator.The geometry is of a
low speed model of stage 7 stator taken from a 10-stage compres-
sor @17# as discussed in the Validation section. The geometry is
shown in Fig. 9.

Figure 9 shows the transport of the wakes through the compres-
sor stator by the mean flow in the blade-to-blade plane. The wakes
are shown as lines whose spacing is equal to the distance between
the wakes. The inlet wake angle,uw , is 249.7 deg, resulting in
values for the inlet deterministic stresses foru1u1, u1w1, and
w1w1 of 0.418,20.493, and 0.582, respectively. Any determinis-
tic stresses involving the spanwise component of the unsteady
velocity is zero. The wakes essentially remain straight as they are
transported through the stator passage. Near the exit of the blade
row, the wakes bow slightly. Recalling that Smith’s model as-
sumes that the disturbances remain straight, it appears that this is
a good approximation for compressors. However, Smith’s model
only gives the average value ofKexit* , where the transport model
gives the distribution of all the deterministic stresses throughout
the passage. Figure 10 shows the unsteady kinetic energy compo-
nents of the deterministic stress as well asKexit* , as a function of
pitch for both two-dimensional and three-dimensional wakes. This
calculation is from the inviscid form of the transport model. The
exit pitch coordinate is normalized by the exit pitch, where values
of zero and one represent the suction and pressure surfaces of the
blade, respectively. The value ofKexit* is less than one for both the
two-dimensional and three-dimensional wakes across the entire
pitch, indicating that a wakemixing loss benefitis occurring.Kexit*
for the three-dimensional wake is greater than the two-
dimensional wake. This is primarily the result of the increase in
the value of thev1v1 component of the deterministic stress. At the
inlet, thev1v1 stress component is zero, since there is no spanwise
velocity component of the disturbance. Near the suction surface,
Kexit* is essentially identical for both two-dimensional and three-
dimensional disturbances. The smaller value ofKexit* near the pres-

Fig. 8 Distribution of normalized K exit for the 40 deg turbine
„no viscosity …

Fig. 9 Transport of disturbances through GE-LSRC with uw
ÄÀ49.7 deg
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sure side indicates that the wake is being stretched more locally
than near the suction side of the passage. In addition, the larger
value of w1w1 near the suction side indicates a more pitchwise
orientation of the disturbance. This can be seen in Fig. 9.

In order to determine the effects causing the change inK from
inlet to exit, the transport equation can be written as

Transport of K5~DK by mean flow gradients!

1~DK by unsteady pressure!

1~DK by viscosity!.

To determine the various effects onK, the appropriate terms in
the transport model are turned off. For example, to determine the
mean flow gradient effect onK, the unsteady pressure and viscous
terms are turned off. Figure 11 shows the various effects causing
the decay ofK for both two-dimensional and three-dimensional
wakes. The line on the far right is the inviscid decay inK caused
by mean flow gradients alone, reducingK to approximately 60
percent of its inlet value. Notice that the decay is identical for
both two-dimensional and three-dimensional wakes. This is be-
cause the mean flow is two dimensional, and no velocity distur-
bance exists upstream in the spanwise direction, resulting in no
mechanism to increase the value ofv1v1. When the unsteady
pressure effects are considered,K is decayed even further; how-
ever, with the unsteady pressure term modeled, there is a differ-
ence inK for the two-dimensional and three-dimensional wakes.
As described above, this is primarily caused by the increase in the
v1v1 component of the deterministic stress caused by the coupling

of the transport equations through the unsteady pressure term.
Finally, when viscous effects are considered,K is decayed even
further. For a three-dimensional wake, the viscous mixing has a
larger effect than for the two-dimensional wake. The resulting
Kexit* is ultimately the mixing loss associated with the upstream
disturbance, which is approximately 20 percent of the inlet value.
The inviscid effects reduced the mixing loss by approximately 60
percent. However, the viscous mixing within the passage must be
taken as a loss. Both the inviscid effects and viscous effects are
comparable in terms of the decay inK; therefore, both effects
must be considered when modeling the recovery process. One
final note on recovery in compressors is that the upstream distur-
bance is almost completely attenuated by its interaction with a
downstream blade row.

Turbine Recovery Predictions

Effect of Inlet Wake Angle on Recovery.Consider again the
results of the 40 deg turbine cascade case shown in Fig. 7, where
the effects of viscosity are neglected. An inlet wake angle of 0 deg
represents the limit of zero wheel speed, and an inlet wake angle
of 90 deg represents the limit of infinite wheel speed. The
pitchwise-averagedK associated with the wake is greater than one
for most of the inlet wake angles. This means that the wake mix-
ing loss is increased as a result of the encounter with the blade
row resulting in a mixing loss increase. Near 0 deg, the steady
flow limit, K, is being reduced. This can be explained as follows.
The wake is traveling downstream and is being stretched by the
acceleration of the mean flow, resulting in a decrease in the wake
depth and therefore a decrease in the wake mixing loss. Turbines
typically have inlet wake angles in the neighborhood of 45 deg. At
this point, the mixing loss of the wake is increased by a factor
greater than 2. Notice, that the mixing loss is sensitive to inlet
wake angle, which is not the case for the compressor~Fig. 5!.

Recovery Within a Turbine Rotor.The geometry is of a low-
speed turbine rotor designed by Pratt & Whitney@19#. The turbine
rotor is characterized by an inlet flow angle of235 deg, and exit
flow angle of 57 deg, and a solidity of 1.13. The geometry is
shown in Fig. 12. The inlet wakes are identical to the compressor
blade of the previous section for comparative purposes.

Figure 12 shows the transport of the wakes through the turbine
rotor by the mean flow in the blade-to-blade plane. The inlet dis-
turbance angle is260 deg, resulting in values for the inlet deter-
ministic stresses foru1u1, u1w1, andw1w1 of 0.250, 0.433, and
0.750, respectively. Any deterministic stress involving the span-
wise component of the unsteady velocity is zero. It is obvious that
this picture of the wakes transporting through the turbine is quite
different from that of the compressor~Fig. 9!. As the wakes ap-
proach the leading edge plane of the blade, they begin to bow near
midpitch due to the acceleration of the flow. As they convect
downstream, they become significantly distorted. The wake is be-
ing stretched near the blade surfaces, but it is not clear over how
much of the passage the stretching occurs, and where if any com-
pression of the disturbance is taking place. In the compressor case,
it was clear that the wake segments were being stretched. This
significant distortion calls into question the validity of Smith’s
model, which assumes that the wakes remain straight as they are
transported through the passage. This also helps explain why
Smith’s model overpredicts the mixing loss as shown in Fig. 7.
Some recovery must be occurring near the blade surfaces by the
stretching of the wake segments, which Smith’s model does not
take into account.

Figure 13 shows the unsteady kinetic energy components of the
deterministic stress as well asKexit* as a function of pitch for both
two-dimensional and three-dimensional wakes. This calculation is
from the inviscid form of the transport model. Over most of the
passage, the value ofKexit* is greater than one indicating an ampli-
fication of K is occurring. As in the case of the compressor,Kexit*
for the three-dimensional disturbance is greater than the two-

Fig. 10 Deterministic stresses versus pitch for GE-LSRC, no
viscosity

Fig. 11 Audit of normalized K exit versus pitch for GE-LSRC
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dimensional disturbance. This is caused by the increase in the
value of thev1v1 component of the deterministic stress. Thev1v1
component is the only component which is amplified near the
pressure surface. As seen in the compressor case, near the suction
surface, the value ofKexit* is identical for both two-dimensional
and three-dimensional wakes. Bothu1u1 and w1w1 components
are comparable in magnitude and are attenuated near the blade
surfaces. For a two-dimensional wake, over 40 percent of the
pitch near both the pressure and suction surfaces,Kexit* is less than
one, indicating that the wake is being stretched. In fact,Kexit* is

near zero, indicating that the wake is being stretched significantly.
The negative values are the result of numerical errors and are not
physical.

Figure 14 shows the various effects causing the change inK
from inlet to exit for both two-dimensional and three-dimensional
wakes. The line on the far right of Fig. 14 is the inviscid effect on
K caused by the mean flow gradient alone, and is the same for
both two-dimensional and three-dimensional wakes as discussed
above. Near the suction surface and from approximately midpitch
to the pressure surface, the value ofKexit* is very large. When the
unsteady pressure effects are considered,Kexit* is reduced signifi-
cantly, but it is still greater than one. The pressure–velocity term
does not have a large effect from the suction surface to near mid-
pitch. However, from midpitch to the pressure surface, the effect
is large. This further justifies the inclusion of a model for the
pressure–velocity term in the transport model. Finally, when vis-
cous effects are considered,Kexit* is reduced significantly across
the entire passage. For a two-dimensional wake,Kexit* is less
than one, indicating that amixing loss benefitis occurring,
with the pitchwise area average being approximately 0.39. For a
three-dimensional disturbance,Kexit* is greater than one, with
the pitchwise area average being approximately 2.55. The dif-
ference is caused primarily by the increase in thev1v1 component
of the stress. The limitation of the viscous model on spanwise
velocity disturbances prevents the decay of thev1v1 component
of the stress. The remainingKexit* is ultimately the mixing loss
associated with the upstream disturbance. The inviscid effects
increase the pitchwise area average exitK to 3.30 and 6.89 times
the inlet value for two-dimensional and three-dimensional wakes,
respectively. This large increase is reduced by viscosity. The
passage lossis significant when compared to themixing loss
benefit, and thus must be accounted for to establish the net benefit
of mixing.

Two points can be made with regard to disturbances inter-
acting with a downstream turbine blade row. First, a significant
passage lossis taken when a disturbance interacts with a
downstream turbine blade row. Second, the wakes persist after
passing through the blade row, which is contrary to what happens
in compressors.

Summary and Conclusions
A model was developed for the transport of upstream vortical

disturbances through a blade row. These disturbances are repre-
sented by the deterministic stresses described by Adamczyk@10#.
The transport model is based on incompressible, linear unsteady
flow theory, and is independent of the frequency of the distur-
bance. The models account for the unsteady pressure field and

Fig. 12 Transport of disturbances through PW-LPT with uw
Ä60 deg

Fig. 13 Deterministic stresses versus pitch for PW-LPT, no
viscosity

Fig. 14 Audit of normalized K exit versus pitch for PW-LPT.
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viscosity. The model was tested against analytical, numerical, and
experimental results with good agreement. The model is fast, al-
lowing turbomachinery designers to determine quickly how the
recovery process impacts a given design.

This research has answered the two questions posed in the In-
troduction by showing that the recovery process is causing a
change in the efficiency with a change in axial gap, and that the
flow physics is the result of unsteady flows. The model developed
adequately captures this process and can be used in the time-
averaged calculation of turbomachinery flows.

The conclusions for compressors are as follows:

1 K of the upstream disturbance is significantly reduced by
inviscid means for both the two-dimensional and three-
dimensional wakes considered, with more decay occurring in the
two-dimensional case. This is called recovery and leads to a sig-
nificant reduction in the wake mixing loss.

2 Viscosity acts to decay the disturbance further reducingK
and thus reducing the wake mixing loss. However, the decay of
the disturbance within the passage contributes to apassage loss.
Both viscous and inviscid effects act to reduceK and are compa-
rable in magnitude.

3 For a subsonic compressor blade row, the two-dimensional
and three-dimensional wakes considered are almost completely
attenuated as they exit the blade row. Therefore, the closer the
spacing between blade rows, the larger the efficiency, which
agrees with experimental observations@1,2#. In addition, clocking
or indexing of rotor or stator blade rows will have a minimal
impact on subsonic compressor performance, as demonstrated by
Barankiewicz and Hathaway@20#.

The conclusions for turbines are as follows:

1 K of the upstream disturbance is significantly reduced by
inviscid means for both the two-dimensional and three-
dimensional wakes considered, with more decay occurring in the
two-dimensional case. This recovery is negative because it leads
to a significant increase in the wake mixing loss.

2 Viscosity acts to decay the disturbance to approximately the
inlet value ofK. However, this decay is by viscous means and
contributes to a substantialpassage loss. Both viscous and invis-
cid effects are comparable in magnitude.

3 For a subsonic turbine blade row, the two-dimensional and
three-dimensional wakes considered persist after passing through
the blade row. Therefore, the wider the spacing between blade
rows, the larger the efficiency, which agrees with experimental
observations@3,4#. In addition, because wakes persist through
subsonic turbine blade rows, stage-to-stage interactions~clocking
effects! impact subsonic turbine performance. This is consistent
with the finding of Sharma et al.@4#.
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Nomenclature

C 5 contour for circulation calculation
Cv 5 constant for viscous calculation

GE-LSRC 5 General Electric Low Speed Research Comp.
K 5 time-averaged unsteady kinetic energy
L 5 pitch of blade row

PW-LPT 5 Pratt & Whitney Low-Pressure Turbine Rotor
S 5 Lagrangian coordinate~follows a fluid particle!

Ui , j ,k 5 mean flow velocities

b 5 width of the upstream disturbance
h2` 5 pitch of the upstream disturbance

k 5 reduced frequency
l 5 length of a disturbance segment
p 5 unsteady pressure

q2` 5 inlet mean flow speed
ui , j ,k,l 5 unsteady flow velocities

u0 5 axial component of mean flow
u1 5 axial component linear disturbance
v1 5 spanwise component of linear disturbance
vd 5 disturbance depth
w1 5 pitchwise component of linear disturbance

xi , j ,k, 5 coordinate
x 5 axial coordinate
y 5 spanwise coordinate
z 5 pitchwise coordinate
G 5 circulation
D 5 drift function
C 5 streamfunction
u 5 momentum thickness

u0 5 initial momentum thickness
uw 5 inlet disturbance angle~relative to axial dir!

u2` 5 inlet mean flow angle~relative to axial dir!
lB 5 disturbance wavelength in blade-to-blade plane
ls 5 disturbance wavelength in the spanwise direction
n t 5 turbulent viscosity
r 5 density
x 5 total pressure mixing loss coefficient

Subscripts

exit 5 @ exit to blade row
inlet 5 @ inlet to blade row

i 5 free index
j 5 free index
k 5 dummy index
l 5 dummy index

Superscripts

* 5 normalized with respect to inlet kinetic energy

Appendix A

Unsteady Pressure Terms. The derivation of the pressure-
velocity correlation is lengthy and is given in van de Wall@9#. It
involves the use of linear theory and a perturbation expansion
using 1/k as the expansion parameter, wherek is the wave number
of the incoming disturbance. The resulting expressions to lowest
order of 1/k are
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and similarly,
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The subscriptsi and j are free indices, whilek and l are dummy
indices. To lowest order, the correlation is independent of the
reduced frequency and involves a linear relationship in the de-
terministic stress. It introduces the Lagrangian Coordinate,S,
which is simply a coordinate that follows a collection of fluid
particles as they are transported downstream by the mean flow. It
is given as
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S[q2`D sin~2uw1u2`!1Y
lB

ly
1C cos~2uw1u2`!,

(A3)

whereq2` is the far upstream time-averaged flow speed,Y is the
spanwise coordinate, andC is the stream function. The angleu2`
is the inlet flow angle of the mean flow relative to the axial direc-
tion and uw is the inlet disturbance angle relative to the axial
direction. The inlet disturbance angle is the exit flow angle of the
preceding blade row. ThelB and ly are the wavelengths of the
incoming disturbance in the blade-to-blade plane and in the span-
wise direction, respectively. Withly nonzero, the three-
dimensional nature of the disturbance is taken into account. Fi-
nally, the drift function,D, is simply the time it takes a fluid
particle to travel a certain distance along a streamline (C
5const) and is defined as

D5E
c

ds

q
, (A4)

whereds is an infinitesimal distance along a streamline andq is
the local time-averaged local flow speed.

Viscous Terms. The viscous terms are modeled using the
similarity between the model of Hill et al.@11# for the decay of
the wake and the transport model. Their equations were rewritten
in the form of the transport equations in the present analysis. The
viscous contribution for the model was simply the viscous term
obtained from the equation in@11#. The resulting equations are
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In these equations, theh2` is the pitch of the upstream distur-
bance andb is the local disturbance half width. Theu0 is the
initial momentum thickness and theCv is a constant whose value
is obtained by comparing the transport model to the model of Hill
et al. @11# for a constant area duct@9# and is set to 0.3. The
quantity (v t /Usu) is set to 0.044 as in@11# analysis, where they
assumed that the eddy viscosity is constant across the wake. No-
tice that viscous terms are zero for any of the correlations involv-
ing the spanwise unsteady velocity component,v. This is a limi-
tation of the model. Note that the viscous terms are the only terms
in the transport model that involve a length scale of the distur-
bance. A comparison between the transport model and experimen-
tal data for NASA Stator37@21# is given in van de Wall@9# and
shows good agreement.

Appendix B

Inlet Disturbances. The two-dimensional blade wakes and
three-dimensional tip clearance flows from a preceding blade row
are used as inlet boundary conditions. The three-dimensional tip
clearance flows resemble an axisymmetric wake~three-
dimensional wake! and is essentially a defect in total pressure. It
can be described as a velocity deficit region; however, unlike a
two-dimensional wake, the vorticity is no longer purely spanwise.
No velocity disturbance exists in the spanwise direction. The re-
sulting inlet deterministic stresses are

u1u15
0.75

cosuw

b~y!

h2`
nd

2~y!cos2 uw , (B1)

u1w15
0.75

cosuw

b~y!

h2`
nd

2~y!cosuw sinuw , (B2)

and

w1w15
0.75

cosuw

b~y!

h2`
nd

2~y!sin2 uw , (B3)

with the remaining stresses set to zero.
For all the two-dimensional wake disturbances,nd50.225 and

b50.1. The three-dimensional disturbance was obtained from the
work of Valkov @18# for comparative purposes. It consisted of a
total pressure deficit region that extends over 60 percent of the
pitch and over 15 percent of the span centered at 90 percent span.
The maximum velocity defect at the center of the tip clearance
flow is 46 percent of the upstream exit rotor mean flow.
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Unsteady Transport Mechanisms
in an Axial Turbine
A numerical analysis using a commercial unsteady Navier–Stokes solver has been per-
formed on a pin/blade configuration, in order to assess the efficacy of a commercial code
in calculating time-periodic interactions and to gain a better understanding of the un-
steady flow physics in axial turbines. Two cases have been investigated, with the pin
positioned at 25 and 50 percent of true chord ahead of the leading edge. Both configu-
rations have been computed both two and three dimensionally. The two-dimensional case
was used to examine the influence of numerical parameters, such as mesh, time, and
space discretization. The three-dimensional case allowed insight into the complete flow
field including the wake influence on the secondary flow and mixing processes of the blade
row. The basic mechanisms of the wake–blade interaction proved, as expected, to be the
same for both pin positions. Yet, as the closest pin wake interaction with the blade field
was much stronger, its features have helped to identify the respective roles of wake fluid
transport and blade potential field for both cases. The latter effect, noticeably strong with
the thick leading edge blade form presented in this study, has often been neglected, and
this study helps shed new light on this phenomenon. The code used had been validated in
previous work for pin-free steady flow within the same blade row and the new time-
dependent case has served to confirm the code range and limitations.
@S0889-504X~00!02104-8#

I Introduction and Aims
Turbomachines must be inherently unsteady~at least in the ab-

solute frame of reference! in order to produce work. In fact, the
stagnation enthalpy of a particle can change only if the pressure
varies in time~see, for example,@1#!, which is a direct conse-
quence of the energy balance of the Navier–Stokes equations.
However, if the rotor row is considered isolated, the very same
flow will appear steady in the rotor fixed frame of reference.

Yet, turbomachines are formed by multiple rows, each of which
creates a disturbed, ‘‘unclean’’ environment for the preceding and
following rows. Only the analysis of the flow in this context can
give an insight into design failures. The interaction between blade
rows occurs in various manners: The one through the wake and
the potential field are considered in this paper.

The disturbances are generally convected downstream, because
the distance between blade rows is too small to allow them to mix
out. Thepotential fieldis felt both up- and downstream at about
one chord of distance, its strength depending on the Mach
number.

In general, the interpretation of the unsteady effects in turbines
is still a controversial subject. The common opinion says that
unsteadiness always brings a decrease in efficiency@2–5#, al-
though this has been also questioned at least for the adiabatic
efficiency @6#, because of the isentropic rearrangement of tem-
perature and pressure, known as energy separation.

I.1 Unsteady Transport Theories. Before entering into the
details of wake/blade-row interaction, a discussion of wake defi-
nition is appropriate. The question is not trivial as the next para-
graphs demonstrate that the modes of interaction change accord-
ing to what it is meant by wake.

If one considers a body in a fluid stream~for example the cyl-
inder in Fig. 1!, the interference between the two results in a
decrease of velocity behind the body. Due to viscous effects, the
local velocities become uniform at a certain distance behind the
body, when the wake can be considered mixed out. Thus, it was

decided to define a wake asany velocity deficit in the body-
relative frame of reference occurring in a space much smaller
than the one analyzed. This is the classical definition used by most
of the scientists, whose findings are briefly described hereafter.

This means that, if the instantaneous velocity field is decreased
of the undisturbed value, a wake looks like a backward-facing jet,
that is the so-called ‘‘negative jet’’~Fig. 1!. Meyer@7# was one of
the first to use the negative jet theory to explain the unsteady
behavior in compressor stages. Some years later, Kerrebrock and
Mikolajczak @8# observed that in a compressor the pressure side
presence hinders the wake transport and consequently the stator
wake fluid accumulates on the rotor pressure side. Thus, the wake
convected downstream by the free-stream velocity appears as a jet
to an observer placed on the hit-blade pressure side~suction side
if the blade belongs to a turbine!, where the velocity component
normal to the blade acts, changing both incidence and lift, tending
to decrease the load on a compressor blade~and analogously in-
crease it on a turbine blade!. The authors also stated that there is
a tendency for the wake fluid to be separated from the inviscid
flow rather than mix. This phenomenon persists in the blade row.

Since then many authors have confirmed the negative jet theory
in axial turbine as being the main unsteady transport mechanism
or regarded it as of secondary importance: No agreement on the
role of the unsteady fluid physics has yet been reached.

Recently, Hodson and Dawes@9# found that the wake transport
could be explained through convective mechanisms of fluid me-
chanics of a wake being chopped by the following row, bowed,
and sheared by the pressure/velocity fields. Entropy contours
showed uniformity outside the wakes, according to the authors,
due to the Eulerian energy separation, varying total temperature
and pressure isentropically. The velocity field created by the blade
row distorted the wake as the particles near the suction side were
accelerated more than those near the pressure side, but less than
those in the midpassage: the wake bows and shears. Bowing and
shearing are then a direct consequence of the blade loading: The
higher this is, the stronger the deformation of the wake.

As far as thesecondary flowdistortion due to the interaction
with an incoming wake is concerned, there are few data. Gallus
et al. @10# found that although a steady-stage computation with
mixing plane would compute the time-averaged flow field quite
accurately, the secondary flow distribution would be totally
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wrong, especially in terms of flow angles. In fact, the interaction
with the wakes of the preceding stage would drag the near-hub
vortex away from the endwall, modifying the entire flow distribu-
tion. A similar result was also found by McFarland et al.@11# in a
linear turbine cascade, who found that the wake passing enhanced
the transport of endwall fluid toward the midspan, as also reported
by Boletis et al.@2#.

I.2 Contribution. This work aims at contributing to the un-
derstanding of wake fluid transport and its effect on the secondary
flow formation. The loss production mechanism as specific to un-
steady environment is also discussed.

This aim is achieved through the numerical analysis of an an-
nular turbine cascade, where the rotor wakes are generated by a
pin wheel, which can be mounted in two locations at different
axial distances from the stator. This configuration has been chosen
because it corresponds to the experimental facility of the Labora-
tory of Turbomachinery of the ETH, Zurich.

The unsteady flow field is analyzed both in its two- and three-
dimensional characteristics, using several parameters such as the
wake velocity deficit, the flow angles, the absolute total and static
pressure coefficients, and the absolute total temperature.

Unsteady transport mechanisms are difficult to show on paper.
Please consider visiting our homepage at http://www.lsm.ethz.ch/
activities/RGP/first.htm.

The wake is identified through the velocity field, which basi-
cally means through the negative jet, without examining the mer-
its of whether this may represent the major unsteady transport
mechanism. Thus, in the absolute frame of reference:cnegative2jet
5c(t)2 c̄. It can be easily seen from Fig. 2 that this way an error
is introduced. In fact, all the idealized theories considered a field
where an undisturbed velocity can be always recognized, because
of massive geometric simplifications. This ideal velocity is impos-
sible to identify, and it would also be conceptually wrong to de-
fine one, in the highly three-dimensional field of a turbine stage.
By choosing a time-averaged velocity as reference an error is
introduced, where the effects of the negative jet are decreased and
the free-stream unsteadiness enhanced.

Other quantities cannot be used to identify a wake, especially in
a CFD environment. One problem is represented by the phenom-
enon of energy separation, which is an isentropic rearrangement
of total enthalpy and pressure, which occurs in unsteady flows.
Eckert@12# reports that whenever vortex shedding behind a blunt
body occurs, it results in energy separation, which is transported
downstream by the Karman vortex street. The Karman vortex

street can be neither measured nor computed properly. Thus, both
total enthalpy and total pressure cannot be used as a precise mean
of wake recognition.

Other quantities, such as entropy, are difficult to use in an un-
steady environment. The limitations, described in Baehr@13# and
Callen@14# concern the choice of a proper entropy formulation in
unsteady environment and as a local value in the case of highly
unsteady and strong accelerating flows, where, to the authors’
knowledge, equilibrium has not yet been proven.

II Cases and Tools

II.1 Test Case. The research blade is prismatic with the
leading edge mounted radially and a stagger angle of 54.5 deg
from tangential direction, of a type typically used in reaction-type
turbines. The operating point is at a nominal midspan exit Mach
number of 0.5.

A pin wheel is placed at two distances~Fig. 3! upstream of the
leading edge plane equivalent to 10 and 20 pin diameters. Some
geometric features of the cascade are described in Table 1.

II.2 CFD. The numerical analysis has been performed with
CFX-Tascflow, V2.8, by AEA Technology Ltd. This is a finite
volume three-dimensional Navier–Stokes solver, with a second-
order accurate upwind differencing scheme. Reynolds-stress aver-
aging is applied to the governing equations in strong conservation
form and the closure is implemented through the standardk–«
turbulence model. The near-wall region is resolved with the loga-
rithmic velocity profile. The flow is viscous and compressible,
computed in fully turbulent regime. This code has been applied
several times within the group in Zurich for steady-state compu-
tations@15–17#.

Fig. 1 Negative jet in relative frame of reference

Fig. 2 Error made by considering average velocity instead of
undisturbed velocity

Fig. 3 Configurations and block topologies

Table 1 Test case geometric parameters
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The grid, generated with ICEM CFD/CAE 3.3, is block-
structured and has three blocks, as in Fig. 3: The pin has been
blocked off within the inlet block; the blade is obtained by a
combination ofH andC-type grids. This allows an improvement
of cell orthogonality at the leading and trailing edges, as well as a
better control on node density and distribution in these areas. An
example of these grids is shown in Fig. 4 for the two-dimensional
computations, where 40K nodes were used. For the three-
dimensional computations~Fig. 4!, a three times coarser grid on a
two-dimensional plane was employed with 29 planes in the radial
direction. Yet, the computations on the two-dimensional basis
were in good agreement, where the wake velocity deficit mixed
out faster on the coarser grid. The three-dimensional mesh reso-
lution allowed the computation of all the fluid dynamic structures
~proven in previous publications and in particular in
Casciaro@16#!.

For the three-dimensional computations, the first near-wall
node has been positioned so thaty1.30, even if it is well known
that the logarithmic velocity profile does not apply at all to un-
steady flow fields.

Numerical Boundary Conditions.At the inlet ~ahead of the
pin, Fig. 3!, the absolute total pressure profile, constant absolute
total temperature, 2 percent turbulence intensity, and 5 mm eddy
length scale are imposed. Ahead of the pin, the absolute direction
is axial and therefore no extra swirl is introduced in the domain.
The inlet boundary layer thickness is 10 percent of span.

At the outlet, a time-constant static pressure profile, obtained by
a linear fitting of the hub and tip experimental values~without the
pin!, is imposed. It was assumed that one chord downstream of
the trailing edge, the static pressure had leveled out, as shown by
the steady-state measurements.

The Rotor/Stator Interface.The interface between the two
grids ~the grid with the rotating pin and the one with the stator!,
where the reference system changes, should be ‘‘transparent’’ to
the computations. Instead, a second-order interpolation error oc-
curs. In order to quantify it consider Fig. 5, where the axial ve-
locity of PIN1 computed at two stations: 1/4~upstream of the
interface! and 1/2~downstream of the interface; visual help from
Fig. 3! at one time step~irrelevant for the specific considerations!
is compared and contrasted to the minimum wake velocity ex-
pected by applying Dullenkopf’s model of wake deficit@18#. It
can be noticed that at 1/4~upstream of the interface!, the wake
deficit appears much deeper than theoretically expected~about 23
percent!. Yet, at 1/2 the wake deficit has become weaker~about
13 percent! compared to the theoretical value. If the theoretical
wake is compared at both stations to the computed one, it is clear
that the effects are devastating on the wake: While theoretically
the axial velocity should decrease only a few percentage points,
computationally it loses 2/3 of its deficit. However, the strong
mixing cannot be attributed only to the interface, but also to the
turbulence model and to mesh effects. Considering the velocity
deficit in Fig. 5 and Dullenkopf’s correlation, it can be computed
that the wake at 3/4 corresponds in terms of thickness and deficit
to a ‘‘fictitious’’ wake generated by a pin of diameter 1.9 mm and
positioned nearly one true chord upstream of the leading edge.
Similar effects are to be observed on all computed quantities.

III Velocity Field
Subtracting the time-averaged field from the time-dependent

one, the disturbance field, or unsteady velocity field, is obtained.
Figure 6 shows this unsteady velocity field at midspan for PIN2,
where PIN1 presents the same physical mechanisms, yet quanti-
tatively weaker. The wake appears strongly sheared for two op-
posite reasons: the blade potential field locally creating an adverse
pressure gradient and the downstream accelerating blade environ-

Fig. 4 Details of pin „a… and leading edge „b… grids or two-
dimensional computations „from topology in Fig. 3 …. Outlet grid
„c… for three-dimensional cases „same topology …. Figures not to
same scale.

Fig. 5 Axial velocity: comparison of computed and theoretical
values, expected with Dullenkopf’s model, for PIN1
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ment. The wake is observed spending 20 percent of a period in-
teracting with the leading edge, without anchoring,1 because of
the downstream convection. It can be noted that once the wake
has hit the leading edge, two regions form, the first on the pressure
side and then, at the wake chopping, on the suction side, with very
low unsteadiness. These regions can be calledquiescent, because,
considering the way the unsteady velocity field has been defined,
they represent areas where the flow does not deviate much from
the time-averaged value and thus can be considered as areas
where the unsteadiness is damped. The birth of the quiescent
zones can be associated with the feeding mechanisms of the nega-
tive jet. In fact, as the negative jet course is interrupted by the
wall, feeding and discharge action starts for continuity reasons
~Fig. 7 gives a schematic of this mechanisms!. Yet, most of the
feeding and discharge comes with the main flow direction~down-
stream!, while little happens ahead of the wake for the feeding and
behind it for the discharge. This means that convection is regulat-
ing the negative jet structure.

The quiescent regions are different from each other: On the
pressure side this is quite extended, to a maximum of half a chan-
nel; on the suction side this thins out quickly, but residence time is
longer before fading out at the trailing edge. For PIN2 these zones
are more extended than for PIN1 and they do not fade out at the
trailing edge, where they are evident on both suction and pressure
sides. It would be reasonable to hypothesize that these zones
travel downstream at the local time-averaged velocity, according
to a convective mechanism. Instead, they travel somewhat faster
and nearly at the same average rate~e.g., for PIN1 about
2.2cx_inlet on the pressure side and 2.4cx_inlet on the suction side
at midspan!. Their speed could be associated with a balance of

various phenomena, such as: the pin tangential speed~of about
2 cx_inlet at midspan! and the convective speed, which is higher on
the suction side than on the pressure side. These quiescent regions
appear to play a central role in the unsteady transport of wake
fluid. In fact, from Fig. 6, it can be observed that the unsteady
transport assumes anS shape, transporting low momentum fluid
from suction to pressure side, or vice versa, according to the qui-
escent zone’s position. Finally, it is stressed that because the
mechanism observed in Fig. 7 is the same for both pin configura-
tions, it is believed to be independent of wake decay.

1It seems necessary to define the meaning of anchoring. Considering a deficit of
thicknessd normal to the flow direction and moving downstream, the deficit is
considered ‘‘anchoring’’ on the leading edge when its residence time on the leading
edge is bigger than the time needed for the disturbance thickness to flow down-
stream.

Fig. 6 Negative jet at midspan for PIN2

Fig. 7 Schematics of negative jet feeding mechanisms

Fig. 8 Absolute vectors near leading edge over one period for
PIN2
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As far as the leading edge area is concerned, the changes in
direction of unsteady transport near the stagnation point regard
nearly a 180 deg turn on one period, as shown by means of
absolute-velocity vectors in Fig. 8. If leading edge cooling were
necessary, the coolant flow will go either on the pressure or on the
suction side during a wake-passing period. Yet, this does not rel-
evantly change the blade loading.

IV Potential Field
The type of blade under investigation presents a thick leading

edge and thus a strong potential field extending upstream.
]p/]t has been observed to be at the lowest in the quiescent

regions and maximum near the location where the unsteady trans-
port changes directions~compare Fig. 7!. The leading edge also
appears to be quite unsteady, showing high gradients of time-
dependent pressure from the moment the wake hits it and for more
than half a period. The trailing edge, on the contrary, is observed
to be highly unsteady only for a shorter time. Most of the time the
unsteady pressure field extends across the channel instead of be-
ing near the blade walls.

This unsteady behavior of the pressure field is also reflected on
the blade loading. The unsteady field loading is less than the
steady one~equals to a maximum difference in approach Mach
number of 0.035! probably due to the velocity deficit introduced
by the pin wake. Furthermore, on a time-averaged basis, the blade
appears to be even more back-loaded, which could be explained
reconsidering the unsteady transport mechanism~Fig. 7!. How-
ever, the blade loading for PIN2 does not seem more disturbed
than the loading for PIN1. The maximum load variation is only
negligibly bigger than the one of PIN1. This is probably due to the
particular blade geometry, which has been shown to be insensitive
to inlet angle variations@16#, where the leading edge is particu-
larly loaded but the blade geometry damps the unsteadiness. It can
be concluded that blade leading edges designed to be less sensi-
tive to inlet angle variations@19# will be also more efficient in
time-periodic flow fields, because they are less reactive to these
and thus operate closer to the design point.

The difference of Cp at discrete locations on the blade~monitor
points! is enhanced in Fig. 9. It can be noticed first that the PIN2
loading change is stronger in comparison to PIN1. A strikingly
different behavior is to be observed near the leading edge.

Fig. 9 Static pressure coefficient versus nondimensionalized time at midspan „three periods are represented …
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V Absolute Total Pressure Field
Figure 10 shows the absolute total pressure field for the two-

dimensional computations of PIN1 at midspan. It can be seen that
the wake centerline undergoes a direction and width transforma-
tion due to the interaction with the blade field and the wake ap-
pears much more influenced by the shear action of the accelerat-
ing flow. Comparing time steps 15/30T and 22/30T in Fig. 10, the
wake is seen first deviating against the flow direction and then

drawn into the blade row, its width increasing. As far as PIN1 is
concerned, the absolute total-pressure wake anchors on the lead-
ing edge starting at 7/30T, although the interaction with the lead-
ing edge appears earlier than that, already at 28/30T ~compare
1/30T!. This early interaction appears to establish a bubble of
sound flow on the suction side, which affects the anchoring pro-
cess. In fact, while on the pressure side the wake moves down-
stream, it appears to be blocked for a while on the suction side.
The wake spends half of a period on the leading edge. It is im-
portant to stress that although the suction side presents a faster
fluid, the total-pressure ‘‘wake’’ on this side starts moving only
after having been chopped~occurring at 11/30T for PIN1!. Thus,
as seen at 15/30T, the wake segment reaches the trailing edge first
on the pressure side than on the suction side. For PIN2~Fig. 10!
on the other hand, an interaction pin/blade can always be ob-
served. The absolute total pressure wake is estimated hitting the
leading edge at about 15/30T and being chopped at 24/30T. Yet,
it can be seen that the residence time on the suction side is long
enough to bring an interaction with the following pin wake.

From Fig. 10 it can be also seen that the blade field drives the
total pressure difference2 from the pressure to the suction side
showing an accumulation of this onto the suction side. Observing
these results, in the optic of the wake-fluid unsteady transport
mechanism of Fig. 6, it can be concluded that the final balance is
determined not only by the wake characteristics, but also by the
blade loading and, thus geometry.

Figure 11 shows the time-averaged total pressure coefficient. It
can be seen that besides grid effects modifying the wake thick-
ness, the deviation from the steady state flow increases when the
pin is positioned closer to the leading edge.

2This term is preferred to loss, because the total pressure changes do not represent
a loss in an unsteady flow field, due to energy separation effects.

Fig. 10 Absolute total pressure contours for PIN1 „above … and PIN2 „below …

Fig. 11 Absolute total pressure coefficient at midspan 1 Õ6th
axial chord downstream of trailing edge
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VI Temperature „and Equivalently Enthalpy… Field
The wake presents the highest static temperature and in the

absolute frame of reference the highest total temperature. This can
create a phenomenon similar to hot streaks and has brought to the
idea of trailing edge cooling through cold flow injection@20#.

The temperature changes are more gradual in comparison to the
changes of other flow quantities, i.e., they never have strong and
sudden gradient and also oppose more inertia.

The static temperature is, as expected, at the highest near the
leading edge with about 305 K. An area of high static temperature
is always present near the leading edge.

In terms of total temperature, two ‘‘tongues’’ have been ob-
served~Fig. 12!: the wake and the sound flow. The latter presents
a lower total temperature, but the gradient to the wake is smooth.
Both the ‘‘tongues’’ anchor, although the chopping appears to
occur before the anchoring, probably because of the acceleration
in the middle of the channel favoring the temperature mixing.
Considering for example PIN1, the wake is chopped at 26/30T
and two segments proceed downstream: one from the pin with a
free end and one from the free end to the suction side. The phase
of their evolution is a little postponed in respect to the other flow
quantities. In fact the wake is observed to be clearly anchored
between 13/30T and 24/30T. Afterward, the wake moves on the
pressure side, leaving a little bubble of high total pressure on the
suction side, which is transported downstream and grows until
13/30T. At this point, this bubble merges again with the wake
segment and a new blade-to-blade segment is formed.

As far as PIN2 is concerned, the temperature field is analogous
in all respects to the one described for PIN1.

VII Secondary Flow and Other Aspects of Three-
Dimensional Field

Considering the three-dimensional velocity field, the obvious
must be stated: This is influenced by the wake being skewed,
because of the boundary layer velocity profile and the radial grow-
ing tangential velocity. This is quite relevant in this configuration,
because of the thick incoming boundary layers influencing the
secondary flow formation.

The shape of the incoming wake can be seen in Fig. 13, where
the quiescent zones at two representative time steps are repre-
sented. The physics of the development and downstream transport
is analogous to the two-dimensional behavior described in the
preceding paragraphs. Yet, unlike the steady-state computations,
the flow is nowhere two-dimensional~not even at midspan! and a
radial component from casing to hub always exists. It can be
observed that, on the suction side, the quiescent zones affect only
the center part of the blade, while on the pressure side these ex-
tend over the entire span. The behavior on the suction side can

actually be given two meanings. First, it could be a representation
of higher unsteadiness; second, it could also indicate the presence
of a strong quasi-steady secondary vortex, whose position changes
little in time ~but enough because of the vector-angle change in a
swirling structure!. On the pressure side, the deformation of the
quiescent zones can also be seen, occurring because near the end-
walls the wake hits the leading edge afterward, due to the velocity
triangle.

As far as the secondary flow structures are concerned, a rel-
evant radial migration has been observed~Fig. 14, top part!. At
the trailing edge the loss core has been detected at 6.5 percent of
span ~hub structure! and 86.3 percent of span~tip structure!,
where the latter has doubled its radial distance from the endwall in
comparison to the steady case. As the wall suction side static
pressure can be used to detect the horseshoe vortex suction side
leg movement, this is shown in Fig. 14~bottom part!, where the
steady-state static pressure coefficient is compared to the time-
averaged one.

This radial migration continues also downstream for the near-
tip vortical structures and reaches 81.6 percent of span at 1/6th of
axial chord downstream of the trailing edge. Yet, it is practically
unchanged in time. This could be a relevant observation for de-
sign purposes, showing that the secondary flow vortical structure
present an inertia stronger than the time-dependent flow varia-
tions, probably due to the vorticity being higher than the unsteady
forces. The migration of the secondary flow toward the inner parts
of the channel has been observed by other authors@21#, yet it

Fig. 12 Total temperature for PIN1 at midspan at 23 Õ30T

Fig. 13 Quiescent zones „as isosurfaces for 1 percent of aver-
aged unsteady velocity field … near wall on suction side at
12Õ30T and pressure side 29 Õ20T for PIN1. In the top picture a
cut at 1 Õ4 can also be seen, with unsteady velocity field, show-
ing incoming wake shape.
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cannot be demonstrated by means of CFD results only that it
depends exclusively on the physics. In fact, for steady flow fields
it has been shown thatk–« type turbulence models tend to move
vortical structures away from the walls. Thus, as the turbulence
model used for the computations has been calibrated on steady
flows, the same effect could be expected. The grid effects are
believed to be of secondary importance because of the appropriate
node distribution shown in Fig. 3.

Three-dimensionally, the wake represents always a way for
low-momentum fluid to be transported radially inward. This is
true both in steady and unsteady state and thus it represents more
or less a ‘‘wall,’’ which other transport mechanisms have to cope
with. For all the analyzed quantities, it has been noticed that there

is little mixing between the disturbance field created by the in-
coming wakes and the blade wake. Thus the disturbances seem to
stand on the wake.

VIII Summary and Conclusions
The interaction between the wake created by a pin wheel and a

turbine stator has been analyzed using CFD. The pin has been
positioned at two axial locations upstream of the leading edge
plane in order to investigate the effects of row spacing.

It has been observed that the wake is best defined through the
velocity field. The following conclusions can be drawn:

• The wake does not anchor at the leading edge. The absolute
total temperature and total pressure fields associated with it
do;

• When the wake hits the leading edge, two zones are created
with low unsteadiness. These have been called quiescent;

• The unsteady transport mechanisms seems guided by the cre-
ation and downstream movement of these quiescent zones;

• The quiescent zones have been shown to be dependent upon
the feeding and discharging mechanisms of the negative jet;

• A coupling of the two pressure fields~pin and blade! exists. It
would be interesting to investigate a blade/blade coupling;

• The secondary flow structure moves radially inward, but it is
very stable in time~as far as total pressure loss values and
core position!.

As the physics observed in this research is the same for both pin
configurations, it is believed to be independent of wake decay.
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Nomenclature

CFD5 computational fluid-dynamic
LE 5 leading edge
PS 5 pressure side
SS 5 suction side
TE 5 trailing edge

« 5 turbulent dissipation rate
k 5 turbulent kinetic energy
u 5 tangential location, deg

Cp 5 static pressure coefficient52(p1
02p)/(p1

02p1)
DCp

0
5 total pressure coefficient5(p1

02p0)/(p1
02p1)

cx 5 absolute axial velocity, m/s
cw 5 minimum wake velocity, m/s
p 5 static pressure, Pa

p0 5 total pressure, Pa

Subscripts and Superscripts

1 5 inlet ~one axial chord ahead of the LE!
- 5 time-averaged
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Nachlauf-stro¨mungen auf den Wa¨rmeübergang konvektiv geku¨hlter Gasturbi-
nenschaufeln,’’ Ph.D. thesis, Universita¨t Karlsruhe, Germany.

@19# Casartelli, E., 1999, ‘‘Dreidimensionale Diffusorstro¨mung im Radialverdich-
ter, numerisch untersuch,’’ Ph.D. thesis No. 13056, ETH, Zurich, Switzerland.

@20# Rose, M. G., and Harvey, N. W., 2000, ‘‘Turbomachinery Wakes: Differential
Work and Mixing Losses,’’ ASME J. Turbomach.,122, pp. 68–77.

@21# VKI Lecture Series 1998-08, 1998, ‘‘Blade Row Interference Effects in Axial
Turbomachinery Stages,’’ Von Karman Institute for Fluid Dynamics.

612 Õ Vol. 122, OCTOBER 2000 Transactions of the ASME

Downloaded 01 Jun 2010 to 171.66.16.63. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Daniel J. Dorney
Virginia Commonwealth University,

Department of Mechanical Engineering,
Richmond, VA 23113

Douglas L. Sondak
Boston University,

Office of Information Technology,
Boston, MA 02215

Effects of Tip Clearance on Hot
Streak Migration in a
High-Subsonic Single-Stage
Turbine
Experimental data have shown that combustor temperature nonuniformities can lead to
the excessive heating of first-stage rotor blades in turbines. This heating of the rotor
blades can lead to thermal fatigue and degrade turbine performance. The results of recent
studies have shown that variations in the circumferential location, or clocking, of the
first-stage vane airfoils can be used to minimize the adverse effects of the hot streaks due
to the hot fluid mixing with the cooler fluid contained in the vane wake. In addition, the
effects of the hot streak/airfoil count ratio on the heating patterns of turbine airfoils have
been quantified. In the present investigation, three-dimensional unsteady Navier–Stokes
simulations have been performed for a single-stage high-pressure turbine geometry op-
erating in high subsonic flow to study the effects of tip clearance on hot streak migration.
Baseline simulations were initially performed without hot streaks to compare with the
experimental data. Two simulations were then performed with a superimposed combustor
hot streak; in the first the tip clearance was set at the experimental value, while in the
second the rotor was allowed to scrape along the outer case (i.e., the limit as the tip
clearance goes to zero). The predicted results for the baseline simulations show good
agreement with the available experimental data. The simulations with the hot streak
indicate that the tip clearance increases the radial spreading of the hot fluid, and in-
creases the integrated rotor surface temperature compared to the case without tip clear-
ance.@S0889-504X~00!02204-2#

Introduction
Hot streaks are known to have a significant impact on the wall

temperature distributions of first-stage turbine rotors. The migra-
tion of hot streaks through turbines has been simulated by many
researchers including Krouthen and Giles@1#, Rai and Dring@2#,
Takahashi and Ni@3,4#, Dorney et al.@5–7#, Gundy and Dorney
@8#, and Shang et al.@9#. While these numerical simulations have
produced significant insights into the mechanisms controlling hot
streak migration, there is still a significant amount of research
needed to formulate design criteria for minimizing the adverse
effects of hot streaks. Most simulations have been performed at
low-speed conditions, but additional physics can come into play at
actual operating conditions.

Some of the earliest experimental investigations of hot streaks
were performed on a high-speed turbine by researchers at NASA
Lewis Research Center~Whitney et al.@10#, Schwab et al.@11#,
Stabe et al.@12#!. The goal of these experiments was to study the
effects of typical nonuniform inlet radial temperature profiles on
the performance of axial turbines. The inlet radial temperature
profile in the experiment was produced using a Combustor Exit
Radial Temperature Simulator~CERTS! inlet, which injected cool
air through circumferential slots in the hub and tip endwalls up-
stream of the vane. In addition to a total temperature profile, a
total pressure profile was generated using the CERTS inlet~see
Figs. 1 and 2!.

The focus of the present effort has been to study the effects of
tip clearance on the migration of combustor hot streaks. The goal
is to quantify the modification to rotor heating patterns caused by
variations in tip clearance. Therefore, the focus will be on the
overall effects of tip clearance, not the details of the flow in the tip
gap. The NASA CERTS geometry was chosen as the test article

for the current simulations because the flow conditions are repre-
sentative of an actual engine environment. Simulations have been
performed with the original CERTS profile, as well as with a
discrete hot streak superimposed on the CERTS profile. Time-
averaged and unsteady temperature data have been analyzed, as
well as comparisons with available experimental data.

Numerical Method
The governing equations considered in this study are the time-

dependent, three-dimensional Reynolds-averaged Navier–Stokes
equations. The viscous fluxes are simplified by incorporating the
thin layer assumption@13#. In the current study, viscous terms are

Contributed by the International Gas Turbine Institute and presented at the 45th
International Gas Turbine and Aeroengine Congress and Exhibition, Munich, Ger-
many, May 8–11, 2000. Manuscript recieved by the International Gas Turbine Insti-
tute February 2000. Paper No. 2000-GT-441. Review Chair: D. Ballal. Fig. 1 CERTS total temperature profile
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retained in the direction normal to the hub and shroud surfaces,
and in the direction normal to the blade surfaces. To extend the
equations of motion to turbulent flows, an eddy viscosity formu-
lation is used. The turbulent viscosity is calculated using the two-
layer Baldwin–Lomax@13# algebraic turbulence model.

The numerical algorithm used in the three-dimensional compu-
tational procedure consists of a time-marching, implicit, finite-
difference scheme. The procedure is third-order spatially accurate
and second-order temporally accurate. The inviscid fluxes are dis-
cretized according to the scheme developed by Roe@14#. The
viscous fluxes are calculated using standard central differences.
An approximate-factorization technique is used to compute the
time rate changes in the primary variables. In addition, Newton
subiterations are used at each global time step to increase stability
and reduce linearization errors. For all cases investigated in this
study, one Newton subiteration was performed at each time step.
Further details on the numerical procedure can be found in Dor-
ney et al.@5,6,15#.

The Navier–Stokes analysis uses O- and H-type zonal grids to
discretize the flow field and facilitate relative motion of the air-
foils. The O-grids are body-fitted to the surfaces of the airfoils and
generated using an elliptic equation solution procedure. They are
used to resolve the viscous flow in the blade passages properly
and to apply the algebraic turbulence model easily. Algebraically
generated H-grids are used to discretize the remainder of the flow
field.

The code has been parallelized using the Message Passing In-
terface~MPI! library. In the current implementation, the solution
is decomposed by blade row, blade passage, or individual grid
depending on the number of processors available.

Boundary Conditions
The theory of characteristics is used to determine the boundary

conditions at the inlet and exit of the computational domain. At
the inlet, the total pressure, total temperature, and the circumfer-
ential and radial flow angles are specified as a function of radius.
The upstream running Riemann invariant is extrapolated from the
interior of the computational domain.

For simulations containing inlet hot streaks, the flow variables
within the hot streak must be modified. Within the hot streak, the
inlet flow variables used to define the specified boundary condi-
tions can be written as

uhs5u`AThs /T` vhs5v`AThs /T`

whs5w`AThs /T` Phs5P` (1)

ahs5a`AThs /T` rhs5r` /~Ths /T`!

whereThs is the temperature within the hot streak andT` is the
temperature of the undisturbed inlet flow. The static and total
pressures within the hot streak are assumed to be equal to those of

the undisturbed inlet flow@16#. In the current investigation two
different hot streak configurations have been implemented. The
first configuration used the original CERTS profiles to allow com-
parisons with experimental data, while in a second set of simula-
tions a discrete hot streak was superimposed on the CERTS pro-
files to model engine conditions more realistically.

The superimposed hot streak is circular in shape with a diam-
eter equal to 50 percent of the span. The temperature profile
within the hot streak is based on a hyperbolic tangent distribution
with the center located at 40 percent of span. This distribution is
consistent with the one described by Butler et al.@16#, although
actual temperature profiles are dependent on the design of the
combustor. The hot streak was aligned circumferentially with the
leading edge of a vane.

At the exit the circumferential and radial velocity components,
entropy, and the downstream running Riemann invariant are ex-
trapolated from the interior of the computational domain. The
pressure ratio,P4 /Pt1 , is specified at midspan of the computa-
tional exit, and the pressure values at all other radial locations are
obtained by integrating the equation for radial equilibrium. Peri-
odicity is enforced along the outer boundaries of the H-grids in
the circumferential direction.

No-slip boundary conditions are enforced at the hub and tip end
walls, and along airfoil surfaces. It is assumed that the normal
derivative of the pressure is zero at solid wall surfaces, and that
the walls are adiabatic.

The flow variables at zonal boundaries are explicitly updated
after each time step by interpolating values from the adjacent grid.

Geometry and Grid
The CERTS test turbine was a 0.767 scale rig modeling the first

stage of a two-stage core turbine designed for a modern high
bypass ratio engine. The design criteria for the model were to
accommodate the high-work, low-flow characteristics for this type
of turbine and achieve a subsonic design with reasonable blade
height. The vane has a constant section~untwisted!, and was de-
signed for a constant exit flow angle of 75 deg from axial. The
rotor leading edge was designed to accept the vane exit flow with
either zero or small negative incidence. The rotor exit was de-
signed for free vortex flow. The design conditions for the turbine
are shown in Table 1.

The inlet radial temperature profile in the experiments was pro-
duced using the CERTS inlet, which injected cool air through
circumferential slots in the hub and tip endwalls upstream of the
vane~see Fig. 1!. In addition to a total temperature profile, a total
pressure profile was generated using the CERTS inlet~see Fig. 2!.
The ratio of the maximum total temperature to the average total
temperature was approximately 1.05, and the ratio of maximum-
to-minimum total temperature was approximately 1.20. The peak
Mach number in the turbine was in the high subsonic range, ap-
proximately 0.92.

A total of four computations were performed. In the first two
simulations the baseline CERTS flow conditions were run with:
~1! the actual tip clearance, and~2! the rotor scraping the outer
casing~the limit as the tip clearance approaches zero!. In the third
and fourth simulations a discrete hot streak was added to the
simulations and computations were again performed with the ac-
tual tip clearance and the rotor scraping the outer casing~see
Fig. 3!.

Fig. 2 CERTS total pressure profile

Table 1 CERTS flow conditions

Inlet total temperature 672.2 k
Inlet total pressure 3.1033105 Pa
Mass flow 6.130 kg/s
Specific work 1.2293105 J/kg
Rotational speed 11,373 rpm
Total pressure ratio 2.360
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The experimental configuration has 26 vane airfoils and 48 ro-
tor airfoils. A three-dimensional computation of the flow through
the complete turbine configuration would be prohibitively expen-
sive. To reduce the cost of the computation, the number of vanes
in the first row was decreased to 24 and the size of the vane was
increased by a factor of 26/24 to maintain the same blockage. In
the simulations with only the CERTS profile, a one-vane/two-
rotor airfoil count ratio was used, while in the simulations with the
superimposed hot streak a two-vane/four-rotor ratio was used to
allow a more realistic configuration of one hot streak for every
other vane passage.

Two views of the grids used to discretize the hot streak flow
field are shown in Figs. 4 and 5~every other grid point has been
removed for clarity!. The O-grids each contain 121 points in the
wrap-around direction, 31 points in the surface-normal direction,
and 51 points in the radial direction. The H-grids for the vane and
rotor regions each contain 86 points in the axial direction, 51
points in the circumferential direction, and 51 points in the radial
direction. The H-grid used to discretize the outlet region of the
turbine stage contains 14 points in the axial direction, 41 points in
the circumferential direction, and 51 points in the radial direction.
In the simulations in which the tip clearance region was dis-
cretized, the clearance O-grid contained 121 points in the wrap-
around direction, 17 points normal to the collapsed centerline, and
7 points in the radial direction~see Fig. 6!. The axial and circum-
ferential grid dimensions necessary to resolve convected wakes
and hot streaks were determined using a two-dimensional analy-
sis. The average value ofy1, the nondimensional distance of the
first grid point above a surface, was approximately 1.5 for the
airfoil surfaces and 3.0 for the endwall surfaces. The total number

of grid points used to discretize the turbine flow field for the cases
with the CERTS profile alone was approximately 1.27 million,
while the simulations with a superimposed hot streak utilized ap-
proximately 2.54 million grid points.

The computations were each run for 15 cycles using one subit-
eration per time step and 6000 time steps per cycle. Here, a cycle
is defined as the time it takes a rotor to travel a circumferential
distance equal to one vane pitch. The computations were per-
formed on eight 250-MHz processors of a Silicon Graphics Ori-
gin2000 computer located at NASA Ames Research Center. Each
computation required approximately 631025 s/grid point/
iteration computation time~i.e., each iteration takes approximately
28 seconds wall clock time!.

Numerical Results
The Mach number at the inlet to the vane is approximately 0.14

and the inlet flow is assumed to be axial. The rotor rotational
speed was 11,373 rpm. The free-stream Reynolds number was
197,000 based on the rotor axial chord. A pressure ratio of
P4 /Pt150.385 was calculated from the experimental data based
on the midspan inlet total pressure and the static pressure in the
rotor trailing edge plane.

Baseline Case—CERTS Only. Figures 7–9 show compari-
sons between the predicted and experimental time-averaged criti-
cal velocity ratio distributions, where the critical velocity ratio is
defined as

Fig. 4 Computational grid: spanwise view

Fig. 5 Computational grid: axial view

Fig. 6 Computational grid in tip clearance region

Fig. 7 Critical velocity ratio at the hub of the vane: baseline
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V̄/Vcr5V̄/A 2g

g11
RT̄t (2)

and the velocity is based on the isentropic Mach number. There is
generally good agreement between the predicted and experimental
results, with small differences evident near peak suction. The ve-
locity ratios were similar with and without rotor tip clearance.
Therefore, only the results from the tip clearance case are shown.

Figure 10 contains the predicted and experimental radial pro-
files of circumferentially averaged flow angle 2.5 chord lengths
downstream of the rotor. Also included in Fig. 10 is the design-
intent flow angle distribution. Both the predicted and experimental
results indicate underturning near midspan. A previous study
traced the underturning to a large secondary flow region near the
hub endwall in the rotor passage@15#. In general, there is good
agreement between the predicted and experimental data from 20
to 70 percent span. Near the hub endwall there are discrepancies
between the numerical and experimental angles. The differences
are due to the extent of the secondary flows in the rotor passage
being greater in the experiments than in the simulations. The re-
duced secondary flows predicted by the analysis may result from
the optimistic tendencies of the Baldwin–Lomax turbulence
model in separated flow regions. The predicted results do not
show the near-constant flow angles that were observed in the ex-
periments from 70 percent span to the outer endwall.

Figure 11 shows the predicted and experimental total pressure

distributions 2.5 chord lengths downstream of the rotor. There is
good agreement from 40 to 80 percent span. In the outer endwall
region the results from the case with 1.2 percent tip clearance case
show more loss than the case with 0.0 percent tip clearance, while
the discrepancies between the predicted results and the data near
the hub are due to the larger secondary flows in the experiments.

Figure 12 contains the predicted and experimental total tem-
perature distributions 2.5 chords downstream of the rotor. The
predicted values from both simulations show close agreement
with the experimental data, although the case with tip clearance
shows better agreement with the data from the hub to 50 percent
span and higher temperatures near the outer endwall.

The experimentally determined time-averaged efficiency for
this turbine wash50.883, while the predicted value wash
50.886 for 0 percent tip clearance andh50.875 with 1.2 percent
tip clearance. The total-to-total efficiency,h, is defined as:

h5
~Pt4 /Pt1!g21/g21.0

Tt1 /Tt421.0
(3)

Cases With CERTS and Hot Streak. Although the experi-
mental study using the CERTS contained a radial temperature

Fig. 8 Critical velocity ratio at midspan of the vane: baseline

Fig. 9 Critical velocity ratio at the tip of the vane: baseline

Fig. 10 Absolute circumferential flow angle distribution at the
exit of the stage: baseline

Fig. 11 Total pressure distribution at the exit of the stage:
baseline
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profile, a discrete hot streak was added at the inlet to the turbine to
represent a more realistic engine temperature distribution.

Figures 13 and 14 illustrate static temperature traces at the 42
percent span location on the rotor leading edge in the cases with-
out and with tip clearance, respectively. The 42 percent span lo-
cation corresponds to the impact point of the hot streak in the case
without tip clearance, but not for the case with tip clearance. Both
figures confirm the periodicity of the solutions~traces at many
spanwise locations also showed periodicity!. The two figures also
illustrate the temperature variations due to the vane wakes, as well
as the temperature rise associated with the superimposed hot
streak.

Time-averaged static temperature contours on the pressure sur-
face of the rotor for the cases with and without tip clearance are
shown in Figs. 15 and 16. The case with tip clearance shows more
heating over the majority of the pressure surface. The case with
tip clearance also exhibits increased spreading of the hot fluid,
especially toward the rotor tip. This is expected because of leak-
age of flow over the tip from the pressure surface to the suction
surface. Figures 17 and 18 show the time-averaged temperature
contours on the suction surface of the rotor. Similar to the results
for the pressure surface, the case with tip clearance exhibits a
more concentrated region of high temperature, as well as a larger
spread of the hot fluid. In addition, the case with tip clearance
shows more hot fluid entrained in the tip flow. Some of the hot

fluid near the suction surface tip is leakage flow from the pressure
surface. Overall, the time-averaged rotor surface temperature is
higher in the case with tip clearance ('610.2 K) compared to the
case without tip clearance ('607.5 K).

Figure 19 shows the radial distributions of the circumferentially
averaged absolute total temperature at the inlet of the vane with
and without the hot streak superimposed on the CERTS profile.
The radial distributions of the total temperature at the vane exit
are shown in Fig. 20. Both simulations including tip clearance
exhibit a high-temperature region at approximately 15 percent
span as compared to the cases without tip clearance. The cases
with the superimposed hot streak both display elevated tempera-
tures at the vane exit. In the case with tip clearance, the location
corresponding to the peak temperature is shifted approximately 5
percent of the span closer to the hub than in the case without tip
clearance. In addition, high temperature regions cover a greater
portion of the span, which is consistent with Figs. 15 and 16. At
the exit of the rotor~see Fig. 21! the cases with tip clearance
display elevated temperatures from 80 percent of the span to the
outer endwall, indicating less work being extracted near the tip of
the rotor. Both simulations with the superimposed hot streaks
have elevated temperatures compared to the simulations without a
hot streak. The case with tip clearance and the hot streak has
lower total temperatures than the case with the hot streak and no
tip clearance from approximately 30 to 70 percent of the span.

The absolute total pressure profiles at the vane inlet are shown
in Fig. 22. The profiles are similar, which is expected because the
total pressure distribution are specified boundary conditions at the
inlet. At the exit of the vane passage~see Fig. 23!, the cases with
the hot streak generate greater losses from approximately 25 per-
cent of the span to 70 percent of the span. The total pressure
profiles at the rotor exit are shown in Fig. 24. The profiles in the
two cases with tip clearance are similar, while the cases without
tip clearance show lower total pressures from approximately 20 to
80 percent of the span.

Figures 25 and 26 show radial profiles of the absolute circum-
ferential flow angle at the exits of the vane and rotor passages,
respectively. The vane exit flow angles are similar in all four
simulations from 10 to 75 percent of the span. Closer to the outer
casing the simulations with tip clearance show generally more
flow turning. At the rotor exit the more even temperature distri-
butions in the cases with tip clearance preserve the flow angle
deficit originally observed in the CERTS experiments, while in
the cases without tip clearance the flow angle deficit is reduced.

Conclusions
A series of four three-dimensional unsteady Navier–Stokes

simulations has been performed for the CERTS turbine to study

Fig. 12 Total temperature distribution at the exit of the stage:
baseline

Fig. 13 Temperature history at 42 percent span: no clearance

Fig. 14 Temperature history at 42 percent span: clearance
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the effects of tip clearance on the migration characteristics of
combustor temperature distortions. Two baseline simulations
~with and without tip clearance! were performed with the CERTS
profiles alone to allow comparisons with the available experimen-
tal data. In general, the predicted results showed reasonable agree-
ment with the experimental data. Next, two simulations were per-
formed with a hot streak superimposed onto the CERTS profiles.
The predicted results indicate that the inclusion of tip clearance
causes the hot fluid to spread out over a greater portion of the

Fig. 3 Computational grid and hot streak definition

Fig. 15 Time-averaged temperature—pressure surface—no
clearance

Fig. 16 Time-averaged temperature—pressure surface—
clearance

Fig. 17 Time-averaged temperature—suction surface—no
clearance

Fig. 18 Time-averaged temperature—suction surface—
clearance

Fig. 19 Total temperature distribution at the inlet of the vane
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Fig. 20 Total temperature distribution at the exit of the vane

Fig. 21 Total temperature distribution at the exit of the rotor

Fig. 22 Total pressure distribution at the inlet of the vane

Fig. 23 Total pressure distribution at the exit of the vane

Fig. 24 Total pressure distribution at the exit of the rotor

Fig. 25 Circumferential absolute flow angle distribution at the
exit of the vane
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rotor surface, and the average rotor surface temperature is in-
creased compared to the simulation without tip clearance. In both
simulations, the hot streak had minimal effect on the total pressure
distributions. The circumferential flow angle deficit~which was
also observed in the experiments! is preserved by the spreading of
the hot fluid in presence of tip clearance, while the flow angle
deficit is significantly reduced when the tip clearance is removed
because the hot fluid is confined to a relatively narrow region near
midspan.

Nomenclature

a 5 speed of sound
bp f 5 blade passing frequency

f 5 frequency
P 5 static pressure

P.S. 5 pressure surface
r̃ 5 (r 2r hub)/(r tip2r hub)
R 5 gas constant

S.S. 5 suction surface
T 5 static temperature
u 5 x-direction component of velocity
v 5 y-direction component of velocity
V 5 magnitude of the velocity
w 5 z-direction component of velocity
a 5 circumferential flow angle~from axial!

g 5 ratio of specific heats
h 5 total-to-total efficiency
r 5 density

(̄ ) 5 time-averaged value

Subscripts

cr 5 critical value
hs 5 hot streak

t 5 stagnation quantity
1 5 vane inlet quantity
4 5 exit duct quantity
` 5 free-stream quantity
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Unsteady Effects in Turbine Tip
Clearance Flows
The present study is concerned with the unsteady flow field on the blade outer air seal
segments of high-work turbines; these segments are installed between the blade tip and
outer casing and are usually subjected to extreme heat loads. Time-resolved measure-
ments of the unsteady pressure on the blade outer air seal are made in a low-speed
turbine rig. The present measurements indicate the existence of a separation zone on the
blade tip, which causes a vena contracta to form at the entrance of the tip gap. In
addition, a careful comparison between the ensemble-averaged pressure measurement
and the corresponding result from steady computation suggests that the pressure on the
blade outer air seal can largely be described as being due to a steady flow (in the rotating
frame) sweeping past a stationary probe. The ensemble deviation measurement indicates
that unsteadiness (from one revolution to the next) is confined to the tip gap.
@S0889-504X~00!02304-7#

Introduction
Tip clearance flow in turbomachines has been studied exten-

sively by scores of investigators since the seminal work of Rains
@1#. Although Rains’ work dealt primarily with compressors, it
demonstrated the intricate nature of tip clearance flow and the
evolution of the tip vortex. The dynamics of flow through turbine
blade passages is further complicated by the existence of second-
ary flows, which result from flow turning. The tip clearance flow
together with the passage secondary flows account for about 25
percent of the total loss incurred in a turbine stage. The general
features of secondary flow in turbine cascades are described by
Sieverding@2#, and mechanisms by which losses are generated in
turbine passages are addressed by Bindon@3#. It is generally
known that the tip clearance flow is a pressure-driven flow with
viscous effect being confined to the vicinity of the wall, except for
the limiting case of small tip clearance where viscous effects
dominate the entire tip gap region. The flow that leaks over the
blade tip emerges from the tip clearance in the form of a wall jet;
this jet is then subjected to the pressure gradients present in the
blade passage and rolls up into a coherent vortical structure. The
details of the flow through the tip gap have been documented by
Moore and Tilton@4#, Sjolander and Cao@5# and Bindon@3#,
while the effect of rotation on the tip gap flow was examined by
Morphis and Bindon@6#. However, these investigations focused
on the tip gap flow measured in turbine cascade environments.
The question then remains whether flow features determined from
cascade measurements are present in an actual turbine configura-
tion, which is the main aspect of the present work. It is clear that
the tip clearance flow in an actual turbine configuration is sig-
nificantly more complex due to the presence of upstream vane
wakes as well as the relative motion between the blade tip and
the endwall.

The present work is focused on the flow in ‘‘high-work’’ tur-
bines. Market demands require engines with higher power-to-
weight ratios and fewer airfoils, which has motivated the design
of single-stage turbines that are capable of extracting large
amounts of work per stage. High-work turbine designs, which are
more suitable as high-pressure turbines, are characterized by low
values of flow coefficient. The higher values of blade loading
present in high-work turbines results in an intensified tip clearance
vortex. It then follows that there is an urgent need to moderate the
flow that leaks over the blade tip in order to offset the incurred

penalty in turbine performance. Although there exist several
methods to moderate this tip leakage, it is nevertheless important
to understand the manner in which the flow evolves through the
blade tip clearance. The present study utilizes a low-speed turbine
rig, the focus being on the time-resolved pressure signature mea-
sured on the curved surface of the blade outer air seal, which is
installed between the blade tip and the outer casing. In engine
applications, this blade outer air seal surface is often film-cooled,
but this particular aspect of the flow is beyond the scope of the
present experimental investigation.

A secondary motivation for investigating this aspect of the
flow arises from the observation that in the engine installation, the
blade outer air seal segments are particularly susceptible to heat
loads, especially in the region beneath the blade tip. It is there-
fore of interest to examine the detailed dynamics of the tip gap
flow as the blade tip sweeps over the outer air seal. The rig
conditions are selected so as to nearly match the Reynolds number
~Re53.433105 based on blade chord and blade exit relative ve-
locity at midspan! with those present under actual engine condi-
tions. Although engine Mach numbers cannot be simulated in the
rig, the purpose of this investigation is to extract characteristic
incompressible flow structures that exist in a high-work turbine
geometry.

Experimental Details
The experiments were performed in the UTRC Large-Scale Ro-

tating Rig, which has been designated LSRR-2 in previous inves-
tigations. The rig bears strong similarities to an earlier large-scale
rotating rig used in the extensive turbine investigations of Joslyn
and Dring@7#. Only certain relevant features specific to the new
configuration are described here.

A blower mounted downstream of the turbine stage drew atmo-
spheric air through a bell-mouth inlet, followed by passage
through a series of turbulence manipulation screens and flow
straighteners, over an axially positioned inlet cone and finally
through the single-stage turbine model into a dump diffuser. The
flow coefficient, determined from measurements made upstream
of the vane leading edge, was the primary factor used to set flow
conditions in the rig. This ensured that airfoil incidence angles
were always at their design values and independent of the ambient
temperature and pressure. In the present study, axial distances~x!
are measured from the blade tip leading edge and normalized by
the blade tip axial chord,bx . The vane trailing edge is located at
x/bx520.93.

The turbine vanes, blades and blade outer air seal segments
were constructed from molded plastic. The molded plastic con-
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struction permits a change of turbine geometry in a turnaround
time that is significantly less than that required to replace ma-
chined metal blading. The plastic airfoils also possess the advan-
tage of being light and easy to instrument extensively. In addition,
owing to a simple method of vane and blade installation, the air-
foil counts can be easily altered. The nominal value of blade tip
clearance was about 0.75 percent of blade span and is comparable
to that found in typical engine configurations.

The vanes, blades, and blade outer air seal segments were in-
strumented extensively. The installed instrumentation consisted of
‘‘steady’’ and ‘‘unsteady’’ instrumentation to measure respec-
tively the time-averaged and instantaneous flow quantities. The
steady instrumentation was comprised of wall static pressure ports
on the airfoils and blade outer air seal segments. Pressure ports on
the vanes and blades were used to measure airfoil pressure distri-
butions at seven different spanwise locations. The unsteady instru-
mentation was installed only on the curved surface of the blade
outer air seal segments and consists of high-response pressure
transducers. The measurement of quantities using this unsteady
instrumentation was phase-locked with the rotor and the data ac-
quired are subsequently ensemble processed in order to facilitate
comparison with steady computational results generated using a
flow solver described by Ni@8# and Davis et al.@9#. The flow
solver utilizes a Lax-Wendroff/multiple-grid procedure to com-
pute the solution of the Reynolds-averaged Navier–Stokes equa-
tions. The algorithm has second-order spatial accuracy and uses a
central difference approach for the spatial derivatives with
second- and fourth-order smoothing for stability. The no-slip con-
dition was implemented at the adiabatic solid boundaries and the
nonreflecting conditions of Giles@10# were imposed at the down-
stream end of the domain. The code has been extensively vali-
dated as demonstrated in the work of Ni and Bogoian@11#, Ni and
Sharma@12# and Davis et al.@13#. In the present case, the entire
tip region was gridded and turbulence closure was achieved using
the Baldwin–Lomax@14# model.

The high-response pressure transducers were calibrated subse-
quent to installation in the blade outer air seal segments with
particular care being exercised to ensure that a frequency response
of at least 9 kHz~about 15 times blade-passing frequency! was
attained. Five axial locations were selected, shown in Fig. 1, at
which these high-response sensors were situated relative to the
blade tip footprint. The blade tip footprint refers to the area swept
by the blade tip in its motion over the surface of the blade outer

air seal. Phase-locked data acquisition, performed by a high-speed
analog-to-digital board, was triggered by an optical pickup. The
pressure transducer signal was high-pass filtered at 10 Hz to re-
move the mean component of pressure and any low-frequency
flow unsteadiness that was present in the rig. An anti-aliasing
low-pass filter with a cutoff frequency of 25 kHz was used since
data acquisition was conducted at 50 kHz. Typically 100 en-
sembles were recorded; this was deemed more than adequate,
since little difference was found between the ensemble averages
obtained from 50 and 100 ensembles.

Airfoil Pressure Distributions
Wall static pressure ports were installed on the vanes and

blades to measure steady-state airfoil distributions at the following
spanwise locations: 2, 12.5, 25, 50, 75, 87.5, and 98 percent of the
airfoil span. Each spanwise set of pressure ports was distributed
over two or more airfoils; these instrumented airfoils, no two of
which were adjacent, were distributed around the airfoil-pack. Ex-
perimental vane pressure distributions are presented in Fig. 2 for
selected spanwise locations; the corresponding computational data
are also shown. The coefficient of pressure used for the vane
pressure distributions is defined as

CpV5
PT,absuvn2P

1
2 rCx

2
, (1)

whereCx is the midspan axial velocity at the inlet to the turbine
model.

The quantityPT,absuvn is the annulus-averaged absolute inlet
total pressure; eight Kiel probes distributed uniformly around the
annulus and located three vane chords upstream of the vane lead-
ing edge provided the total pressure at the inlet to the turbine. The
measured pressure data from various vane airfoils situated around
the annulus suggest a consistent vane-to-vane flow that is reason-

Fig. 1 Location of the high-response instrumentation. Of the
five transducers installed on the blade outer air seal, three are
located within the blade tip footprint and one each is installed
upstream and downstream of the blade. All distances are mea-
sured from the blade tip leading edge and normalized by blade
chord at the tip.

Fig. 2 Typical airfoil pressure distributions on the vane. The
ordinate is the pressure coefficient defined in Eq. „1… and the
spanwise locations of the distributions are indicated. The solid
line is the pressure distribution determined from the computa-
tional solution.
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ably axisymmetric in the turbine model. The slight mismatch be-
tween the experiment and the computation on the vane suction
surface is due to a small discrepancy in the vane stagger angle of
the molded vanes in comparison with the design value used in the
computation. The stagger angle was such that the vane throat
areas were slightly larger than the design intent and is consistent
with the observed variation of the vane pressure distributions be-
tween spanwise locations.

The measured blade pressure distributions, shown in Fig. 3 at
three different spanwise locations, are found to compare well with
the corresponding superposed results from the computation. In
this case, the coefficient of pressure is defined as

CpB5
PT̂,relubl2P

1
2 rCx

2
(2)

wherePT̂,relubl is the circumferentially pitch-averaged value of the
relative total pressure, deduced from traverse measurements in the
vane exit plane located atx/bx520.455. It should be noted that
the relative total pressure is clearly a function of radius and this
variation was accounted for in the calculation of the pressure co-
efficient. The pressure coefficientsCpV and CpB are consistent
since they are both based on an upstream total pressure measured
in the reference frame of the relevant airfoil row.

The measured vane and blade pressure distributions were found
to be very repeatable. This implies that the method of setting the
rig conditions~by monitoring the flow coefficient! was sufficient
to ensure that airfoil loadings were consistent between experimen-
tal runs. Moreover, the favorable correspondence between the
steady-state experimental airfoil pressure distributions and those
predicted by computation indicates that the experimental measure-
ments are similar to that specified in the design. One may then
compare certain experimentally measured features of the flow

with the corresponding computational result, and eventually inter-
rogate the entire computational flow field in a manner that pre-
cludes experimental measurement.

High Response Pressure Measurements on the Blade
Outer Air Seal

As discussed above, the fluctuating component of the wall static
pressure was measured at five axial locations on the blade outer
air seal as shown in Fig. 1, three of which lie beneath the blade
tip. The three measurements within the blade tip footprint are
compared to results available from the steady computation; the
measurements upstream and downstream of the blade tip are in-
cluded for completeness and do not display any specific charac-
teristics representative of the tip leakage flow. Use is made of the
unsteady pressure coefficient,

p85
P2 P̄
1
2 rCx

2
(3)

whereP̄ is the time-averaged value of pressure at the axial loca-
tion under consideration. Recall that the action of high-pass filter-
ing during data acquisition directly results in a measurement of
the fluctuating pressure (P2 P̄). The pressure time traces are ana-
lyzed in terms of the conventional phase-locked ensemble average
and the root-mean-square deviation of the ensembles from the
average.

In Fig. 4, the variation of the unsteady pressure atx/bx
520.284 upstream of the blade leading edge clearly displays po-
tential pressure fluctuations which are present at the blade-passing
frequency, denotedf B . Figures 5 and 6 depict typical phase-
locked ensemble-averaged time variations of the pressure at
x/bx50.229 andx/bx50.482; both time traces display a period-
icity that corresponds to the blade-passing frequency. A certain
degree of blade-to-blade variation is evident in the time trace in
Fig. 6. It should be noted that the blade-to-blade variations in the
traces can be ascribed to rotor blade driven unsteadiness of the
vane wake position, and also to blade tip clearance variations,
which ranged between 0.7 and 1.0 percent of the blade span. In
Fig. 7, the time variation atx/bx50.720 demonstrates a strong
periodicity as well, but the blade-to-blade variations are more ap-
parent and the time trace appears to be more complicated than that
shown in Fig. 6; this is attributed to further development of the tip
leakage flow. The increase in amplitude of fluctuation ofp8 is also
to be visible for the locations within the blade tip footprint. The
fluctuating pressure atx/bx51.239 downstream of the blade trail-
ing edge, shown in Fig. 8, is comprised of what appears to be

Fig. 3 Typical airfoil distributions on the blade. The ordinate is
the pressure coefficient defined in Eq. „2… and the spanwise
locations of the distributions are indicated. The solid line is the
computational pressure distribution.

Fig. 4 Time variation of unsteady pressure at x Õb xÄÀ0.284
upstream of the blade tip leading edge. The ordinate is defined
in Eq. „3….
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random noise superposed on an oscillation at the blade-passing
frequency, suggesting that turbulence present in the blade wakes
is perceptible on the blade outer air seal.

In summary, the high-response measurements demonstrate that
the measured static pressure signature on the blade outer air seal
~in a stationary reference frame! displays a predominant frequency
of oscillation equal to the blade passing frequency. This suggests
that the observed unsteadiness may be purely the result of a steady
flow moving at this frequency past a stationary transducer. In

order to evaluate this suggestion, the experimentally measured
time traces are carefully compared with those extracted from the
computational solution.

Comparison of Steady Computational Results to High
Response Measurements

‘‘Time traces’’ are generated from the steady computational
solution by transforming the circumferential variation of pressure
across the blade passage to a temporal one by using the product of
the rotor angular speed and radius of curvature of the blade outer
seal surface; the resulting computational pressure signature is
time-shifted so as to be superimposed on the experimental mea-
surement. The usefulness of comparing the details of the
ensemble-averaged pressure measurement with the steady compu-
tation in a direct manner is twofold:

1 It is crucial in identifying not only specific flow features but
also their location and extent relative to the blade tip, since the
location of the latter is known more precisely from the computa-
tion than from the measurement.

2 To provide an indication of the level of unsteadiness in the
tip clearance flow.

In order to make a meaningful comparison with computational
results, measured signatures were selected from a blade for which
the tip clearance is most similar to the nominal value~0.75 percent
of blade span! used in the computation. In Figs. 9, 10, and 11,
comparison is made between the ensemble-averaged measurement
and the computational result at the three axial locations within the
blade tip footprint, shown in Fig. 1. In each of these figures, the
extent and location of the blade tip relative to the time trace are
indicated by vertical lines; the vertical line to the left coincides
with the blade tip suction surface and that to the right coincides
with the pressure surface. Furthermore, the lower panes in the
figures show the corresponding time variation of the ensemble
root-mean-square deviation.

The figures indicate that the general features of the ensemble-
averaged time trace compare well with those from steady compu-
tation. The agreement between the experiment and the steady
computational result with regard to the amplitude of ensemble-
averaged pressure fluctuations and in the overall features of the
pressure variation strongly suggests that the flow in the tip region
as discerned by a static pressure transducer on the blade outer air
seal can largely be described as a steady flow in the reference
frame of the rotor. Furthermore, the variation of the ensemble
deviation~displayed in the lower panes of the figures! is found to
be close to zero except for regions beneath the blade tip. This
implies that the flow within the blade passage does not change
significantly from one revolution to the next, and lends support for

Fig. 5 Time variation of unsteady pressure at x Õb xÄ0.229
within the blade tip footprint. The ordinate is defined in Eq. „3….

Fig. 6 Time variation of unsteady pressure at x Õb xÄ0.482
within the blade tip footprint. The ordinate is defined in Eq. „3….

Fig. 7 Time variation of unsteady pressure at x Õb xÄ0.720
within the blade tip footprint. The ordinate is defined in Eq. „3….

Fig. 8 Time variation of unsteady pressure at x Õb xÄ1.239
downstream of the blade tip trailing edge. The ordinate is de-
fined in Eq. „3….
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the suggestion that the flow is virtually steady in the rotating
reference frame, with the unsteadiness for the most part being
confined to the vicinity of the tip gap.

The general features of the experimental time trace agree well
with those determined from computation and an attempt is now
made to extract physical features of the tip clearance flow from its
pressure signature on the blade outer air seal. Contours of static
pressure on the blade outer air seal from the computation are
shown in Fig. 12, and include the locations of two adjacent blade
tips. The presence of the tip vortex imparts a region of low pres-
sure on the blade outer air seal near the suction surface of the
airfoil, by virtue not only of the low pressure that exists at the core
of a vortex but also because of the streamline curvature that is
induced between the vortex and the endwall. Upon careful scru-
tiny, a region of lower static pressure is observed near the pressure
surface of the blade tip~distinguished by the concentration of
contours there!, which is suggestive of avena contractain the tip
gap. In order to display more clearly the extent of thisvena con-
tracta, streamline patterns are extracted from the computational
solution. The streamline pattern on a plane parallel to the blade tip
surface and slightly removed from it is shown in Fig. 13~a!. It is
observed that a reattachment line forms near the pressure surface

of the blade tip, and that the flow leaves the tip gap in an almost
axial direction. The streamline pattern in a plane perpendicular to
the blade tip near the pressure side corner~shown in Fig. 13~b!! is
employed to visualize the flow in the tip gap. It is clearly seen that
flow separation occurs at the edge of the pressure surface with
subsequent reattachment on the blade tip surface. The ensuing
separation bubble results in avena contractaat the inlet to the tip
gap and is responsible for the region of low static pressure near
the blade tip pressure surface seen in Fig. 12. Figure 13~b! also
indicates that the separation bubble~obtained from the steady
computational solution! occupies about 20 percent of the radial tip

Fig. 9 Pressure signature at x Õb xÄ0.229. In the upper pane,
the computational result is shown as the broken line and the
ensemble-averaged measurement is shown as the solid line.
The lower pane depicts the corresponding variation of the en-
semble deviation. The blade tip lies between the two vertical
lines indicated.

Fig. 10 Pressure signature at x Õb xÄ0.482. In the upper pane,
the computational result is shown as the broken line and the
ensemble-averaged measurement is shown as the solid line.
The lower pane depicts the corresponding variation of the en-
semble deviation to the same scale as the upper pane. The
blade tip lies between the two vertical lines indicated.

Fig. 11 Pressure signature at x Õb xÄ0.720. In the upper pane,
the computational result is shown as the broken line and the
ensemble-averaged measurement is shown as the solid line.
The lower pane depicts the corresponding variation of the en-
semble deviation to the same scale as the upper pane. The
blade tip lies between the two vertical lines indicated.

Fig. 12 Static pressure coefficient on the surface of the blade
outer air seal. The static pressure coefficient is defined with
respect to the turbine inlet total pressure and normalized by the
turbine inlet dynamic pressure so that regions indicated by red
contour levels correspond to low static pressure and those in-
dicated by blue to higher static pressure. The high-response
pressure transducers are located at the axial stations indicated
by the broken lines.
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clearance, which implies that variations in the size of this bubble
may affect the instantaneous pressure measured on the blade outer
air seal surface.

The contour plot in Fig. 12, when used in conjunction with
computational time traces, indicates that the minimum pressure
beneath the blade tip is due to thevena contracta; furthermore, the
local minimum to the left of the blade tip suction surface corre-
sponds to the signature of the tip vortex. If each axial location is
considered in turn, it is found that forx/bx50.229, the minimum
due to the tip vortex appears to be more intense in the computa-
tion than that measured experimentally, as shown in Fig. 9.

Further downstream atx/bx50.482 in Fig. 10, a somewhat bet-
ter agreement is observed between the ensemble-averaged mea-
surement and computation for the tip vortex minimum unsteady
pressure as well as the minimum pressure due to thevena con-
tracta. At this location, it is found that most of the unsteadiness is
confined to the tip gap, as indicated by the variation of ensemble
deviation within that region.

The pressure time signature atx/bx50.720, where the tip vor-
tex has developed to a significant extent, is presented in Fig. 11.
The magnitude of the minimum due to the tip vortex is captured

reasonably well by the computation. However, the minimum un-
steady pressure due to thevena contractaand its location relative
to the blade tip displays differences between the measurement and
computation. The intensity of the experimentalvena contracta
minimum pressure is larger than that predicted from computation,
and may be indicative of an unsteady effect. Khan@15# has shown
that leading edge separation bubbles on compressor blades also
demonstrate unsteadiness induced by the external forcing of up-
stream vane wakes which causes the bubble to appear larger than
its time-averaged value. Furthermore, the measured location at
which thevena contractaminimum pressure occurs seems to be
further within the tip gap region than that predicted by the com-
putation. The experimental minimum is found to occur at about 30
percent of the blade tip thickness at this location. It should be
pointed out that the region of nearly constant pressure to the left
of this minimum is believed to be due to the shear layer that forms
in the tip gap downstream of thevena contracta.

Sjolander and Cao@5# and Moore and Tilton@4# have made
detailed measurements on the endwall in turbine cascade environ-
ments; Sjolander and Cao also present flow visualization on the
blade tip surface. Both of these investigations clearly show the
existence of avena contractadue to local separation at the pres-
sure surface corner. Moreover, it can be inferred from their mea-
surements that the location of this minimum occurs at about
25–33 percent of the local blade tip thickness, which is in reason-
able agreement with the present measurements.

In summary, it can be stated that the main features of the tip
clearance flow are discerned on the blade outer air seal pressure
signature. Furthermore, the present work indicates that earlier
measurements in cascade environments bear strong similarities to
that found in a low-speed rotating rig turbine configuration. At
higher Mach numbers, one would expect the static pressure field
associated with the vane to have a stronger influence on the pres-
sure sensed on the blade outer air seal surface.

Conclusions
Time-resolved measurements on the blade outer air seal are

found to capture the presence of the main flow features that exist
in the tip region; the signature of the tip clearance vortex as well
that of a separation zone that forms on the blade tip near its
pressure surface are clearly visible as local minima in the pressure
signature. This separation bubble results in avena contractaat the
inlet to the tip gap; its existence is confirmed by examination of
the steady computational flow field on the blade outer air seal.
Careful comparison of phase-locked ensemble-averaged static
pressure measurements with these steady computational results
demonstrates that much of the flow is largely steady in the rotat-
ing frame of reference at the low Mach numbers considered here
and that the bulk of unsteadiness is confined to the tip gap. These
flow structures, determined in the present study using a low-speed
turbine rig, are found to compare well with those determined by
earlier investigators in turbine cascade environments.
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Numerical and Experimental
Investigation of Unsteady Flow
Interaction in a Low-Pressure
Multistage Turbine
This paper presents results of unsteady viscous flow calculations and corresponding cold
flow experiments of a three-stage low-pressure turbine. The investigation emphasizes the
study of unsteady flow interaction. A time-accurate Reynolds-averaged Navier–Stokes
solver is applied for the computations. Turbulence is modeled using the Spalart–Allmaras
one-equation turbulence model and the influence of modern transition models on the
unsteady flow predictions is investigated. The integration of the governing equations in
time is performed with a four-stage Runge–Kutta scheme, which is accelerated by a
two-grid method in the viscous boundary layer around the blades. At the inlet and outlet,
nonreflecting boundary conditions are used. The quasi-three-dimensional calculations are
conducted on a stream surface around midspan, allowing a varying stream tube thickness.
In order to study the unsteady flow interaction, a three-stage low-pressure turbine rig of
a modern commercial jet engine is built up. In addition to the design point, the Reynolds
number, the wheel speed, and the pressure ratio are also varied in the tests. The numeri-
cal method is able to capture important unsteady effects found in the experiments, i.e.,
unsteady transition as well as the blade row interaction. In particular, the flow field with
respect to time-averaged and unsteady quantities such as surface pressure, entropy, and
skin friction is compared with the experiments conducted in the cold air flow test rig.
@S0889-504X~00!02004-3#

Introduction
Many research activities are presently being conducted in the

field of unsteady blade row interaction in axial turbomachines,
e.g.,@1–4#.

The aim of this paper is to present a computational method@5#
that quantitatively predicts important unsteady transition effects in
a three-stage low-pressure turbine. The Abu-Ghannam/Shaw@6#
model is used to predict the onset of transition. It is one of the
most widely used models in both external and internal flow simu-
lations@7#. A modification of the Abu-Ghannam/Shaw model con-
ducted by Drela@8# has been implemented into the Navier–Stokes
solver @9#. Other approaches found in the literature use either
algebraic turbulence models in conjunction with the intermittency
approach @10# or two-equation models, especially the low-
Reynolds-numberk–« models @11#. Eulitz and Engel@5# and
Ekaterinaris@12# demonstrated for turbomachinery and airfoil ap-
plications that the one-equation turbulence model of Spalart and
Allmaras@13# is a good compromise between turbulent prediction
qualities and computational costs.

The present work is conducted within the German Engine-3E
turbine technology program@14#. The final goal of this project is
to understand the underlying mechanisms of turbine stator clock-
ing, which denotes the interaction of an upstream stator wake with
the next stator, which has the same blade count. Although several
studies on turbine clocking have been presented@15,16#, the phe-
nomenon is not fully understood yet.

This paper presents a classification of unsteady blade row in-
teraction effects followed by the description of the experimental
setup. Thereafter, the computational method used for steady and
unsteady computations is explained. The latter needs a steady-

state initial solution for the time-accurate computation of the un-
steady Reynolds-averaged Navier–Stokes equations. Moreover,
the turbulence and transition model are discussed. Finally, the
results of the steady-state, time-averaged unsteady and unsteady
calculations are compared with experiments conducted in a low-
pressure turbine cold flow turbine test rig.

Classification of Effects
An attempt is made to classify the effects in multistage turbo-

machines that are due to the wake generated by an upstream blade
row, i.e., a stator, according to different mechanisms working on
the next stator blade row.

Wake-Generating Blade Row. The flow leaving a stator
blade row consists of wakes that extend downstream of each in-
dividual blade profile. The shape of these wakes differs depending
on whether the vorticity in the wake is continuously or discontinu-
ously distributed. A discontinuous distribution of vorticity may be
self-induced~vortex shedding! or caused by external effects such
as pressure disturbances; see Dorney and Sondak@17#. In both
cases, there is interaction between the wake and the downstream
blade rows, although in a different manner, and therefore the dis-
sipation process linked to the shear stress takes a different course.

Transformation Blade Row. The first downstream rotor
blade row intercepts the continuously shaped wake from the up-
stream stator as a result of its relative movement and deforms, i.e.,
twists, upsets, and stretches, the segments of the distributed wake
vorticity. During interception, the wake comes into direct contact
with the boundary layer of the rotor blade row. This causes ve-
locity disturbances, velocity gradient disturbances, or vorticity
disturbances at the edge of the boundary layer; see Valkov and
Tan @18# and Platzer and Tuncer@19#, which in turn affect the
losses in the laminar, transition, and turbulent regions of the
boundary layer during convection. The equidistant arrangement of
profiles in the wake-generating blade row leads to a periodic wake
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International Gas Turbine and Aeroengine Congress and Exhibition, Munich, Ger-
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at the transformation blade row whose vorticity, as a result, is no
longer continuously distributed. Simultaneously, the interception
process produces a double vortex, see Fig. 1, which will interact
with all downstream blade rows.

Interaction Blade Row. The inflow conditions of the inter-
action blade row, i.e., a stator, are the discontinuously shaped
wakes and the double vortex with boundary layer material from
the wake-generating blade row, which convects between two ad-
jacent continuous transformation blade~rotor! wakes.

Experimental Setup
The investigations are performed on a three-stage cold-air LPT

rig with various operating conditions and geometry; see Heisler
@20#. All three stators carry the same number of vanes, which can
be precisely adjusted circumferentially; see Fig. 2. In addition to
the Reynolds number, the speed and the pressure ratio can be
varied.

Instrumentation and Measurements. The test rig is instru-
mented in order to study the physics of stator clocking. The total
isentropic efficiency is determined by measurements of the mass-
weighted representative total pressure and total temperature at the
turbine inlet and outlet, where mixing losses are not taken into
account. Since the inflow conditions to the downstream stator of
each clocking pair vary for the circumferential positions, compre-
hensive unsteady instrumentation is provided at midspan. The
leading edges are fitted with unsteady total pressure transducers,
the positions near the transition region with unsteady static pres-
sure transducers, and the suction sides of the profiles with surface
mounted hot-film sensors. Static pressure holes are used to mea-
sure the time-averaged pressure on the stator blades at midspan.

Computational Method
The unsteady flow equations, i.e., the Reynolds-averaged, com-

pressible Navier–Stokes equations, are solved along the three-
dimensional stream-tube with varying radial thickness and radius
@5#. The convective fluxes are discretized using Roe’s upwind
scheme@21# in combination with van Leer’s MUSCL approach
@22# to obtain second-order accuracy in space. The viscous terms
are discretized with central differences. At the solid blade wall the
no-slip condition is applied. At the streamtube boundaries toward
the tip and the hub, the kinematic boundary condition is applied.
The steady-state equations are marched in time using an implicit
scheme@9#. The unsteady flow equations are solved using a four-
stage Runge–Kutta scheme in combination with He’s time accu-
rate two-grid method@23#. For the steady-state solution at the inlet
and outlet boundaries of the computational domain, quasi-three

dimensional nonreflecting boundary conditions are applied@24#.
For the unsteady computations nonreflecting boundary conditions
according to Acton and Cargill@25# are used. At the rotor–stator
interface the sheared cell technique@26# is employed for the un-
steady computations, whereas the circumferentially averaged
characteristic variables are exchanged at the steady rotor–stator
interface.

The multiblock solver is parallelized based on domain compo-
sition and message passing using communication routines of the
MPI library. In order to achieve good parallel performance
and efficiency, explicit or block local solution strategies are
implemented@27#.

Turbulence and Transition Modeling. In order to close the
Reynolds-averaged equations, the Boussinesq hypothesis is used
@28# together with the Spalart and Allmaras one equation turbu-
lence model@13#.

Transition onset is determined from a correlation as proposed
by Drela @8# for his viscous/inviscid interaction code MISES,
which is a modification of the well-known Abu-Ghanam/Shaw@6#
criterion. In the laminar part of the boundary layer the transport
equation of the one equation turbulence model is solved without
turbulent production. When the Drela correlation signals the start
of transition, the production term is switched on.

Configuration and Computational Mesh. A low-pressure
model turbine with three stages, as shown in Fig. 3, is considered
for this study. A blade count ratio of 1 has been assumed in order
to limit the computational costs. The rotor blades were geometri-
cally scaled to a blade number of 70, i.e., the number of stator
blades, in order to keep loading of the blades the same as in the
unscaled case. Moreover, the axial gaps between the blades in the
calculations are kept the same as in the experiments. The Mach
number at the entry of the turbine is 0.45 and the total pressure
ratio is approximately 3. The Reynolds number based on the exit
flow and the chord length of the first vane is 90,000. For the
turbulent calculation using the transition model, the turbulence
level is 1.5 percent at the inlet of the computational mesh. The
computational mesh consists of O-blocks around the airfoils and
three H-blocks in the blade passage with a total of 18,000 mesh
cells for each blade passage. They1 values of the first mesh
points off the surface are below 1.5 in order to resolve the turbu-
lent boundary layer accurately and 15 to 20 mesh points are in the
boundary layer in the aft section of the blades.

Steady-State Calculation. The steady-state multistage calcu-
lation is initialized by linear interpolation of the calculated flow
angle and Mach number and pressure for each blade by the values
obtained from the S1–S2 design procedure used at MTU. The
Reynolds-averaged Navier–Stokes equations are marched in time
by a fully implicit time integration scheme@9#. For the fully tur-
bulent calculations approximately 10,000 time steps are needed to
achieve full convergence using a CFL number of 80. For the
calculations using the transition correlation, the first 1000 time
steps are used to develop the turbulent boundary layer and then
approximately 10,000 time steps are required to achieve a con-
verged steady-state solution. At the stator–rotor interface,
passage-averaged flow quantities are exchanged and the wakes are
mixed out at the blade row boundaries. The steady-state calcula-
tion is used as initial solution for the unsteady time accurate
calculations.

Time-Accurate Calculation. When starting the unsteady cal-

Fig. 2 Experimental setup Fig. 3 Computational mesh
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culation with the steady-state result as initial solution, a time-
periodic solution does not evolve until all wakes are convected
through the computational domain. Using the two-grid method,
the time step can be set to CFL number of 7.0 in the O-grid, where
the smallest cells are found in the viscous boundary layer. Eigh-
teen blade passing periods are computed to obtain a periodic un-
steady flow field.

Results

Steady-State Results. In order to study the basic perfor-
mance of the transition model, steady-state calculations are per-
formed for the third stator alone. The boundary conditions for the
numerical computations are taken from the S1–S2 design method
used at MTU.

Figure 4 shows the surface pressure distribution at midspan
normalized with the total inlet pressure. Good agreement between
the time-averaged unsteady measurements and the steady calcula-
tion is found in general. Close to the trailing edge on the suction
side of the blade, the laminar flow separates, transition occurs, and
the turbulent flow reattaches. The numerical predictions including
the transition model show excellent agreement with the experi-
ments. The transition model correctly predicts the transition of the
laminar separated flow to turbulent flow, which can be seen in the
surface pressure distribution close to the trailing edge.

Time-Averaged Unsteady Results. Figures 5, 6, and 7 show
the time-averaged surface pressure distribution for the experi-
ments and the computations conducted using the fully turbulent
Navier–Stokes equations and the simulation incorporating the
transition model for the stators of the low pressure rig at midspan.
In general, good agreement with the experiments is found, which
confirms the applicability of the quasi-three-dimensional method
toward the investigated problem. The steady-state results shown
in Fig. 4 give better agreement with the experiments because the
computations are performed for the third stator alone with the
specified boundary conditions according to the experiments before
and after the blade. It cannot be expected that the computations
for the full rig at midspan, where the boundary conditions are
specified according to the experiment in front of the first stator
and after the last rotor, give the same accuracy for the numerical
predictions. The fully turbulent calculations show no separation
on the suction side of the blade for either stator one or stator three.
On the other hand, the calculations considering transition give
separation for stator one and three at these points. This is indi-
cated by the pressure distribution obtained in the calculation with
the transition model close to the trailing edge of stator 1 on the
suction side. However, the pressure distribution of stator 3 does
not indicate a separation in the calculations with the transition

Fig. 4 Steady-state surface pressure distribution, Stator 3

Fig. 5 Time-averaged surface pressure distribution, Stator 3

Fig. 6 Time-averaged surface pressure distribution, Stator 2

Fig. 7 Time-averaged surface pressure distribution, Stator 3
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model as shown in Fig. 4 for the steady calculations. This is
probably due to a flat separation bubble in the numerical predic-
tion and will be investigated in future studies. It is expected that
transition from laminar to turbulent flow in the separated region
will have a considerable influence on the profile loss as well as the
overall efficiency predicted by the numerical method. In the other
regions, good agreement is found between the fully turbulent cal-
culations and the computations with the transition model. The
higher back pressure close to the trailing edge at stator 3 in the
numerical results has to be investigated in future studies. The
newest results show better agreement between the experiments
and the numerical predictions for the suction side of stator one
and the pressure side of stator two by improving the streamsurface
obtained by the S2 procedure, which is used for the quasi-three-
dimensional computations.

Unsteady Results. On the rearward suction-side as well as
the forward pressure side of rotor 1, the boundary layer shows a
clear tendency to transition induced by flow separation in the cal-
culations using the transition model. However, the fully turbulent
calculation does not predict the separation on the suction side of
this blade. Due to the interaction of the boundary layer and the
wake of the upstream stator, the vortex leaving the rotor has a
different shape in the two different calculations. This circum-

stance is obvious in Figs. 8–11, which show the instantaneous
flow fields for the entropy of the whole configuration under inves-
tigation for the fully turbulent calculation. Comparing these fig-
ures at the same entropy contour levels with the calculations using
the transition model at the exit of stator 1, i.e., Figs. 12–15, shows
the different vortex structure of the upstream stator wake leaving
the rotor 1. These wakes are interacting then with stator 2 and its
boundary layer. Consequently, the interaction of the wakes of sta-

Fig. 1 Transformation blade row

Fig. 8 Entropy, tÄt 0 , fully turbulent

Fig. 9 Entropy, tÄTÕ4, fully turbulent

Fig. 10 Entropy, tÄTÕ2, fully turbulent

Fig. 11 Entropy, tÄ3TÕ4, fully turbulent

Fig. 12 Entropy, tÄt 0 , transition model on

Fig. 13 Entropy, tÄTÕ4, transition model on

Fig. 14 Entropy, tÄTÕ2, transition model on
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tor 1 and stator 2, which is commonly denoted as clocking, seems
to be dependent on the modeling of transition. As the wake of
stator 1 moves further, it shows some tendency to merge with the
wake of stator 2. A very similar interaction process takes place
with the next three blade rows, i.e., stator 2, rotor 2, and stator 3.
However, due to the interaction of the wakes with the upstream
stream wakes, it is more difficult to identify clearly the origin of
each wake.

Figures 16 and 17 show the space–time diagram of the wall
shear stress on the suction side of the blade for the computation
without ~fully turbulent! and with transition for five blade passing
periods. Figure 16 shows that the flow does not separate for the
fully turbulent computations. The calculations give 5 N/m2 as
minimum value for the wall shear stress.

On the other hand, the computations with the transition model,
see Fig. 17, show separated flow for 0.7 to 0.95 of the meridional
coordinate~MMG! and 80 percent of the blade passing time of
0.16 ms. The experimental hot-film results are presented as quasi
wall shear stress@29# and are shown in Fig. 18 as a space–time
diagram. The figure indicates very low quasi wall shear stress
between 0.75 and 0.95 of the meridional coordinate in quite good
agreement with the numerical results given in Fig. 17. Since the
hot-film measurement technique is not able to detect negative wall
shear stresses, flow visualization pictures are used to detect that
the flow is separated in this area. The maximum quasi wall shear
stress is measured at about 0.51 of the meriodional coordinate
against 0.42 for the computations with the transition model. In
addition, the wake-induced path can be seen clearly in the experi-
mental and numerical results.

Conclusions
A time-accurate Navier–Stokes solver is applied toward the

unsteady flow interaction in a three-stage low-pressure turbine. A
modern one-equation turbulence model coupled with a variant of
an AGS transition model is used to predict the transition on the
blade surface.

The steady and unsteady time-averaged results show, in gen-
eral, good agreement with the experiments for the surface pressure
distribution at midspan. However, efforts are made to achieve
better agreement between the experiments and the computations
by improving the S2 solution obtained by a throughflow method.

The unsteady interaction of the wake of an upstream stator with
the following rotor and the next stator is influenced by the correct
prediction of the separated flow on the rotor. The space–time
diagrams show that a transition model is needed to predict the
state of the boundary layer correctly, i.e., the fully turbulent cal-
culation fails to calculate the boundary layer separation on the
suction side of stator three.

Consequently, the influence of a modern transition model on
the prediction of the efficiency for stator clocking is presently
being investigated.
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Nomenclature

t 5 time variable
P 5 pressure
T 5 blade passing period

MMG 5 meridional coordinate
((E22E0

2)/E0
2)3 5 quasi wall shear stress
tw 5 wall shear stress

Subscripts

e 5 entrance flow quantity
s 5 static flow quantity
t 5 stagnation flow quantity

v 5 vane
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Separation Bubbles Under Steady
and Periodic-Unsteady Main Flow
Conditions
Based on an experimental investigation carried out in a low-speed test facility at the
Berlin University of Technology, this paper describes the formation of separation bubbles
under steady and periodic-unsteady main flow conditions. The aim of the investigation
was to understand the mechanism of separation, transition, and reattachment, and the
effect of main flow unsteadiness on it. Separation bubbles for various main flow condi-
tions were generated over a large flat plate, which experienced a similar pressure distri-
bution to that on the suction surface of blades in turbomachines. The pressure distribution
was generated by a contoured wall opposite the plate. Aimed at separating the effect of
the velocity and the turbulence wake, this paper considers only the influence of the
velocity wake. To this effect, a rotating flap was mounted downstream of the test section
to produce periodic oscillations of the main flow. The overall flow field under steady main
flow conditions was obtained by hot-wire measurements. Pressure taps were used to
measure the pressure distribution over the plate. The Reynolds number effects were de-
termined and compared to the measurement results in the literature. Results for periodic-
unsteady separation bubbles are shown using different Strouhal numbers, oscillation
amplitudes, and Reynolds numbers. Ensemble-averaged mean velocity profiles and the
ensemble-averaged rms velocity profiles are used to demonstrate the development of the
periodic boundary layer. Time–space diagrams are plotted to show the development of
the periodic-unsteady boundary layers. The characteristic instability frequencies in the
free shear layer are identified. The impact of the major parameters, Strouhal number and
amplitude, on the bubble formation are discussed.@S0889-504X~00!01204-6#

Introduction
In turbomachines and particularly in aircraft engines, the Rey-

nolds numbers that characterize the development of boundary lay-
ers are relatively low. A large part of the blade surface is often
covered by laminar and transitional flow. The determination of the
transition zone is a very important task in the design process.

The designer of compressors and turbines for aircraft engines is
required to achieve two targets simultaneously: high efficiency
and low weight. High efficiency should be available under differ-
ent operating conditions. Figure 1 demonstrates the evolution of
losses with Reynolds number of a low-pressure turbine cascade.
At high Reynolds number~a! transition occurs far upstream and
turbulent separation near the trailing edge produces mixing losses
~3!, which are added to the shear layer losses~2!. With decreasing
Reynolds number the turbulent separation disappears~b!, transi-
tion moves downstream beyond the laminar separation point, and
a separation bubble~c! appears on the suction surface. In this
region loss generation takes place in the wall shear layers and the
wake of trailing edge only. Further down the Reynolds scale,
losses increase dramatically~d!. Transition has now moved so far
downstream that the turbulent free shear layer cannot reattach
before the trailing edge. The largest part of the losses now is
produced by the mixing out of the separation in the wake~1!. The
extension of this separation away from the profile wall increases
rapidly with decreasing Reynolds number, because transition is
shifted downstream. It has a maximum when the transition point
in the free shear layer reaches the plane of the trailing edge. Be-
yond that point~e! rising losses are caused by the growing free
shear layer thickness with falling Reynolds number. Laminar

separation that does not reattach is the case of the so-called strong
viscous/inviscid interaction or separation bubble bursting.

There appears to be a wide Reynolds number range with low
losses. The second optimization criterion, however, low weight,
demands small size or few airfoils, which means the lowest pos-
sible Reynolds number.

The designer has to work very carefully to avoid the risk of an
efficiency collapse. This requires an accurate prediction of the
development of the separation bubble, e.g., the transition and re-
attachment point. Failure to achieve this can affect the efficiency
by several percent and the life of components by more than an
order of magnitude@1#.

Current industrial turbomachinery blade design is still largely
based on empirical correlation methods for handling transition,
primarily within integral boundary layer codes. Such methods
work effectively over a range of flow parameters~Reynolds num-
ber, turbulence level, etc.! at design conditions, but become less
reliable at off-design conditions, when the transition is involved in
separation@2#.

On the other hand, most transition models are obtained from
steady flow experiments. Turbomachinery flow, however, is un-
steady. Each blade row produces a nonuniform exit flow field due
to both potential and viscous flow effects~Fig. 2!. The inlet flow
field to the downstream blade row is therefore characterized by
periodic changes in entropy, stagnation pressure, Mach number,
radial and pitchwise flow angles, and turbulence. Due to the rela-
tive motion of adjacent blade rows, a downstream blade row ex-
periences an inlet flow that is periodically unsteady.

As a result of the unsteadiness that arises due to the interaction
of the nonuniform exit flow from an upstream blade row with a
downstream one, the surface pressure distribution and the bound-
ary layer characteristics of the latter undergo periodic changes.
One of the most important of these changes is that which occurs
as the boundary layers periodically undergo transition from lami-

1Present address: MTU Aero Engines, Dachauer Str. 665, 80995 Munich,
Germany.

Contributed by the International Gas Turbine Institute and presented at the 45th
International Gas Turbine and Aeroengine Congress and Exhibition, Munich, Ger-
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nar to turbulent flow. This unsteady transition affects not only the
production of aerodynamic loss but also the heat transfer rates.

The wakes of upstream blades involve a periodic~velocity
wake! and a random~turbulence wake! component. Both phenom-
ena have a direct effect on the development of the boundary layers
on the downstream blades. The relative importance of these phe-
nomena still remains unclear@3#.

There are too many published studies related to boundary layer
transition and separation bubble to be cited here. A generally ac-
cepted classification@4# shows that there are four important modes
of transition in a boundary layer: natural transition, bypass transi-
tion, separated flow transition, and reverse transition. Separated
flow transition is the mode of transition of which the least is
known. Empirical data on the formation of the separation bubbles,
under different experimental conditions, have been obtained by
many authors such as: Gault@5#, Gaster@6#, Horton @7#, Malkiel
and Mayle@8#, and others. The influence of the Reynolds number
and main flow turbulence level on separated flow behavior was
studied by Roberts@9#. The interaction between separation
bubbles and transition was observed by Hatman and Wang@10# in
a low-speed test facility. A strong influence of upstream wakes on
the separation bubble has been found by Dong and Cumpsty@11#.
Researchers from GE Aircraft Engines~Halstead, Wisler, Shin!,
from the Iowa State University~Okiishi!, the University of Tas-
mania~Walker!, and the University of Cambridge~Hodson! @12#
carried out a comprehensive experimental study of the unsteady
wake effects on the downstream blade rows of a compressor and
turbine stage in an effort to understand the physics of unsteady
transition. Miller and Fejer@13# and Obremski and Fejer@14# have
investigated the influence of main flow oscillations on the transi-
tion in attached boundary layers over a flat plate. However, no
studies separating the effects of the velocity and turbulence wakes
on the separation bubbles are known to the authors.

To improve the physical understanding of separation bubbles
under steady and periodic-unsteady main flow conditions, the
highly loaded blade boundary layer is simulated in a low-speed
test facility. A large flat plate and a curved wall opposite the plate

were used to generate a boundary layer with a separation bubble.
The characteristics of separation, transition, and reattachment
were studied. The main flow oscillations were generated by a
rotating flap downstream of the test section. This experimental
setup simulated the trailing edge velocity wake and permitted a
study of this effect alone without the influence of the associated
turbulence in the wake.

Experimental Setup
The experiments were conducted at the Berlin University of

Technology in an unsteady low-speed wind tunnel~Fig. 3!, which
is an open circuit wind tunnel of suction type. It incorporates an
inlet, a settling chamber fitted with a honeycomb straightener, a
square 9:1 contraction, and a square test section of 0.4 m width,
0.4 m height, and 1.5 m length. The test section is followed by a
rotating flap and a diffuser.

Under steady flow conditions a velocity range from zero to 40
m/s can be realized in the test section. The variation of the mean
flow velocity across the test section is less than 0.75 percent. The
turbulence level of the main flow is about 0.5 percent. The oscil-
lating flow is generated by the rotating flap between the test sec-
tion and the diffuser. The flap closes the passage twice in every
cycle of rotation. The rotating flap is a sheet metal plate and can
be varied in width so that in the limit case the duct is completely
closed. It is driven at a constant speed from 0 to 50 cycles per
second, giving a frequency range of flow oscillations of up to 100
Hz @15#.

For the boundary layer investigation reported in this paper, a
plate of 1 m length is located in the test section, which is shown in
Fig. 4. Particular attention was paid to surface finish giving excel-
lent flatness and smoothness. The leading edge has a NACA 0009
profile form to avoid leading edge separation. A contoured wall
opposite the test plate is used to generate the required pressure
distribution. A one-dimensional potential flow analysis was used
for designing the contour to produce a pressure distribution with

Fig. 1 Reynolds number effects on performance of a turbine
cascade †2‡

Fig. 2 Rotor Õstator interaction of a turbine stage

Fig. 3 Periodic-unsteady low-speed wind tunnel

Fig. 4 Test section
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minimum surface friction. This method was recommended by
Stratford@16# to optimize the turbulent boundary layer for maxi-
mum diffusion.

The experimental setup has been designed to reproduce turbo-
machinery conditions except for compressibility. The Reynolds
number covers a range from 13105 to 23106, the Strouhal num-
ber from 0 to 3, and the velocity amplitude from 0 to 20 percent.

The distribution of the time-averaged wall static pressure on the
test plate was measured at a number of streamwise locations with
pressure taps. For the time-resolved measurements, Honeywell
pressure transducers~176PC07HD2! were used.

A TSI IFA 300 hot-wire anemometer was used to measure the
velocity of the boundary layer. A special three-dimensional tra-
verse mechanism was designed and mounted on the side of the
test section to obtain a high spatial resolution of the whole bubble
structure.

Experimental Results
The flow structure and the separation bubble formation were

analyzed for steady and periodic-unsteady main flow conditions.
The data analysis was mainly focused on the major parameters,
which determine the evolution of a separation bubble.

Steady Main Flow Conditions. Under steady main flow con-
ditions, four experiments were run using four different Reynolds
numbers: Rè5U`L/n52.93105, 6.23105, 1.03106, 1.43106,
where U` is the velocity at the test section inlet,L the plate
length, andn the kinematic viscosity. All four experiments show
similar characteristics. This paper describes in detail the flow
structure of one case only with Re`56.23105. Where necessary,
the analysis and discussion will include results of other cases.

For the chosen case, the normalized main flow velocities over
the plate derived from the static pressure measurements and mea-
sured with hot-wire probes are shown against the streamwise po-
sition in Fig. 5. The normalization was done by the incoming flow
velocity U` and the plate length. A good agreement in the com-
parison of the two measurement techniques can be observed. On
the other hand, a similar velocity distribution to that of blades can
be found here. The main flow over the flat plate is first accelerated
up to the velocity peak atx/L50.3 and then diffused by the ad-
verse pressure gradient.

A separation bubble can be clearly identified. The laminar
boundary layer separates atx/L50.4, where the adverse pressure
gradient is sufficiently strong. Fromx/L50.4 to 0.455, the main
flow velocity remains almost constant, which is typical for the
stagnating flow beneath the separated laminar layer. Beyondx/L
50.455 transition occurs and the main flow velocity decreases
rapidly. Reattachment takes place atx/L50.48.

The plots of the mean velocity field and the rms velocity field
normalized withU` in Fig. 6 show the general bubble configura-

tion, consisting of the separated shear layer, the stagnant fluid
region, and the area of the rms maximum, which indicates the
development of transition and reattachment. The dividing stream-
line and the line of inflection points in the velocity profiles are
marked in both diagrams. The practically static behavior of the
fluid in the separation bubble can be verified in the area under the
dividing streamline. The relatively higher mean velocity of the
turbulent part in the separation bubble is related to the unsteadi-
ness of the transition and reattachment, which was observed by
laser-sheet flow visualization. It was also observed that the sepa-
ration point remains almost constant. From the normalized rms
velocity field, one can see that the flow fluctuations originate on
the line of inflection points in the velocity profiles. A region of
high turbulence can be identified atx/L50.485. The rms velocity
decreases downstream to those of the turbulent boundary layer.

Obviously, the line of inflection points in the velocity profiles is
significant for the development of transition and reattachment.
From the point of view of free shear layer stability theory, points
of maximum vorticity are inherently unstable. An evaluation of
the frequency spectra contributes to the understanding of these
phenomena.

The velocity power spectra at six points along the line of maxi-
mum vorticity are shown in Fig. 7. To enhance the differences, the
spectra are presented in logarithmic form. At the first location
x/L50.42 the flow is laminar. The power spectrum level is quite
low. No special events can be found here. Atx/L50.43 a fre-
quency range concentrated around 480 Hz shows a distinct ampli-
tude rise while the overall power spectrum remains unchanged.
This is caused by the amplification of the free shear layer insta-
bility. Farther downstream atx/L50.44 this frequency range be-
comes more pronounced and the overall levels of the spectrum
start rising. Atx/L50.45 a second frequency range as the super-
harmonic of the first one can be observed. This observation is
different from that of Malkiel and Mayle@8#, who presented the
subharmonic instability waves. Farther downstream atx/L
50.46, the two frequency ranges are still present, and the high-
frequency part of the power spectrum level increases dramatically
indicating the transition to turbulence. Turbulent spots and the
associated intermittency, like those occurring in attached bound-
ary layers@4#, could not be identified in the corresponding time
traces, which are not shown in this paper. Transition to turbulenceFig. 5 Velocity distribution over the flat plate

Fig. 6 Velocity field around the separation bubble
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happens very rapidly within a very short length of the free shear
layer. At the last locationx/L50.47 the flow is fully turbulent,
and the instability waves almost disappear in the overall levels of
turbulence.

Summing up these results, the transition process via a separa-
tion bubble can be described as follows.

• Free shear layer instability originates at the maximum vortic-
ity point of the velocity profile and energy is transferred from
the shear flow to the instability waves.

• The instability waves are amplified downstream and finally
trigger transition.

• Due to the turbulent fluctuation, the momentum transfer
across the shear layer is increased. This causes the reattach-
ment of the free shear layer.

• The free shear layer apparently has considerably less damp-
ing capability then the attached boundary layer. Transition
takes place rapidly over an extremely short transition length.

These results agree with the observation by Hatman and Wang
@10#. The separation bubble can be identified as one in short
mode.

The streamwise distributions of displacement thicknessd1 , mo-
mentum thicknessd2 , and the shape factorH12 are shown in Fig.
8. The initial growth of the displacement thickness and the shape
factor, up to the separation point, is significantly lower than down-
stream of the separation point and upstream of the maximum dis-
placement location. Within the separation bubble between the
separation pointxS and reattachmentxR , the momentum thick-

ness does not demonstrate any unusual behavior. Growth in the
turbulent part of the free shear layer after transition, and down-
stream of the maximum displacement pointxMD , is considerably
stronger than in the laminar part. This corresponds to the charac-
teristics of the attached boundary layer and is due to the definition
of d2 . The low-velocity separation region does not contribute
significantly to the integral parameter. Momentum thickness can
be used to treat the free shear layer like a wall boundary layer at
incipient separation@17#. Displacement thickness and correspond-
ingly the shape factor contain the displacement of the dead water.
They depend on the shape of the wall and have no generalized
characteristics.

After reattachment, although the resulting turbulent boundary
layer may be structurally different from the one resulting from
transition in attached flow, the shape factor decreases to a nearly
turbulent valueH1251.4 for decelerated flows.

The main parameters describing the separation bubble for the
four test cases are presented in Table 1. There are some remark-
able points to be mentioned. The Reynolds number based on the
momentum thickness at the separation point increase with higher
overall Reynolds number Re` as expected. The separation points
for the four test cases remain the same, while the maximum dis-
placement locations, the reattachment points, and the maximum
rms velocity locations vary considerably. The unchanged separa-
tion point may contribute to the constant normalized velocity dis-
tributions of the main flow for the four test cases. The maximum
rms velocity location can be found somewhere near the reattach-
ment point. It lies upstream of the reattachment point at the lowest
Reynolds number (2.93105), and downstream of that point at the
other three Reynolds numbers.

The shape of the dividing streamlines can be used as a measure
for the separation bubble size. Derived from the velocity profile
measurements, they are shown in Fig. 9 for the four test cases.
The length of the separation bubble can be verified from the main
flow velocity distribution~see Fig. 5!. Each of them has an almost
linear rise downstream of the separation pointxS and upstream of
the maximum displacement locationxMD .

It can be observed that the bubble length increases with lower
Reynolds number. This is due to the delay of transition of the free
shear layer. It can also be observed that the rate of displacement
growth increases with lower Reynolds numbers. This phenom-
enon has also been confirmed by laser light sheet flow visualiza-
tion. The mechanism causing this behavior is not yet understood
by the authors.

The shape of the bubble obviously depends both on the Rey-
nolds number and the pressure distribution that would arise with-
out separation. The most suitable nondimensional parameter de-

Fig. 7 Velocity power spectra along the line of inflection
points in the velocity profiles

Fig. 8 Boundary layer thicknesses and shape factor

Table 1 Parameters describing separation bubble for four test
cases
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scribing this pressure distribution in the region of the bubble is
called acceleration parameter and given byAC5n/U2(dU/dx).
This parameter varies between23.54 and20.78 for the four test
cases. The Pohlhausen parameter at the separation point PoS

5(Re2)
2ACS lies between20.086 and20.080 for the Reynolds

number range investigated and well meets the empirical value
20.082 suggested by Thwaites@18#.

A plot of the Reynolds number ReSMD5Us(xMD2xS)/n, based
on the conditions at separation and the distance (xMD2xS) versus
the momentum thickness Reynolds number Re2S5Usd2 /n, is
shown in Fig. 10. The data taken from measurements of Gault@4#,
Gaster @6#, and Bellows@19# at low turbulence level, and the
empirical formula by Mayle@3#:

ReSMD5700 Re2S (1)

are also plotted in this figure as a comparison. The data are in
good agreement with previous experiments.

Periodic-Unsteady Main Flow Conditions. Three experi-
ments were run under periodic-unsteady main flow conditions us-
ing different Strouhal numbers and oscillation amplitudes at an
almost constant Reynolds number typical for turbomachinery
blades. This paper describes the flow structure of one case in
detail. The analysis and discussion will include results of the other
cases without showing the flow structure.

In the interest of the main flow quality, Fig. 6 shows the incom-
ing flow velocity signal and its power spectrum for the present test

case. It can be seen that the flow contains a fundamental fre-
quency~equal to twice the flap frequency! and a number of har-
monics, which decrease in amplitude rapidly~Fig. 11!. The in-
coming flow can be represented as follows:

U`5U01U1 sin~2p f 1w! (2)

whereU0 is the time-averaged velocity,U1 is the oscillation am-
plitude,f is the oscillation frequency, andw is the phase shift. The
unsteady boundary layer around the test plate is characterized by
three nondimensional parameters, i.e., overall Reynolds number
Re, Strouhal number Sr, and relative oscillation amplitudeA de-
fined as follows:

Re5
U0L

n
, Sr5

f L

U0
, and A5

U1

U0
(3)

whereL is the length of the test plate. In the present case,U0 was
7.9 m/s andf was 7.0 Hz, corresponding to Re55.453105 and
Sr50.89, respectively. The relative amplitude of the velocity os-
cillation was 13 percent.

Figure 12 presents the normalized time-averaged mean velocity
profiles and a series of velocity time traces of the hot-wire mea-
surements for reference. The velocity profiles of the boundary
layer were measured atx/L50.39, 0.41, 0.43, 0.45, 0.47, and
0.49. The time-averaged velocity profiles are shown in the central
diagram of this figure. The normalization was done by the time-
averaged velocityU0 of the incoming flow. A separation bubble
configuration can be identified from the velocity profiles. The di-
viding streamline and the line of inflection points in the velocity
profiles are marked in this diagram. A similar bubble formation to
that of steady flows can be found here. However, in comparison to
the separation bubble shown in Fig. 6 for steady flow conditions,
one can find a shorter bubble under unsteady conditions, although
the overall Reynolds number is lower.

The time-averaged length of the separation bubble shown in
Fig. 12 matches well that from surface static pressure measure-
ments, which are not shown in this paper. The typical velocity
signals around the separation bubble against time are shown in
Fig. 12~A, B, C, D, E, F, andG!. Three distinct regions of flow
can be identified from the measurements. The first, which is stable
laminar flow, is plotted in Fig. 12~A!. At this location, only very
low-level random information can be observed in addition to the

Fig. 9 Separation bubble size of the four test cases

Fig. 10 Reynolds number based on the length from separation
to transition as a function of the momentum thickness Rey-
nolds number at separation point

Fig. 11 Incoming flow signal of the periodic-unsteady bound-
ary layer
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flow oscillation. The second or intermittent region is shown in
Fig. 12~B, C, and G!. At these locations, a periodic change be-
tween laminar and turbulent flow can be identified. The portion of
turbulent flow increases continuously downstream from~B! to
~C!. The flow velocity in the separation bubble and its oscillation
amplitude plotted in Fig. 12~G! are obviously much smaller than
those over the bubble plotted in Fig. 12~B and C!. The velocity
signals in Fig. 12~C andG! are measured at the samex position
x/L50.45. The flow velocity signals at these three positions con-
tain instability waves. Just as under steady conditions, two har-
monic instability frequency ranges can be observed at 350 Hz and
700 Hz. It should be noted that in other test cases the two fre-
quency ranges were nonharmonic@15#. These instability waves
occur periodically first in the trough of the velocity trace. They
subsequently increase in amplitude and move into the decelerating
part of the velocity trace. The associated onset of transition has
the same characteristic. To demonstrate the development of the
free shear layer instability, the velocity power spectra along the
line of inflection points in the time-averaged velocity profiles are
shown in Fig. 13. A similar evolution to that for steady flow
conditions shown in Fig. 7 can be found here.

The last region is the turbulent region, which is presented in
Fig. 12~D, E, andF!. In this region the flow is fully turbulent; the
random and periodic components of the velocity signal are of
similar magnitude. One can see that the magnitude of the random
component increases downstream fromD to E at first, and then
decreases fromE to F. This will be shown and discussed more
clearly with the ensemble-averaged velocity fields in Fig. 14 and
15.

The complexity of the intermittent region comes from the fact
that it contains two periodically alternating flow structures: one
pertaining to the laminar flow and the other pertaining to the tur-
bulent flow. The best impression of the periodic-unsteady bound-

ary layer with separation bubble can be obtained, if one looks at
the normalized ensemble-averaged mean velocity field and the
normalized ensemble-averaged rms velocity field. Both of them
will be used to demonstrate the temporal and spatial development
of the unsteady boundary layer.

Figure 14 shows the normalized ensemble-averaged mean ve-
locity field for the present test case. Eight points in time are pre-
sented within an oscillation period. From top to bottom in this
figure, the incoming flow experiences a sinusoidal oscillation. The
plots of t/T50 and 0.5 stand for the flow field when the main
flow reaches its time-averaged velocity; the plot oft/T50.25 pre-
sents the flow field for the maximum main flow velocity and plot
of t/T50.75 for the minimum main flow velocity. One can see the

Fig. 12 Time-averaged velocity profiles and typical velocity signals of the periodic-unsteady boundary layer

Fig. 13 Velocity power spectra along the inflection point line
in the time-averaged velocity profiles
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streamwise deceleration of the main flow in all plots, and identify
the separation bubble through the area of the low velocity. Re-
markable is the difference of the bubble size between the plot
t/T50 and the plott/T50.5, although their main flow fields are
almost the same. The shortest bubble can be found betweent/T
50.5 and 0.625, and not att/T50.25 with the maximum main

flow velocity. This indicates the existence of a phase shift be-
tween the velocities of the boundary layer and the main flow. The
bubble needs some time to respond to the main flow oscillation.
Figure 15 shows the normalized ensemble-averaged rms velocity
field for the present case. The time allocation is the same as in
Fig. 14. In each plot of Fig. 15, one can find a region with unusu-

Fig. 14 Normalized ensemble-averaged mean velocity field
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ally high turbulence levels similar to that observed under steady
flow conditions. An oscillation of this location can also be iden-
tified from the plots from top to bottom. The phase shift men-
tioned above can be verified.

Figure 16 shows the phase shift and the absolute/relative am-
plitude of the flow oscillation. The relative amplitudea indicates

the flow oscillation level in comparison to the time-averaged flow,
and is equal to the absolute amplitudeu1 divided by the time-
averaged mean flow velocityu0 .

Outside of the separation bubble the flow oscillates in-phase.
The amplitude remains almost the same as that of the incoming
flow. This well reflects the characteristic of incompressible flow.

Fig. 15 Normalized ensemble-averaged rms velocity field
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There are two areas with phase shift. The laminar area of the
separation bubble has a positive phase shift, while the turbulent
one has a negative phase shift. In the transition area no phase shift
can be identified. It appears as two masses connected by a spring.
During swing a fixed point separates two areas with different
phase shift. It can also be observed, that the flow oscillations in
the inflection points region and in the reattachment region are
relatively strong with larger amplitude. The two regions are ex-
tremely sensitive to main flow oscillation. Between these two re-
gions the amplitude of the flow oscillation is almost zero. The
flow in this third region can be treated as a steady flow. This
location can be defined as the time-averaged transition position.

The time–space diagram presenting the oscillating separation,
transition, and reattachment characteristic is shown in Fig. 17.
This diagram obtained from velocity measurements agrees with
that from surface dynamic pressure measurements, which are not
shown in this paper. It can be seen that the laminar separation
point does not appear to respond to the unsteadiness of the main

flow, whereas the transition and reattachment points show a strong
interaction. Laminar flow does not, at any time, appear down-
stream of the turbulent flow region as in the case of an attached
boundary layer measured by Obremski and Fejer@14#.

The effect of Strouhal number and oscillation amplitude on the
separation bubble was also investigated. Lower Strouhal numbers
result in a reduction of the phase shift of the separation bubble
oscillation. This means that in terms of phase shift the separation
bubble responds more slowly to high-frequency oscillations. This
result also agrees with the theoretical analysis for attached bound-
ary layer at very high Strouhal numbers@20#. For the limit case of
a very low Strouhal number a quasi-steady flow field without
phase shift is present. A lower amplitude of the main flow oscil-
lation causes a lower amplitude of the separation bubble oscilla-
tion as expected.

Conclusions
The following conclusions may be drawn from the experimen-

tal results for steady and periodic-unsteady boundary layers with
separation bubble:

• Transition via a separation bubble shows a typical structure
of laminar separation, transition of the free shear layer, and
reattachment. A region of high turbulence levels can be ob-
served downstream of the transition point both in steady and
unsteady flow.

• The dividing streamline of the separation bubble has a quasi-
linear rise directly downstream of the separation point. The
displacement growth rate of the separation bubble depends on
the Reynolds number.

• Momentum thickness in steady flow behaves very similarly
to that of an attached boundary layer. It can be used as a
major parameter describing the separation bubble.

• Higher Reynolds numbers resulting in earlier transition re-
duce the length of the separation bubble, while the separation
point does not change its location.

• Transition and the associated reattachment via a separation
bubble are dominated by the free shear layer instability. Two
instability frequency ranges are identified.

• The periodic-unsteady main flow induces an oscillation of the
separation bubble. During the oscillation, a fixed laminar
separation point can be observed, while all other parameters
of the separation bubble oscillate with the main flow. At the
separation bubble two areas with opposite phase shift relative
to the main flow can be observed. The inflection point region
and the reattachment point region respond very strongly to
the main flow oscillation in terms of amplitude.

• A shorter time-averaged separation bubble was observed than
under steady conditions, although the overall Reynolds num-
ber was smaller.

• The Strouhal number of the main flow appears to have only a
minor effect on the amplitude of the separation bubble oscil-
lation. But it has an effect on the phase shift. It increases with
Strouhal number.

Nomenclature

A, a 5 relative amplitude;A5U1 /U0 ; a5u1 /u0
AC 5 acceleration parameter5n/U2(dU/dx)

f 5 oscillation frequency
H12 5 shape factor

L 5 plate length
Po 5 Pohlhausen parameter5(Re2)

2AC
Re 5 Reynolds number; Rè5U`L/n
Sr 5 Strouhal number5 f L/U0

t 5 time
U, u 5 flow velocity

x, y, z 5 Cartesian coordinates
d1 5 displacement thickness

Fig. 16 Oscillation characteristic of the separation bubble

Fig. 17 Time-space diagram of the separation, transition, and
reattachment „ReÄ54,500, SrÄ0.89, AÄ13 percent …
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d2 5 momentum thickness
n 5 kinematic viscosity

Subscripts

` 5 incoming flow
0 5 time-averaged values
1 5 oscillating amplitude; displacement thickness
2 5 momentum thickness
S 5 separation point

MD 5 maximal displacement location
R 5 reattachment point

u8 max5 the location of maximal rms velocity
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The Use of Hot-Wire Anemometry
to Investigate Unsteady
Wake-Induced Boundary-Layer
Development on a High-Lift LP
Turbine Cascade
Recent research has revealed positive effects of unsteady flow on the development of
boundary layers in turbine cascades, especially at conditions with a laminar suction side
separation bubble at low Reynolds numbers. Compared to steady flow, a reduction of
total pressure loss coefficient over a broad range of Reynolds numbers has been shown.
Taking into account the positive effects of wake-induced transition already during the
design process, new high lift bladings with nearly the same low losses at unsteady inlet
flow conditions could be achieved. This leads to a reduction of weight and cost of the
whole turbine module for a constant stage loading. Unsteady flow in turbomachines is
caused by the relative motion of rotor and stator rows. For simulating a moving blade
row upstream of a linear cascade in the High-Speed Cascade Wind Tunnel of the Uni-
versität der Bundeswehr Mu¨nchen, a wake generator has been designed and built. The
wakes are generated with bars, moving with a velocity of up to 40 m/s in the test section
upstream of the cascade inlet plane. Unsteady flow causes the transition on the surface of
the suction side of a low-pressure turbine blade to move upstream whenever an incoming
wake is present on the surface; moreover, a laminar separation bubble can be diminished
or even suppressed. In order to detect the effects of wakes on the boundary layer devel-
opment a new hot wire data acquisition system is required. Due to the fact that hot wires
give a good insight into boundary layer development, a new hot-wire data acquisition
system has been set up. The anemometry system can acquire four channels simulta-
neously, therefore being capable of logging a triple hot-wire sensor and a bar trigger
simultaneously. One further channel is utilized for a once-per-revolution trigger. The
once-per-revolution trigger is used to start the measurement of one data block. Using the
well-established ensemble-averaging technique, 300 ensembles each consisting of five
wake passing periods have been acquired. Ensemble averaging can be directly performed
without any data reduction. The adaptation of this new hot-wire anemometry data acqui-
sition system to the High-Speed Cascade Wind Tunnel of the Universita¨t der Bundeswehr
München is pointed out. First, results on unsteady periodic boundary layer development
of a highly loaded low-pressure turbine cascade under unsteady inlet flow conditions are
presented. During the present investigation four boundary layer traverses, ranging from
x/lax50.82 to x/lax50.99 (suction side), at steady and unsteady inlet flow conditions
~Ubar510 m/s! at an outlet Reynolds number of Re2th5100,000 have been conducted.
@S0889-504X~00!00204-X#

Introduction
Positive effects of rotor–stator interaction mainly occur in

high-lift low-pressure turbines, where a laminar suction side sepa-
ration bubble exists, especially at low Reynolds numbers@1,2#.
Incoming wakes force the boundary layer of the suction side to
undergo transition, whenever the Reynolds number based upon
momentum thickness exceeds the range of Reu590– 150 @3,4#.
Following the wake-induced transitional regions, calmed regions
appear, which show laminar-like boundary layer behavior@2,5,6#.
With a full velocity profile and low entropy generation the calmed
region combines the positive properties of laminar and turbulent
boundary layers. It is able to inhibit turbulent spot generation and
withstand larger adverse pressure gradients than conventional
laminar boundary layers. The calmed region is therefore able to

suppress or delay a laminar suction side separation bubble. The
replacement of a thick laminar separation bubble that is present at
steady inflow conditions with intermittently becalmed or transi-
tional attached flow at unsteady inflow conditions leads to a time
mean reduction of loss generation@7–9#. Extra benefit may be
gained by setting an optimal sequence of transitional, separated
and becalmed regions, hence a favorable reduced frequency@2# of
the rotor wakes. In general the positive effect of rotor–stator in-
teraction increases at higher loading@3,7#. Furthermore, the in-
coming wakes are influencing the whole suction side boundary
layer by thickening the boundary layer@10#.

Several parameters influence the loss generation of the low-
pressure turbine blade: the Reynolds number Re, the Strouhal
number Sr, the wake strength~turbulence intensity or velocity
deficit within the wake and the wake width!, and the loading of
the turbine cascade.

The gap of experiments on rotor–stator interaction on high-lift
low-pressure turbines between turbine rig testing@5,11,12# and
testing at low-speed cascade wind tunnels@1–3,12#, was closed by

Contributed by the International Gas Turbine Institute and presented at the 45th
International Gas Turbine and Aeroengine Congress and Exhibition, Munich, Ger-
many, May 8–11, 2000. Manuscript received by the International Gas Turbine Insti-
tute February 2000. Paper No. 2000-GT-49. Review Chair: D. Ballal.
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Acton et al. @13# and Brunner et al.@9# who pointed out a re-
establishment of a laminar separation bubble between two wake-
induced turbulent patches at design conditions of the investigated
high lift blading.

In order to prove the results on a high-lift low-pressure turbine
cascade, a HWA measurement technique was set up to determine
the steady and periodic unsteady boundary layer development.
The ensemble-average technique delivers velocity and turbulence
profiles. These time-resolved velocity profiles are taken to evalu-
ate time resolved integral boundary layer parameters. Therefore
data@9# taken by pneumatic and hot-film measurements could be
verified and supplemented. Furthermore, steady and periodic un-
steady integral boundary layer parameters have been calculated in
order to optimize design criteria for high-lift low-pressure turbines
considering effects of rotor–stator interaction.

Experimental Setup

High-Speed Cascade Wind Tunnel. The experiments were
carried out at the High-Speed Cascade Wind Tunnel~Fig. 1! of
the Universita¨t der Bundeswehr Mu¨nchen. This wind tunnel is an
open-loop facility, which can operate continuously and reach
Mach numbers up to Ma51.05 in the test section. Being built
inside a large pressure tank, the wind tunnel offers the possibility
to vary the Mach and Reynolds numbers in the test section inde-
pendently@14# in order to simulate the flow conditions correctly
inside turbomachines.

The air is supplied by a six-stage axial compressor, driven by a
1.3 MW a.c. electric motor, which is situated outside the pressure
tank. The air enters through a diffuser into a settling chamber
where it is cooled down to an adjustable constant temperature
~30°C to 60°C!. A turbulence generator and a nozzle are posi-
tioned upstream of the 300-mm-wide test section. It has variable
height. The following data were used in order to monitor the flow
conditions of the cascade main stream flow@14#: the total tem-
perature in the settling chamber, the static pressure in the tank

~downstream conditions!, the static pressure, and the total pressure
of the main stream flow upstream of the cascade.

Wake Generator. In turbomachines, periodically unsteady
flow is caused by the relative motion of rotor and stator rows. A
wake generator has been designed and built in order to simulate a
moving blade row upstream of the linear turbine cascade in the
High-Speed Cascade Wind Tunnel of the Universita¨t der Bunde-
swehr München~Fig. 2! @13#. The wakes are generated with cy-
lindrical bars moving with a velocity of up to 40 m/s in the test
section upstream of the cascade inlet plane~Table 1!. As shown
by Pfeil and Eifler@15# the far wake of a cylinder is similar to that
of an airfoil assumed that both cause the same total pressure
losses. With the wake generator an angle of the incoming wake of
about 55 deg (Sr51.06) can be generated, whereas a representa-
tive turbine has a wake angle of about 65 deg (cax/U50.85).
Investigations@16# conducted on a turbine cascade showed a
strong dependency of the wake-induced transition on the incom-
ing turbulence intensity and less on the angle of the incoming
wake. So despite this deviation of the velocity triangle basic in-
vestigations on the effects of wake-induced transition on the suc-
tion side boundary layer can be performed.

The principle of the wake generator is based on cylindrical bars
fastened to two rubber timing belts moving in front of and behind
the cascade. The timing belts, having a length of 4000 mm, span
two main pulleys with a diameter of 400 mm positioned above
and below each cascade. The distance between the trailing edge of
each cascade and the returning bars is large enough that the flow
in the blade passages is not disturbed and to allow the traverse of
all probe types usually employed during the tests. The driving
pulley is positioned on the lower main shaft and is connected by a
timing belt to the a.c. electric motor using a 1:1 transmission ratio.
The water-cooled motor has a nominal maximum power of 10 kW
at 3000 rpm. With the motor the bars can be moved in both
directions for simulating the rotor–stator interaction of compres-

Fig. 1 High-speed cascade wind tunnel
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sor as well as of turbine stages. The velocity of the motor can be
digitally controlled with an accuracy of 0.1 rpm from 100 to 3000
rpm.

In order to avoid disturbances of the inlet flow due to the timing
belts in front of the cascades, it was necessary to reduce the width
of the test section to 176 mm. Thus, the blade aspect ratio for the
used cascade was reduced to 1.76, too. Due to flow visualizations
with the oil-and-dye technique on the blade surface of the cascade
and with a flow field traverse downstream (x/ l ax51.5) of the
cascade, a two-dimensional flow at midspan of the turbine cascade
had been assured.

Pneumatic Measurements. Measurements of the surface
pressure distribution and wake traverses in a planex/ l ax51.5
downstream of the cascade inlet plane have been performed. All
measurements have been taken at midspan of the turbine cascade.
The surface pressure distribution has been measured utilizing a
Scanivalve SDIU-System, and the wake traverses have been con-
ducted with a five-hole probe and a PSI DPT6400-Pressure-
Measurement-System evaluated according to Amecke@17# and
Ganzert and Fottner@18#.

New Hot-Wire Anemometry Data Acquisition System. In
order to control the acquisition and evaluation of peripheral and
HWA data for steady and periodic unsteady inflow conditions, a
software package was developed~WINSMASH @19#!.

The software is highly modular and flexible for many different
test applications. All features are embedded in a user-friendly Mi-
crosoft Windows based graphical user interface. When program-
ming the software, parts of the software for profile pressure dis-
tribution measurements ~WINPANDA @18#! were used.
WINSMASH is able to handle one-dimensional and three-
dimensional, steady and periodic unsteady measurements just as
measurements with film cooling injection. Furthermore, different
traversing applications are possible such as boundary layer pro-

files and boundary layer planes perpendicular to the profile sur-
face; even wake and field traverses downstream of the cascade are
installed. The software package includes probe calibration rou-
tines for the velocity and directional~three-dimensional probes!
characteristics as well. The data reduction of the peripheral data is
performed within the measurement routines in order to monitor
the current cascade main flow conditions. The HWA signals are
saved in binary files for further off-line evaluation which is imple-
mented as well for one-dimensional and three-dimensional, steady
and periodic unsteady measurements.

In order to prove the capacity of WINSMASH first results are
shown for one-dimensional steady and periodic unsteady bound-
ary layer profiles of a highly loaded turbine blade.

HWA Measurements. The complete HWA data acquisition
system is shown in Fig. 3. The monitoring of the test facility, the
traversing system and the HWA data acquisition is controlled by a
P II 300 Intel PC. The peripheral data acquisition and the travers-
ing system are controlled via GPIB bus. The turbulence intensity
and the velocity deficit due to the bars in each cascade inlet plane
have been measured with a standard HD hot-film probe
~DANTEC HF-55R01!, the boundary layer profiles are measured
by hot-wire probes~DANTEC HW-55P15!. Both are connected to
a constant-temperature bridge of the type DANTEC 55M01. The
analog anemometer output is digitized by a National Instruments
DAQ board PCI-6110E. The board allows four analog inputs with
5 mega samples per second simultaneous sampled with 12-bit
resolution. For the measurements with periodic unsteady inflow
conditions a once-per-revolution trigger is used to start the HWA
signal acquisition of each data block. The fourth analog input
channel is used for the detection of each bar.

The sensor calibration has been performed in the cascade inlet
plane of the wind tunnel test section and a fourth-order polyno-
mial has been used for the approximation of the calibration curve.

Glue-on Hot-Film Measurements. Wake induced transition
is qualitatively mapped by employing a simultaneous surface hot-

Fig. 2 Generator of unsteady inlet flow conditions

Fig. 3 HWA data acquisition system

Table 1 Design data for wake generator
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film CTA anemometry system~DANTEC-Streamline! @20#.
Twelve SENFLEX hot-film sensors have been logged simulta-
neously. Totally 24 hot-film sensors spaced 2.5 mm apart have
been used to detect the location and the mode of transition by the
normalized rms value of the anemometer output signal.

Data Reduction. For both measurements the well-established
ensemble average technique has been applied to evaluate the raw
data, using 300 ensembles each consisting of five, wake passing
periods.

The ensemble average of a time-dependent quantityb is given
by:

b̃~ t !5
1

N
•(

j 51

N

bj~ t ! (1)

where N is the number of ensembles and the ensemble rms is
given by:

Ab̃82~ t !5A 1

N21
•(

j 51

N

~bj~ t !2b̃~ t !!2 (2)

The skewness~third-order moment!

m3~ t !5
1

~ b̃~ t !!3
•

1

N21
•(

j 51

N

~bj~ t !2b̃~ t !!3 (3)

has also been calculated in order to gain a deeper insight into the
boundary layer characteristics.

In the case of the one-dimensional hot-film and hot-wire data,b
is set to the velocity and for the glued-on hot-film data to the
anemometer output voltage.

For the calculation of the integral boundary layer parameters
the boundary layer thicknessd is be determined:

d~ t !5y•S w~y, t !

w`
50.99D (4)

The boundary layer displacement thicknessd1 is calculated from:

d1~ t !5E
0

d~ t !F12
r~y, t !•w~y, t !

r~d~ t !, t !•w~d~ t !, t !Gdy (5)

The boundary layer momentum thicknessd2 is obtained from:

d2~ t !5E
0

d~ t ! r~y, t !•w~y, t !

r~d~ t !, t !•w~d~ t !, t ! F12
w~y, t !

w~d~ t !, t !Gdy (6)

The shape factorH12 results from the quotient ofd1 andd2 :

H12~ t !5
d1~ t !

d2~ t !
(7)

For the steady measurements there is no dependence in time.

High Lift Linear LP Turbine Cascade. The measurements
have been performed on a highly loaded low-pressure turbine lin-
ear cascade~see Fig. 4!. The turbine cascade, representing a cur-
rent high-lift LP turbine design~see@9#!, is specifically designed
in order to take advantage of the positive effect of rotor–stator
interaction on the suction side boundary layer.

Results
The measurements presented in this paper are an extract of a

systematic test program. Using different measurement techniques
when varying the Reynolds number for steady (Sr50) and peri-
odic unsteady (Sr50.26) inflow conditions deliver manifold op-
portunities for evaluating the data set. In order to show the options
of the data acquisition and evaluation system, the paper focuses
on the design conditions of the utilized cascade at Ma2,th50.7 and
Re2,th510,000.

Wake Intensity. Ensemble-averaged velocity and turbulence
intensities for five wake passing periods are shown in Fig. 5. The
velocity deficit of DU/Umax of about 9 percent as well as the
turbulence level of Tu151.5– 2 percent between two wakes are in
a good agreement with realistic LP turbine conditions.

Isentropic Mach Number Distribution. The isentropic
Mach number distributions determined by pressure taps at mids-
pan~28 SS; 21 PS! for the steady and unsteady inflow conditions
are given in Fig. 6. The overall Mach number level declined for
periodic unsteady inflow conditions. Both distributions show a
laminar separation bubble on the SS in the trailing edge region
(0.8,x/ l ax,1). As expected the laminar separation bubble seems
to be weaker for the periodic unsteady inflow conditions. The
transition point moves upstream for periodic unsteady inflow con-
ditions. Hereby the start of a plateau-like distribution of Mais de-
scribes the location of the separation point of a laminar separation
bubble detected. The intersection point of the tangents on the Mais
distribution thereby detects the transition point in the region of the
laminar separation bubble~see exemplary zoom out Fig. 6, cf.
@9#!, where an intermittence of 50 percent occurs.

Boundary Layer Profile. Using the ensemble-average evalu-
ation technique, the HWA measurements provide the time-
resolved boundary layer velocity and turbulence profile for peri-
odic unsteady inflow conditions. The results atx/ l ax50.8792 are
shown in Fig. 7. At this position close to the trailing edge the
velocity profile is still giving a clue of the passing wake. After a

Fig. 4 Aerodynamic design and exemplary sketch Fig. 5 Wake turbulence intensity and velocity distribution
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period of high velocities~e.g., t/T51.9! the wake influence is
displayed by a deceleration~e.g., 2.1,t/T,2.5!. However, the
velocity deficit inside the wake is rather displayed as a double
peak. This phenomenon is more distinct farther upstream even
though the turbulence intensity seems to be unaffected.

Fig. 6 Isentropic Mach number distributions

Fig. 7 Boundary layer velocity and turbulence profile

Fig. 8 Time-resolved integral layer parameter
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In order to compare the results of steady and periodic unsteady
inflow conditions, the boundary layer velocity profiles for two
marked time steps and the profile for the steady measurement are
plotted in Fig. 7.

As expected the velocity during the wake passing period is
lower than for steady inflow conditions, whereas the time step
with the highest velocities shows nearly the same values as at
steady inlet flow. This could lead to the conclusion that between
two wakes passing, a quasi-steady boundary layer, as it would
occur at steady inflow conditions, is established.

Integral Boundary Layer Parameters. The time-resolved
integral boundary layer parameters result from applying Eqs.~4!–
~7! on the ensemble averaged velocity profiles, which are dis-
played in Fig. 7. The passing wake increases the boundary layer
thicknessd ~Fig. 8~a!! whereas a decrease is induced by the ac-
celerated flow between two wakes. Atx/ l ax50.95, the periodic
unsteady inflow conditions seem to suppress the separation. The
rather full velocity profile of the becalmed region, which occurs
after a wake has passed, causes a decreasing boundary layer thick-
ness, which increases again farther downstream by the influence
of the next passing wake.

On the other hand, the boundary layer displacement thickness
d1 ~Fig. 8~b!! increases continuously in the streamwise direction.
Nevertheless, the influence of periodic unsteady inflow conditions
is much more visible ford1 than ford. Considering the displace-
ment thickness and the momentum thicknessd2 ~Fig. 8~c!! it is
obvious that the incoming wakes effectuate an increase of the
level of these boundary layer parameters.

The momentum thickness, which represents the degree of loss
production in the boundary layer, shows that the influence of the
wake shifts the high loss production of the boundary layer into an
upstream position. Between two wakes the main loss production
again occurs mainly in the trailing edge region (x/ l ax>0.96).

The shape factorH12 ~Fig. 8~d!! gives a clue of the velocity
distribution inside the boundary layer and is often used as an
indicator for the turbulence of a boundary layer. The time–space
diagram of the shape factorH12 detects a more turbulent boundary
layer (H12'1.7) in the whole region influenced by the wake.
Furthermore, it is shown that the becalmed region, between two
wakes passing, can be detected by a higher level of the shape
factor ~H1251.9; 0.83<x/ l ax<0.94!, which indicates a more
laminar character of the suction side boundary layer compared to
the wake-induced boundary layer.

Ensemble-Averaged Glue-on Hot-Film Results. In Fig. 9
ensemble-averaged glue-on hot-film results are shown. The HWA
boundary layer results as well as the measured data of the hot film
sensors, glued on the suction side of the investigated turbine cas-

cade, show a clear influence of the passing wakes. High-level the
rms values detect the transition region on the suction side. It can
be seen that the transition region is shifted upstream by the pass-
ing wake. Between two wakes passing the transition moves down-
stream again, to a position where it would occur at steady inlet
flow conditions. Also the quasi-wall shear stress distribution ((E
2E0)/E0) is influenced by the passing wake in such a way that
the level of quasi-wall shear stress is increased by the passing
wake.

Conclusions
A new data acquisition system for HWA measurements at the

High-Speed Cascade Wind Tunnel of the Universita¨t der Bunde-
swehr München has been implemented and tested successfully.
The new software WINSMASH comprises calibrating routines as
well as evaluation tools for one-dimensional and three-
dimensional HWA probes. Measurements are possible for differ-
ent traversing tasks. Peripheral data acquisition and main flow
monitoring is implemented for steady and periodic unsteady in-
flow conditions.

The results presented in this paper, focused on a high-lift low-
pressure turbine blade at design conditions, showed:

• Periodic unsteady inflow conditions generate a periodically
increased boundary layer thickness

• Between two wakes passing quasi-steady flow conditions are
re-established

• The high values for the integral boundary layer parametersd1
and d2 are shifted upstream by the passing wake as well as
the transition region (rms/E0)

• The boundary layer at the trailing edge has a more turbulent
character within the region of the passing wake.

It could be pointed out that the results are in a good agreement
between the new measurement system and the already established
measurement techniques at the Institut fu¨r Strahlantriebe. There-
fore the new HWA data acquisition and evaluation system is a
good supplement for investigating wake-induced transition phe-
nomena and boundary layer development.
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Nomenclature

cax 5 axial velocity, m/s
b 5 variable
E 5 anemometer voltage, V
f 5 frequency, Hz
h 5 airfoil height, m

H12 5 boundary layer shape factor
l 5 chord length, m

N 5 number of ensembles
p, pt 5 static pressure, total~stagnation! pressure, Pa

t 5 pitch, time, m/s
T 5 time period between two wakes, s

Tt 5 total ~stagnation! temperature, K
Tu 5 turbulence intensity, percent

U, w 5 velocity, m/s
x 5 coordinate along axial chord length, m
y 5 coordinate normal to the blade surface, m
b 5 circumferential~pitchwise! flow angle, deg

bs 5 stagger angle, deg
d 5 boundary layer thickness, m

d1 5 boundary layer displacement thickness, m

Fig. 9 Ensemble-averaged glue-on hot-film results: „a… rms
value; „b… quasi-wall shear stress distribution
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d2 5 boundary layer momentum thickness, m
r 5 density, kg/m3

v 5 loss coefficient5(pt12pt2)/(pt12pK)

Subscripts and Superscripts

1, 2 5 inlet and outlet flow conditions
2th 5 downstream conditions for isentropic flow
ax 5 axial
b 5 bar
c 5 cascade
is 5 isentropic
K 5 pressure tank
t 5 total

; 5 ensemble averaged

Abbreviations

BL 5 boundary layer
CTA 5 Constant Temperature Anemometry

HWA 5 Hot Wire Anemometry
Ma 5 Mach number
Re 5 Reynolds number

rms 5 root-mean-square
Sr 5 Strouhal number5f * l /cax

WINSMASH 5 WindowsSoftware for Measurement and
Analytical Evaluation of Signals from Hot-
Wire Anemometry
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ungekühlten Niederdruck-Turbinengitters,’’ DGLR-JT99-078.

@17# Amecke, J., 1967, ‘‘Auswertung von Nachlaufmessungen an ebenen Schaufel-
gittern,’’ Bericht 67A49, AVA Göttingen.

@18# Ganzert, W., and Pottner, L., 1996, ‘‘WINPANDA—an Enhanced PC-Based
Data Acquisition System for Wake and Profile Distribution,’’ 13th Symposium
on Measuring Techniques.

@19# Wolff, S., 1999, ‘‘Konzeption, Programmierung and Erprobung eines PC-
gesteuereten Meßsystems zur Aufnahme und Auswertung von 1-D and 3-D-
Hitzdraht-Signalen am Hochgeschwindigkeits-Gitterwindkanal als Ersatz des
HP-Systems,’’ Institute Report WOIB9909.

@20# Brunner, S., Teusch, R., Stadtmu¨ller, P., and Fottner, L., 1998, ‘‘The Use of
Simultaneous Surface Hot Film Anemometry to Investigate Unsteady Wake
Induced Transition in Turbine and Compressor Cascades,’’ 14th Symposium
on Measuring Techniques.

650 Õ Vol. 122, OCTOBER 2000 Transactions of the ASME

Downloaded 01 Jun 2010 to 171.66.16.63. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Nicole V. Aunapu

Ralph J. Volino
email: volino@usna.edu

Karen A. Flack

Ryan M. Stoddard

Department of Mechanical Engineering,
United States Naval Academy,

Annapolis, MD 21402

Secondary Flow Measurements
in a Turbine Passage With
Endwall Flow Modification
A flow modification technique is introduced in an attempt to allow increased turbine inlet
temperatures. A large-scale two half-blade cascade simulator is used to model the sec-
ondary flow between two adjacent turbine blades. Various flow visualization techniques
and measurements are used to verify that the test section replicates the flow of an actual
turbine engine. Two techniques are employed to modify the endwall secondary flow,
specifically the path of the passage vortex. Six endwall jets are installed at a location
downstream of the saddle point near the leading edge of the pressure side blade. These
wall jets are found to be ineffective in diverting the path of the passage vortex. The second
technique utilizes a row of 12 endwall jets whose positions along the centerline of the
passage are based on results from an optimized boundary layer fence. The row of jets
successfully diverts the path of the passage vortex and decreases its effect on the suction
side blade. This can be expected to increase the effectiveness of film cooling in that area.
The row of jets increases the aerodynamic losses in the passage, however. Secondary flow
measurements are presented showing the development of the endwall flow, both with and
without modification.@S0889-504X~00!01004-7#

Introduction
To achieve higher cycle efficiency and increase power from

gas turbine engines, turbine inlet temperatures should be as high
as possible. Over the past several decades improvements have
been made through the use of advanced materials and innovative
cooling schemes, allowing turbine inlet temperatures to approach
2000 K @1#. Even with modern cooling techniques, however, ‘‘hot
spots’’ still occur along the turbine airfoils, due to the complex
secondary flow between adjacent blades, limiting a move to even
higher temperatures.

Effective film cooling of turbine airfoils is complicated by sec-
ondary flows, such as endwall vortices. The dominant features of
the secondary flow in a turbine passage are the horseshoe vortex,
which forms at the blade leading edge–endwall junction, and the
endwall crossflow. These are illustrated in Fig. 1, which is a sim-
plified version of a figure presented by Goldstein and Spores@2#.
The features presented in Fig. 1 are those most pertinent to the
present study. The actual flow is more complex with additional
vortices. Wang et al.@3# provide a more detailed description and
illustration of the flow. Langston et al.@4# and others have pre-
sented similar models. Sieverding@5# provides a review of several
models. All models indicate that a horseshoe vortex forms at the
junction of the leading edge of each airfoil and the endwall. The
suction side leg of this vortex wraps around the suction surface of
the blade, while the pressure side leg migrates across the passage,
due to the pressure gradient, combines with the endwall crossflow
to form the passage vortex, and impinges upon the suction side of
the neighboring airfoil. The passage vortex may merge with the
suction side leg of the horseshoe vortex of the adjacent blade@6#
or they may remain distinct@2#. In either case, they lift up off the
endwall and increase in size. Figure 1 shows the passage vortex
impinging upon the suction surface at pointC and then climbing
up the blade as it moves downstream. This vortex washes away
the film cooling air on the surface of the blade, thus resulting in a
triangular shaped hot spot, as documented by Chung and Simon
@7#, Goldstein et al.@8#, and others.

Secondary flows are also of interest from an aerodynamics
standpoint. The highest aerodynamic losses in an engine may oc-
cur in the endwall region. Various methods have been developed
to study and modify the secondary flow between two adjacent
blades. Duden et al.@9# attempted to modify the secondary flow
by applying endwall contouring and three-dimensional airfoil de-
sign in the endwall region. Their modifications resulted in im-
provements in the radial extent of the secondary flow and a de-
crease in secondary losses. The increased blockage caused by
these modifications, however, increased profile and inlet losses in
the test section. Michelassi et al.@10# conducted a similar study
using nonsymmetric endwall contouring. Dossena et al.@11# com-
pared a contoured and a planar configuration of a linear turbine
cascade. They found that endwall contouring influenced the gen-

Contributed by the International Gas Turbine Institute and presented at the 45th
International Gas Turbine and Aeroengine Congress and Exhibition, Munich, Ger-
many, May 8–11, 2000. Manuscript received by the International Gas Turbine Insti-
tute February 2000. Paper No. 2000-GT-212. Review Chair: D. Ballal.

Fig. 1 Schematic of horseshoe vortex impinging upon
suction-side blade †2‡
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eration of the passage vortex and inhibited its development
through strong acceleration, while lowering secondary losses in
the passage.

In another study, Chung et al.@7,12,13# used a boundary layer
fence, inserted on the endwall between two adjacent blades. The
fence cross section was an equilateral triangle. Its height and
length were 4.5 and 88 percent of the chord length, respectively.
The fence was located as shown in Fig. 2, with its leading edge at
the center of a line connecting the leading edges of the pressure
and suction side airfoils. The fence acted like a ramp to lift the
vortex up off the endwall to be washed away by the main flow. It
was effective in preventing the vortex from growing to its full
potential strength and diverting it away from the suction surface.
Since the influence of the secondary flow on the suction wall was
reduced, film cooling would be more effective in that area. The
fence also reduced aerodynamic losses due to secondary flow
within the passage. In practice problems may arise due to a need
to cool the fence itself@12#.

The objective of the present study was to develop a method to
reduce the harmful effects of secondary flow in a turbine passage
without adversely affecting the aerodynamic performance of the
turbine. As with the fence used by Chung and Simon@7#, an
attempt was made to divert the path of the passage vortex so that
it would be washed away by the main free-stream flow. This
would increase the effectiveness of film cooling, and the weaken-
ing of the vortex might decrease the aerodynamic losses in the
passage. A second objective was to provide documentation of the
secondary flow both with and without modification. Several stud-
ies have described endwall flows, and a few such as Gregory-
Smith and Cleak@14# and Kang and Thole@15# provide quantita-
tive data on mean flow and turbulence quantities. The present
study continues this documentation, and by considering cases with
modified flow, may provide further insight into the flow behavior.

Endwall blowing was used in an attempt to achieve these ob-
jectives. It was hypothesized that jets might be used to manipulate
the secondary flow, either by blowing the passage vortex away
from the endwall, or diverting it away from the suction surface,
similar to the action of a boundary layer fence. Holes for jets
could be machined into the endwall, similar to film cooling holes,
and used with compressor bleed air. Alternatively, a slot might be
used, possibly utilizing the gap leakage flow between adjacent
airfoils. Chyu et al.@16# provide a study of gap leakage. Unlike
film cooling injection, which typically utilizes shallow injection
angles and low blowing rates to provide a film of cooling air on a

surface, jets for vortex control would be blown normal to the
endwall with sufficient momentum to influence the secondary
flow.

The use of jets would circumvent the problem of having to
manufacture and cool a fence. Unlike endwall contouring, there
would be no need to change the geometry of a passage, which
might be beneficial from an aerodynamics standpoint.

A few studies have considered the interaction between endwall
blowing and a vortex. Ligrani and Mitchell@17# considered the
effect of a vortex on film cooling. The airflow from the film cool-
ing holes was relatively weak, so it did not affect the vortex dy-
namics. Johnston and Nishi@18# used ‘‘vortex generator jets’’ to
create a vortex. To the authors’ knowledge, there have been no
previous attempts to control or suppress an existing vortex with
wall jets.

Results are presented below for cases with two jet configura-
tions and an optimized boundary layer fence, which was used to
guide the second jet configuration.

Experimental Apparatus

Wind Tunnel and Turbulence Generator. Experiments
were conducted in a low-speed, blown type wind tunnel located in
the Aeronautics Laboratory at the United States Naval Academy.
Three blowers draw air at room temperature into the wind tunnel.
The blowers are followed by a diffuser, a settling chamber with a
honeycomb, a screen pack, a second settling chamber, and a
nozzle. The nozzle is a three-dimensional contraction, which re-
duces the wind tunnel cross-sectional area by a factor of 9.8 from
109 cm3109 cm to 18 cm369 cm. The long dimension is vertical.
A turbulence generator is attached to the nozzle and contains a
two-dimensional bar grid. The grid is based on one used by Kim
et al. @19# and consists of one vertical 3.8-cm-dia PVC pipe and
six horizontal 3.2-cm-dia PVC pipes, evenly spaced across the
nozzle outlet. The grid is followed by a 1-m-long rectangular
settling chamber, which allows the flow to become uniform before
entering the test section. Exiting the settling chamber, the free-
stream turbulence intensity is 8 percent. The mean flow is uniform
to within 3 percent, and the turbulence is isotropic and uniform to
within 4 percent. For the conditions of the present study, the tur-
bulence had integral length scales of 3 cm in the streamwise com-
ponent and 1.3 cm in the vertical component.

Test Section. A large-scale, two half-blade test section is
used to simulate a turbine passage, following the design and ge-
ometry of Chung and Simon@20#. It contains two turbine half-
blades for suction and pressure sidewalls, a top and bottom end-
wall, and two flaps to guide the flow into the test section. Each

Fig. 2 Top view of test section showing flow control schemes:
location of endwall fence as used by Chung and Simon †7‡;
location of upstream jets „numbered 1–5 …; location of opti-
mized boundary layer fence and endwall centerline jets

Fig. 3 Schematic of test section „top view … showing location
of measurement planes A, B, and C
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half-blade has full leading and trailing edges, which along with
the flaps provide the correct leading edge flow for each blade. A
schematic of the test section is shown in Fig. 3. The geometry of
the test section and the test conditions are summarized and com-
pared with Chung and Simon’s@7# test section geometry and con-
ditions in Table 1. Chung and Simon closely match the multi-
blade cascade study of Chen and Goldstein@21#.

The test section blade shape is the General Electric CF6-50
rotor profile, scaled up to have a chord length of 328 mm. The
CF6-50 shape, while not particularly modern, allows direct com-
parison to previous studies. The full leading and trailing edges of
the pressure-side blade are machined out of high-density foam and
connected with transparent Plexiglas. The suction-side blade is
machined out of foam. Eleven 0.3-mm-dia pressure taps are lo-
cated along each half-blade, 356 mm above the endwall in a re-
gion where the flow is two dimensional.

The endwalls are constructed of 6.4-mm-thick clear Plexiglas.
Both the top and bottom endwall have sharp leading edges that
extend to the edge of the turbulence generator settling section.
The height of the test section is 20 mm shorter than the exit of the
settling section, providing 10 mm gaps at each endwall leading
edge to remove the boundary layers which develop upstream. Two
transparent Plexiglas flaps extend from the sides of the settling
section to direct the flow into the test section. The flaps curve out
past the leading edge of each half-blade. The gaps between the
blades and the flaps, labeleda and b in Fig. 3, are adjustable.
These gaps allow air to escape the test section. By controlling the
size of the gaps, the flow around the leading edges of the blades is
controlled. This affects the flow conditions, particularly the devel-
opment of secondary flows, in the test section. The flaps were
necessary to match the leading edge and secondary flow in an
actual turbine or multiblade cascade.

Wall Jets. All wall jets used in this study were of the same
type, but used in varying configurations. Holes were drilled and
tapped into the bottom endwall to hold fittings for 6-mm-dia jets.
Shop air was blown into a 9 liter Nalgene bottle, which served as
a plenum. Twelve fittings were installed in the bottle wall and
connected to the wall jet fittings with 4.8-mm-dia tubing. Jet ve-
locity was controlled with a pressure regulator on the plenum
inlet. When multiple jets were used simultaneously, clamps were
placed on the tubing for each jet for individual adjustment. This
insured that all jets had the same velocity to within 6 percent.

Instrumentation. A pressure transducer with a range of
0–3.5 in. H2O was calibrated using a micromanometer and used
for all pressure measurements. A Kiel probe was used for total
pressure surveys. Kiel probes are total pressure probes designed
for insensitivity to flow angle, making them suitable for use in
regions of strong secondary flow.

A single sensor, boundary layer type hot-wire probe~TSI 1218-
T1.5! and a hot-wire anemometer~TSI IFA 100! were used to
measure the streamwise component of the test section inlet and
outlet velocities, and the velocities of the wall jets. A cross-wire

~TSI 1243-T1.5! was used to check the inlet free-stream turbu-
lence isotropy and acquire data for spectra and length scale cal-
culations.

Secondary flow velocities were measured using a single com-
ponent Laser Doppler Velocimeter~LDV !. The LDV system
~Dantec Flowlite! uses a 10 mW helium neon laser with Gaussian
beam diameter of 0.168 mm and crossing angle of 5 deg. Each
plane of interest was surveyed twice with the beams in two dif-
ferent orientations to obtain two velocity components.

A sonic nozzle water sprayer was used to seed the flow for the
LDV. The water sprayer used compressed shop air to jet-pump
distilled water and produce a fine spray~droplets,5 mm in diam-
eter!. The spray was injected through a 3.8 cm hole at the bottom
of the wind tunnel, upstream of the contraction. The seeding had
no measurable effect on the flow turbulence when the turbulence
grid was in use.

Flow Visualization. Various tufts were used to show the di-
rection of shear stress on the endwall and the location of the
passage vortex. A long tuft of about the chord length was particu-
larly illustrative when placed near the endwall. The tuft would
become entrained in the passage vortex, wrapping around it as it
crossed the passage, grew in size, and climbed the suction surface.
A vorticity detector was also used to locate the vortex. This de-
tector is a small pinwheel with paddles parallel to the axis of
rotation. The vorticity detector is placed in the test section with its
axis pointed upstream. The spinning of the pinwheel indicates the
location of a vortex. Both the tuft probe and the vorticity detector
were used as preliminary tools to visualize the flow in the passage.
The locations and cases that appeared interesting were then docu-
mented with more permanent techniques such as ink dot
visualization.

The ink dot flow visualization technique was used on the suc-
tion surface as well as the endwall. This technique, introduce by
Langston and Boyle@22#, provides a permanent record of the
endwall shear stress as shown by ink traces. A grid pattern of dots
was placed on a sheet of contact paper with a permanent marker.
The contact paper was then taped to the endwall or blade and
sprayed with a uniform thin layer of 99.5 percent isopropyl alco-
hol. In their study, Langston and Boyle used oil of wintergreen as
a solvent. Simon et al.@23# substituted isopropyl alcohol and
found that it would also suffice. The alcohol dissolves the ink
dots, the wind tunnel is turned on, and upon exposure to flow, the
ink moves in the direction of the shear stress on the wall. The
alcohol evaporates and the ink traces dry, leaving a permanent
record of the wall shear stress. About 45 seconds are required per
run. This technique is useful for showing the endwall flow pattern
and the effect of the passage vortex on the suction surface.

Results

Baseline Case—No Flow Modification. The main character-
istics of the flow in the passage were matched to those of Chung
and Simon@7# to qualify the test section and provide a comparison
case for evaluation of flow modification techniques. The Reynolds
number, based on inlet velocity and chord length, was set at 2
3105. This is a somewhat low but still representative Reynolds
number for a high pressure turbine. The normalized velocity dis-
tribution along the airfoil surfaces~computed from local pressure
measurements along the blades! is presented in Fig. 4. Also shown
for comparison are results from Chung@13# and predicted values
supplied by General Electric. The present case compares well with
the expected values, matching to within 9 percent.

To insure that the proper secondary flow was modeled in the
passage~as opposed to simply the flow in a curved channel!,
several steps were taken. As noted above, the full leading edges of
both the pressure and suction side blades were modeled. Bleed air
was allowed to escape the passage around the leading edges, as
shown in Fig. 3. This insured that horseshoe vortices would form
at the leading edge–endwall junctions. The endwall boundary

Table 1 Test section geometry and test conditions
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layer thickness also plays an important role in determining the
secondary flow in the passage. The LDV was used to measure the
boundary layer thickness at a location 25.5 cm upstream of the
leading edge of the pressure-side blade, near the center of the
passage. Following the procedure of Chung and Simon@7#, d2 /C
was calculated and extrapolated to the leading edge of the
pressure-side blade, assuming flat plate, zero pressure gradient,
turbulent boundary layer growth. The boundary layer was tripped
using a 3-mm-dia Tygon tube at the entrance of the test section,
just after the settling section. The size of the trip was selected so
thatd2 /C matched the value reported by Chung and Simon@7#, as
shown in Table 1.

The ink dot flow visualization technique was employed on
the endwall to determine the location of the saddle point~the
intersection of separation and reattachment lines of the endwall
boundary layer! and is shown in Fig. 5. The endwall shear stress
pattern matches those of Chung and Simon@20# and the cascade
study of Chen and Goldstein@21#, providing confidence that the
desired secondary flow has been created. The location of the pas-
sage vortex can be seen downstream of the saddle point, near the

leading edge of the pressure-side blade, and continuing across
the passage toward the suction-side blade. The ink dot traces show
the clockwise sense of rotation of the passage vortex~view look-
ing upstream!. This is the sense of rotation of the vorticity of the
inlet boundary layer as discussed by Langston et al.@22#. Oil and
lampblack visualization was also used to confirm the path of the
vortex.

Ink dot visualization also provides a clear image of the shear
stress on the suction surface, as shown in Fig. 6. The technique
was applied to a region 225 mm long~from Ss /C50.62 to 1.31!
and 100 mm high~z/C50 to 0.30!, flush with the endwall and
extending to within 4 mm of the trailing edge of the blade. This is
the region where the passage vortex impacts the suction surface.
The clockwise rotation of the vortex moves the ink traces in an
upward motion. Although each ink trace shows the direction of
shear stress, not the magnitude, a general idea of the strength of
the vortex can be deduced by the angle of inclination of the trace.
The ink traces above the vortex are straight lines in the direction
of the main flow, indicating that the passage vortex has no effect
in this area. The slight downward inclination of some traces may
be due to the fact that the ink dissolves in the alcohol and starts to
run down, as a result of gravity, before the wind tunnel reaches its
full velocity. It is also possible that the downward inclination of
these traces may be due to smaller vortices such as the suction-
side leg of the horseshoe vortex or the wall vortex, as documented
by Wang et al.@3#.

The secondary velocity field was measured in three planes,
shown in Fig. 3 as Planes A, B, and C. Each plane was perpen-
dicular to the suction surface and the endwall, and extended from
the blade-endwall junction to at least 65 mm (y/C50.20) away
from the suction surface and 105 mm (z/C50.32) above the end-
wall. Plane A was located atSs /C50.80, 171 mm upstream of
the trailing edge of the suction surface, as measured along the
surface. Plane B was atSs /C50.99, 106 mm upstream of the
trailing edge, and Plane C was at the trailing edge (Ss /C
51.32). Figure 7 shows the mean velocity field in each plane.
The length of the velocity vectors is proportional to the magnitude
of the velocity in that direction. The center of the vortex can be
seen near the junction of the endwall and the suction surface in
Plane A. As the vortex moves downstream, Planes B and C
clearly show how it impinges upon the suction surface, increases
in size and moves up the blade. The vortex location agrees with
that indicated by the suction surface ink dots traces~Fig. 6!. Sec-
ondary kinetic energy loss coefficients were calculated from the
velocity field using the equation:

CSKE5
V21W2

U1
2 (1)

and are shown in the second row of Fig. 7. Note the high values
along the suction surface, which again shows the action of the
vortex on the blade, in agreement with Fig. 6.

Total pressure was measured in the same planes as the second-
ary velocity. Total pressure losses were computed as:

Fig. 4 Normalized velocity distribution along the blade
surfaces

Fig. 5 Ink dot flow visualization on the endwall: baseline case

Fig. 6 Ink dot flow visualization on the suction-side blade:
baseline case
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Cpt5
Pt2Ptr

0.5rU1
2 (2)

and are shown in the third row of Fig. 7. Comparing to the veloc-
ity fields, it can be seen that highCpt corresponds to the center of
the passage vortex. This result is expected and agrees with Chung
and Simon@7#.

Turbulence intensity was computed as:

TI5Av821w82

2U1
2 (3)

and is shown in the fourth row of Fig. 7. High turbulence regions
correspond to the core of the passage vortex, in agreement with
the total pressure losses.

Case 2—Wall Jets Near the Saddle Point. Six wall jets
were installed near the saddle point in the locations illustrated in
Fig. 2. In terms of the fixed coordinatesz andh, shown in Fig. 2,
wall jet #1 was located atz/C50.62, h/C50.14; jet #4 atz/C
50.72, h/C50.23; and jet #6 atz/C50.58, h/C50.22. These
jets were used in an attempt to redirect the passage vortex near its
point of origin. Analysis of the secondary flow with a tuft probe
revealed that the passage vortex still impinged upon the suction
surface, as in the case without any jets. The vorticity detector
showed that when jet #4 was not operating, the passage vortex
appeared to travel around the jets toward the pressure-side blade
and then migrate across the passage. When jet #4 was operating,
the vortex path was less clear, but it still traveled across the pas-
sage to the suction-side blade. Ink dot flow visualization on the
suction-side blade revealed no significant difference from Fig. 6,
the baseline case. Increasing the velocity ratio,Vjet /U1 , was not

helpful. There was some evidence that the vortex could be tem-
porarily diverted, but it was not blown off the endwall. Because
the wall jets near the saddle point had no significant effect on the
secondary flow, no further efforts were made with this case, and it
was not quantitatively documented.

Case 3—Optimized Fence. A clay fence of the same length
~88 percent of chord!, height~4.5 percent of chord!, cross section
~equilateral triangle!, and orientation as used by Chung and Simon
@7# was positioned in the test section, as shown in Fig. 2. The
leading edge of the fence was atz/C50.37,h/C50.08, and the
trailing edge was atz/C50, h/C50.79. Ink dot flow visualiza-
tion on the suction surface clearly showed that the fence reduced
the effects of the passage vortex on the suction-side blade. This
result is consistent with that of Chung and Simon@7#. They con-
cluded that with the fence, the passage vortex could not reach the
suction surface. Instead, it was lifted by the fence and washed
away by the mainstream flow. Evaluation of the flow with a tuft
probe and the vorticity detector led to the same conclusion.

The fence was then modified to minimize its length. This was
done in preparation for the use of a row of wall jets. The wall jets
were to be installed in place of the fence at the same location as
the fence. By minimizing the length of the fence, the number of
wall jets could be reduced, thereby reducing the amount of air
required. The fence was split into sections. Ink dot flow visualiza-
tion was done on the suction surface to see the effect of the re-
moval of each section of the fence. If too much of the fence was
removed, the remaining sections either failed to intercept the vor-
tex on the upstream end, or allowed it to move across the passage
downstream of the trailing end. With the removal of 50 percent of
the fence~30 percent from the upstream end and 20 percent from
the downstream end!, and a slight reorientation of the upstream
end, the remaining sections still proved to be effective in diverting
the passage vortex. This is evident in the blade ink dot traces
shown in Fig. 8. The region shown is the same as in Fig. 6. Note
that the ink traces are parallel to the main flow and do not exhibit
the upward inclination seen in Fig. 6. The optimized fence length
was 44 percent of the chord length. Its leading and trailing edges
were located atz/C50.35, h/C50.36 and z/C50.10, h/C
50.72 respectively. A schematic depicting its location and orien-
tation is shown in Fig. 2. Notice the leading edge of the fence is
slightly turned toward the suction-side blade. In this position the
passage vortex is intercepted and forced to follow a path along the
fence.

Oil and lampblack visualization was conducted on the endwall
with the modified fence in place. The saddle point could be seen
at the same location as the baseline case. The path of the passage
vortex could be seen as it was intercepted by the fence, and forced
to travel the length of the fence before exiting the test section.

Flowfield measurements were acquired in Planes A, B, and C
~the same locations used in the baseline case! for cases with the
original and optimized fences. The results with the two fences
were nearly indistinguishable, and are presented in Fig. 9 for the

Fig. 7 Secondary flow measurements at Planes A, B, and C
„see Fig. 3 … for baseline case. Top row: secondary velocity;
second row: secondary kinetic energy loss coefficient; third
row: total pressure loss coefficient; bottom row: turbulence in-
tensity. Dimensions y „distance from suction wall … and z „dis-
tance from endwall … normalized on chord.

Fig. 8 Ink dot flow visualization on suction-side blade: opti-
mized fence
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optimized fence case. The passage vortex develops in the same
location as the baseline case, but the fence inhibits the develop-
ment of the vortex as it moves downstream, from Plane A to Plane
C. Inspection of the velocity field shows that the vortex does not
impinge upon or climb the suction surface. Rather, it remains
away from the blade and its strength is greatly decreased from the
baseline case~Fig. 7!. A weak counterrotating vortex is present
near the blade–endwall junction. This may be the suction-side leg
of the horseshoe vortex. The fence prevents its entrainment by the
passage vortex.

A weaker vortex means lower secondary kinetic energy losses.
Averaging over Plane C, the averageCSKE is reduced to 30 per-
cent of the baseline case level. Total pressure losses increase by
about 30 percent with the fence, but the combinedCSKE andCpt
losses are about 10 percent lower with the fence than in the base-
line case. Note that the losses are only averages over the planes
shown, and are not stage losses. If larger measurement planes had
been used, including regions less affected by secondary flow, the
differences between cases would be less.

The locations of high total pressure losses and also high turbu-
lence intensity do not follow the core of the passage vortex. In-
stead they remain near the blade–endwall junction at the location
of the counterrotating vortex noted in the velocity fields. It ap-
pears that losses may not be generated so much by the passage
vortex as by upstream activity in the suction-surface-endwall re-
gion. In the unmodified flow this region of losses is entrained by
the passage vortex and moved. With the fence, the high loss area
remains in the corner.

Case 4—Centerline Wall Jets. Twelve wall jets were in-
stalled in place of the modified fence. It was hypothesized that the
wall jets would perform the same function as the fence by lifting
the passage vortex off the endwall and diverting it from the suc-
tion surface. The configuration of the twelve wall jets is shown in
Fig. 2.

The ink dot technique was used to evaluate the effectiveness of
the wall jets. Nine jet velocities were tested by varying the jet
supply pressure from 14 kPa to 70 kPa in 7 kPa increments. It was
concluded, by inspection of the suction surface ink traces, that a
jet velocity of 24 m/s (Vjet /U152.7) was sufficient to divert the
passage vortex successfully. An image of the ink traces on the
suction surface, with the jets at this velocity, is shown in Fig. 10.
Note that the ink traces are more parallel to the main flow than in
the baseline case~Fig. 6!. There is, however, some upward incli-
nation of the traces in the region between 30 and 70 mm from the
endwall, which will be explained below. Since the jets and main
flow have the same temperature and density in the experiment, the
jets have a blowing ratio, (r jetVjet)/(r1U1), of 2.7, and a momen-
tum ratio, (r jetVjet

2 )/(r1U1
2), of 7.3. These ratios would be lower if

based on local free-stream velocities at the jet locations, dropping
toward 1.8 and 3.2 at the test section exit. Typical blowing ratios,
based on local velocity, for film cooling are well below 1, but this
is due to the fact that film cooling is more effective at lower
blowing ratios. In theory, a velocity ratio approaching 1 should be
possible even in the first-stage vane of a high pressure turbine. In
practice, a somewhat lower limit would be expected. Assuming a
density ratio approaching 3 in an engine, blowing and momentum
ratios of 3 would be the limit in the first stage. The blowing and
momentum ratios of the present study are too high for use in the
first stage, but are of the right order of magnitude for a workable
design. It is conceivable that with refinement and optimization,
wall jets could be made to work at a blowing ratio which would
be achievable in an engine. Downstream of the first stage, even
the high ratios of the present study should be achievable. To de-
termine more precisely the blowing and momentum ratios needed
for the jets, further experiments should be done with jets at a
higher density ratio.

The mass flow from all 12 jets corresponds to 1 percent of the
mass flow through the present test section. If one assumes an
aspect ratio of 1 and blowing from both endwalls, the jet air
requirement would correspond to 4 percent of the mass flow
through a typical turbine passage. The wall jet flow would be in
addition to the mass flow introduced through film cooling. Laksh-
minarayana@1# states that the typical cooling requirement in the
first-stage nozzle is about 6 percent of the core engine inlet flow.
Therefore the mass flow of the jets in the present study, while
high, is conceivable for engine application, and if the jets are
successful in reducing secondary flow effects and making film
cooling more effective, it may be possible to reduce the film cool-
ing mass flow, somewhat offsetting the extra mass flow needed
for the wall jets.

The ink dot technique was applied over the endwall with the
jets in operation. The results are shown in Fig. 11. This figure
shows that the main characteristics of the flow, excluding the
passage vortex path, are similar to the baseline case. The saddle
point is located in the same position. The endwall crossflow due to

Fig. 9 Secondary flow measurements at Planes A, B, and C
„see Fig. 3 … for case with optimized fence

Fig. 10 Ink dot flow visualization on suction-side blade: cen-
terline wall jets
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the pressure gradient from the pressure-side blade to the suction-
side blade is clearly indicated. The passage vortex is observed
downstream of the saddle point, near the leading edge of the
pressure-side blade. The vortex begins to migrate across the pas-
sage, toward the suction-side blade, but is intercepted by the wall
jets. The vortex is pushed along the length of the wall jet row and
out of the test section without impinging on the suction surface.
Oil and lampblack visualization showed similar results.

Flow field quantities from Planes A, B, and C are shown in Fig.
12. As the vortex moves downstream, it is lifted up off the end-

wall and kept away from the suction-side blade. The strength of
the vortex is about the same as in the baseline case~compare to
Fig. 7!. A small counterrotating vortex is apparent in the endwall–
suction surface corner in Planes A and B, but it has been over-
whelmed by the passage vortex by Plane C. AverageCSKE are
about the same with the jets as in the baseline case. Near the
suction surface, however, a comparison ofCSKE in Figs. 7 and 12
shows much lower secondary velocity near the suction wall with
the jets. This indicates that the vortex is having less of an effect on
the suction surface, in agreement with the ink dot visualization of
Fig. 10. The area on the suction surface from the endwall to a
height ofz/C50.09 shows little influence of the passage vortex,
as indicated by the ink traces parallel to the endwall. The upward
motion of the vortex, shown by the velocity field in the region
betweenz/C50.09 and 0.21 up the suction surface, corresponds
to the inclined ink traces in that same region. This supports the
conclusion that the passage vortex has a weaker effect in the case
with the jets and is farther from the suction surface. This would
presumably allow for more effective film cooling on the suction
surface.

Total pressure losses show characteristics of both the baseline
case and the optimized fence case, with highCpt in both the
corner, at the location of the counterrotating vortex noted above,
and the core of the passage vortex. Average pressure losses are
about 50 percent higher than in the baseline case. CombinedCpt
and CSKE losses are about 30 percent higher than the baseline
case.

The drop in losses observed with the optimized fence suggested
that similar behavior might be expected with the jets. This was not
the case, and the turbulence intensity measurements may provide
an explanation. The turbulence intensity follows the pressure loss
behavior, with a peak in the blade–endwall corner in Plane A, a
double peak in the corner and passage vortex core in Plane B, and
a peak at the passage vortex core in Plane C. Comparison of Figs.
7 and 12 shows that the turbulence intensity in the jet case is
considerably higher than in the baseline case, particularly in
Planes A and B. The jets are disturbing the main flow and creating
turbulence. Much of this extra turbulence has been dissipated by
Plane C, and the dissipation has resulted in higher losses.

From a heat transfer standpoint, the centerline jets appear to
have the desired effect of providing a more favorable situation for
film cooling on the suction surface. From an aerodynamics stand-
point, the jets have the undesirable effect of increasing losses.
These two effects, along with the cost associated with supplying
the jet air, would need to be balanced to determine the overall
effect on engine efficiency. Further experiments to quantify
stage losses and the benefits to film cooling and heat transfer
would be needed to make this comparison. More work to optimize
jet size and spacing might also be beneficial for reducing jet air
requirements.

Conclusions
Endwall jets located in the center of a turbine passage were

effective in altering the path of the pressure-side leg of the horse-
shoe vortex. The vortex was not significantly weakened, but its
migration across the passage toward the suction surface was par-
tially blocked. Jet airflow requirements were comparable to those
used for film cooling.

The jets appear to provide an improved situation for airfoil
cooling, but result in higher secondary losses due to the turbu-
lence generated by the jets.

A boundary layer fence was effective in altering the path, re-
ducing the strength, and minimizing the harmful effects of the
pressure-side leg of the horseshoe vortex in a turbine passage. The
fence length could be reduced to half that used in previous studies,
with no significant change in results.

Total pressure losses appear to be generated primarily near the

Fig. 11 Ink dot flow visualization on the endwall: centerline
wall jets

Fig. 12 Secondary flow measurements at Planes A, B, and C
„see Fig. 3 … for case with centerline wall jets
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suction surface–endwall corner, and are not directly attributable
to the passage vortex. The passage vortex entrains the fluid in this
high loss area when it reaches the suction surface.
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Nomenclature

C 5 chord
CSKE 5 secondary kinetic energy loss coefficient
Cpt 5 total pressure loss coefficient

FSTI 5 free-stream turbulence intensity
H 5 span

Hp 5 pressure side leg of horseshoe vortex
Hs 5 suction side leg of horseshoe vortex
P 5 pitch

Ps 5 static pressure
Pt 5 total pressure

Ptr 5 total pressure in free-stream upstream of cascade
Rec 5 Reynolds number based on chord andU1
Sp 5 curvilinear distance from leading edge along pressure

side
Ss 5 curvilinear distance from leading edge along suction

side
TI 5 local turbulence intensity

UL 5 local free-stream velocity along the airfoil
5A2/r* (Ptr2Ps), m/s

U 5 free-stream velocity, m/s
V 5 flow velocity in y direction, m/s

Vjet 5 wall jet velocity, m/s
v8 5 rms fluctuating velocity iny direction
W 5 flow velocity in z direction, m/s

w8 5 rms fluctuating velocity inz direction
y 5 distance away from suction surface
z 5 distance away from endwall

d2 5 momentum thickness
h 5 axial distance from suction side leading edge~Fig. 2!
r 5 density
z 5 pitchwise distance from suction side leading edge

~Fig. 2!

Subscripts

1 5 inlet condition
2 5 exit condition
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Flow Measurements in a Nozzle
Guide Vane Passage With a Low
Aspect Ratio and Endwall
Contouring
Most turbine cascade studies in the literature have been performed in straight-endwall,
high-aspect-ratio, linear cascades. As a result, there has been little appreciation for the
role of, and added complexity imposed by, reduced aspect ratios. There also has been
little documentation of endwall profiling with these reduced spans. To examine the role of
these factors on cascade hydrodynamics, a large-scale nozzle guide vane simulator was
constructed at the Heat Transfer Laboratory of the University of Minnesota. This cascade
is comprised of three airfoils between one contoured and one flat endwall. The geometries
of the airfoils and endwalls, as well as the experimental conditions in the simulator, are
representative of those in commercial operation. Measurements with hot-wire anemom-
etry were taken to characterize the flow approaching the cascade. These measurements
show that the flow field in this cascade is highly elliptic and influenced by pressure
gradients that are established within the cascade. Exit flow field measurements with
triple-sensor anemometry and pressure measurements within the cascade indicate that the
acceleration imposed by endwall contouring and airfoil turning is able to suppress the
size and strength of key secondary flow features. In addition, the flow field near the
contoured endwall differs significantly from that adjacent to the straight endwall.
@S0889-504X~00!01104-1#

Introduction
The most interesting and plaguing characteristics of cascade

fluid mechanics are the secondary flows. As a result, secondary
flow field documentation in gas turbine cascades has been the
center of many studies. Sieverding@1# presented a review of nu-
merous investigations. In general, studies have shown that the
passage flow field is extremely complicated as it consists of horse-
shoe vortices, passage vortices, and endwall secondary flows,
which are due to pressure gradients formed with curvature. The
generally accepted flow patterns within cascades are shown in Fig.
1, a three-dimensional cascade flow model that was developed by
Langston@2#. As the flow travels through a cascade, it experiences
aerodynamic losses. These arise from viscous effects. Profile
losses are generated in the airfoil boundary layers well away from
the endwalls. Endwall and secondary flow losses arise from end-
wall boundary layer flow and the secondary flows generated as
boundary layers pass through the airfoil row. For turbines, sec-
ondary flow losses contribute one-third@3# to nearly two-thirds@4#
of the total aerodynamic loss.

Nozzle designs in high-pressure turbines tend to have low as-
pect ratios, sharp flow turning, high exit Mach numbers, and large
trailing edge blockages. These features can combine to produce
prominent secondary flows that may seriously affect nozzle effi-
ciency as well as the performance of the downstream high-work
rotor. In contemplating methods of improving the performance of
such nozzles, considerable attention has been paid to endwall con-
touring. Contouring offers the possibility of reducing exit flow
profile distortion as well as controlling secondary flow develop-
ment by reduction of cross-channel and radial static pressure gra-
dient effects. Researchers have investigated the effects of endwall
contours for a variety of contour profiles and positions of these
contours relative to the airfoil chords. Contouring has shown
promise as an effective passive flow management method. Deich

et al. @5# and Ewen et al.@6# have reported obtaining increases in
efficiency approaching 3.5 percent with meridional endwall pro-
filing ~i.e., contoured axially! within nozzle airfoil rows. Morris
and Hoare@7# described experimental work on a linear cascade of
airfoils fitted with several forms of meridional endwall profiles
and varied airfoil aspect ratios. It was found that symmetric-cubic
wall profiling could reduce overall secondary loss up to 25 percent
with a small aspect ratio and thin inlet boundary layers. The loss
reduction occurred almost exclusively near the flat, non-profiled
endwall, and was attributed to changes in airfoil pressure distri-
butions due to profiling. Kopper et al.@8# investigated the benefit
of endwall profiling in a cascade with one planar and one con-
toured endwall, a design similar to that documented in this paper.
Their design demonstrated a 17 percent reduction of the full-
passage, mass-averaged loss relative to a planar cascade, primarily
due to lower secondary losses on the planar wall side of the cas-
cade. Boyle and Haas@9#, Timko @10#, Tipton @11#, and Boyle
et al. @12# also studied contoured endwalls. In spite of this work,
more insight into the benefits of these designs is needed. Mou-
stapha and Williamson@13# studied the effects of two meridion-
ally profiled endwalls. Boletis@14# and Arts@15# published a two-
part, experimental-numerical study of the effect of tip endwall
contouring on the three-dimensional flow field in a low-speed,
low-aspect-ratio, annular turbine nozzle guide vane. They con-
cluded that passage losses are reduced by tip contouring. Boletis
and Sieverding@16# employed a cubic, meridional-contoured end-
wall in their investigation with a low-aspect-ratio stator geometry.

Nonaxisymmetric endwall profiles have also been investigated.
These used shaped endwalls in both the axial and circumferential
directions. Nonaxisymmetric designs of Morris and Hoare@7# and
Atkins @17# showed limited success. The nonaxisymmetric profile
of Morris and Hoare, for instance, produced a large reduction of
losses in the half-span adjacent to the flat wall but increased con-
siderably the losses near the profiled wall. To the contrary, the
‘‘Russian kink’’ of Warner and Tran@18# yielded improved effi-
ciencies in low-aspect-ratio turbines. Rose@19# showed promising
results for several types of three-dimensional endwall shapes. Du-
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den et al.@20#, Duden and Fottner@21#, Yan et al.@22#, Harvey
et al. @23# and Hartland et al.@24# have investigated nonaxisym-
metric profiles more recently.

Several profiles hold more promise than others. A successful
and very popular contour in guide vanes is one that imposes a
reduction in passage span in approaching the trailing edges of the
airfoils, permitting most of the flow turning to be achieved at
lower velocities around the initial region of the vane. Subsequent
flow acceleration is then available to reduce flow profile distortion
and boundary layer growth. The cubic-type profiles of Morris and
Hoare@7#, Kopper et al.@8#, and Boyle and Haas@9# fall in this
category. Unfortunately, the understanding of contouring effects
is still limited. Very few data are available for the flow field
velocity, turbulence, and vorticity within the passage and second-
ary flow mechanisms are not clear. In this paper, the flow field and
secondary flows are documented and losses are quantified.

Experimental Facility
The test facility~Fig. 2! was designed and constructed to simu-

late the geometry of, and the flow through, the inlet guide vanes of
the high-pressure turbine stage of a modern, midsized, industrial
gas turbine engine. In the facility, filtered air is supplied by a
centrifugal blower into a turning header. Downstream of the
header, the flow enters an axial fan and then travels through a heat
exchanger element to the turbulence generator. The two fans in
series supply the core flow through a grid of eight rectangular
openings (5.08 cm315.2 cm) while a third supplies the jet flow
for mixing in the combustor simulator. Air jets issue from the
sides of the generator through two axial rows of 4.13-cm-dia holes
to simulate the primary and dilution jets. The mixing of these jets
with the core flow produces high-level, large-scale turbulence.
Additional 4.13 cm holes are cut in the top and bottom of the
generator to supply more jet flow to improve uniformity in veloc-
ity and scales. There are 48 holes in total. The generator follows
the designs of Ames@25# and Wang@26#. The combined flows
exit the generator, travel through a 2.25:1 contraction nozzle, and
through a straight-walled section to the nozzle guide vane simu-

lator. There is a separate, secondary flow loop attached to the
facility that is capable of supplying bleed cooling to the cascade
test section. This loop was inactive for the present measurements
but was used by Burd and Simon@27# and Burd et al.@28#.

The most important constituent of the facility is the nozzle
guide vane simulator~Fig. 3!, which serves as the test section. It
consists of a three-airfoil, two-passage cascade. The airfoils are
expanded-scale models of the actual engine nozzle mid-passage
section. The airfoils are fabricated of low-thermal conductivity
silicon-reinforced phenolic. One endwall is flat and made with
1.27-cm-thick acrylic. The other is fabricated with significant pro-
filing in the axial direction and is constructed of phenolic. The
contour of this endwall starts at roughly 25 percent of the axial
chord downstream of the leading edge plane and, moving axially,
is concave over the first half and convex over the latter half. The
profile creates a 25 percent reduction in exit plane span relative to
the inlet plane. Geometric parameters of the simulator are in Table
1. The limited number of airfoils and the large size of the com-
ponents allows high-resolution measurements of flow features
~i.e., boundary layers and vortices!.

The small number of airfoils and passages is not without com-
plications. The three airfoil arrangement used in this facility tends
to produce higher static pressures for the lower passage than in the
upper passage, as would naturally be expected for any bend. To
minimize this effect, the facility was fashioned with stagnation-
region, leading-edge suction bleeds and tailboards. These were
manipulated to obtain acceptable flow patterns and to produce
identical and proper stagnation streamlines into the leading edges
of all three airfoils. From the center of the trailing edges, the
tailboards project at an angle of 67 deg relative to the axial coor-
dinate; nearly tangent to the camber line. The upper of the two
passages is reserved for testing and measurements are based upon
the bulk flow through it.

Other cascades of the same type have been studied in the Heat
Transfer Laboratory at the University of Minnesota. Chung and

Fig. 1 Cascade secondary flow model †2‡

Fig. 2 Experimental test facility

Fig. 3 Nozzle guide vane simulator test facility

Table 1 Guide vane simulator design parameters
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Simon@29,30#, for instance, compared the flow field and endwall
shear stresses in their cascade simulator to those in a true cascade
Realistic flow field patterns, including secondary flow features,
and endwall shear stress distributions were reproduced by their
simulator. In addition, the stagnation streamlines were oriented
using bleed slots adjacent to the leading edges as in the present
facility. The leading edge horseshoe vortex and the evolution of
secondary flows in the passage were not affected by this type of
stagnation bleed.

An x, y, z-coordinate system~Fig. 2! is used to describe mea-
surement locations. The streamwise coordinate,x, is in the direc-
tion of approaching core flow, withx50 taken at the airfoil lead-
ing edges. The endwall-normal coordinate,y, is perpendicular tox
and to the flat endwall. At eachx, the contoured endwall surface is
y50 with positivey values extending toward the flat endwall. The
limits of y are thereforey/S50.0 and 1.0. The pitchwise or cross-
stream coordinate,z, is perpendicular to bothx andy. Thez-origin
(z50) follows the leading edge of the center airfoil and continues
along the pressure surface of the center airfoil. Positivez values
correspond to the upper passage.

Experimental Procedure

Hot-Wire Measurements. A single-wire, hot-wire probe
~TSI Model 1218-T1.5! was used for measurements of mean ef-
fective velocities and fluctuations about mean values. The probe
had a 3.81-mm-diam tungsten sensor with a length-to-diameter
ratio of 480. The active length is approximately 67 percent of the
total length. A triple-sensor, hot-film probe~TSI Model 1299BM-
20! was used to obtain three-dimensional velocity and turbulence
measurements. Each sensor in this probe had a diameter of 50.8
mm and an active sensing length of 1.02 mm. The probe spatially
averages over a spherical volume of approximately 2 mm in di-
ameter. Both the single-wire and triple-film probes were driven by
IFA-100 anemometer bridges. Data were sampled at 5 kHz sam-
pling rate for 52.4 s~262,144 data points! for each measurement
point. Voltages were recorded with an IOTech ADC-488/8SA
A/D converter. Spectra were taken with both sensors with 1.1
million data points recorded at sampling frequencies of 50 kHz, 5
kHz, 500 Hz, 50 Hz, and 5 Hz and low-pass filtering at 40 percent
of the sampling frequency. An automatic, two-axis traverse sys-
tem with a 25mm resolution was used to position the probes
during experimentation.

Hot-wire uncertainty comes from precision and bias errors.
Such uncertainties, which arise during calibration and measure-
ment, are larger at smaller velocities. They arise from changes in
fluid properties between calibration and measurement, near-wall
effects, and sensor drift. For the triple-wire, measurements are
sensitive to sensor alignment. A standard propagation, as detailed
by Kline and McClintock@31#, of uncertainty contributions as-
signed for these various effects yields a combined uncertainty in
mean values of 5 percent for the single-wire and 5–7 percent for
the triple-film. The rms-velocity fluctuations have nominally the
same uncertainty level. Errors in turbulent shear stresses measured
with the triple-film are 10 percent. Due to the large sampling sizes
and long sampling times, stochastic errors associated with sam-
pling are negligible in comparison to the deterministic errors.
These calculated uncertainties are corroborated through turbulent
pipe flow measurements, which were compared to the data of
Laufer @32#.

Pressure Measurements. Static and total pressures are mea-
sured using a standard pitot-static pressure probe~United Sensor
Model PCD-12-KL!, miniature total pressure probes, and static
pressure taps. The miniature total pressure probes include a tele-
scoping boundary layer probe with a 0.71 mm sensing hole diam-
eter that was constructed by Hanna@33# and two similar designs
that were fabricated with 90 deg bends in the support arms. The
probe selected for measurements depends on measurement loca-
tion. Variable reluctance pressure transducers, Validyne Model

DP45~8.9 cm water! and DP15~14.0 cm water! are used to record
differential pressures. A Validyne Sine Wave Carrier Demodula-
tor ~Model CD15!, with 1 kHz response, provides a DC output
from the transducers. This DC voltage output is recorded by a
Hewlett-Packard Data Acquisition Unit~Model 3412A!. For each
individual pressure measurement, a total of 20 to 100 voltage
readings is recorded at a sampling frequency of 2 Hz. A trans-
ducer calibration equation was used to deduce pressure magni-
tudes from processed voltages. Probes are aligned by rotating the
probe in the direction of the mean total velocity and so that maxi-
mum local total pressures are recorded.

Uncertainties, accounting for calibration and bias errors, in
pressure measurements are as low as 0.5 percent of full scale
~0–5.1 cm water! to as high as 0.9 percent of full scale~exceeding
5.1 cm water!. The miniature total pressure probes have square-
edged openings and yield correct readings for angles of attack less
than 610 deg. Through careful positioning of the probes, this
angle of attack limit is not exceeded. When significant, corrective
measures for turbulence effects are taken@34#. Effects associated
with Mach number, Reynolds number, or shear displacement ef-
fects were not important.

Cascade Flow Orientation. Inlet mean velocity and turbu-
lence distributions were measured at three positions upstream of
the airfoil leading edges using single-wire anemometry~75 per-
cent, 45 percent, and 10 percent of the axial cord upstream of the
cascade!. These data show that the cascade flow in the facility is
highly elliptic and that flow patterns that develop as the flow
approaches the passage are dominated by the pressure gradients.
Data at 75 percentCax upstream of the airfoil leading edges are
used to characterize the inlet conditions to the cascade. The flow
at this location is fairly insensitive to the downstream presence of
the cascade and velocity and turbulence distributions show uni-
form values across the measurement zone. A spatially averaged
velocity over the regiony/S50 to y/S51.0 andz/P50 to z/P
51.0, U1512.6 m/s, was calculated via integration of the veloc-
ity. The inlet Reynolds number based on the airfoil actual chord
and U1 is approximately 350,000. The turbulence level normal-
ized onU1 is 9.5 percent.

At x/Cax520.45, the data begin to show the elliptic nature of
this approach flow. Low velocities are found upstream of the lead-
ing edges (z/P50). Increased velocities~relative to x/Cax
520.75 values! are found above and below this low-velocity
region suggesting mild acceleration of flow around it. The distri-
butions clearly show that pressure gradients have begun to form
and influence the flow at this point.

Velocity and turbulence distributions measured just upstream of
the airfoil leading edge plane,x/Cax520.10, are in Fig. 4. Data
are collected over the area spanning fromy/S50.06 to y/S
50.94 andz/P50.03 toz/P50.94. A total of 70 data points, in
a 7310 y3z measurement grid, was recorded. The data show
that at this location the pressure gradients that develop within the
cascade dominate the flow pattern. In Fig. 4~A!, high velocities at
z/P50.15 andz/P.0.8 clearly indicate that the core flow has
begun to accelerate around the blockage created by the airfoil
leading edge. The velocities progressively decrease in moving to-
ward the center of the passage, however. The lowest velocities are
found atz/P50.5. Low velocities are also observed atz/P50,
revealing that the flow is decelerating as it approaches stagnation.
Turbulence intensity~Fig. 4~B!! appears to depend strongly on the
acceleration of the core flow as it enters the cascade. The regions
of high acceleration have reduced turbulence intensities relative to
the upstream values. In approaching the leading edge, the flow
decelerates and turbulence is augmented. Given that the turbu-
lence is normalized on the local streamwise velocity, most of the
variations are attributed to changes in the mean flow.

Near-wall velocity profiles were measured in the approach flow
to assess the thickness and growth of the boundary layers ap-

Journal of Turbomachinery OCTOBER 2000, Vol. 122 Õ 661

Downloaded 01 Jun 2010 to 171.66.16.63. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



proaching the cascade. Three profiles were taken:x/Cax520.75
and y/P50.25, 0.5, and 0.75. The momentum and displacement
thicknesses are listed in Table 2.

To document the scales in the approach flow, filtered velocity
wave forms were measured along the center span (y/S50.5) up-
stream of the test passage at several locations. Spectral analyses
were then performed. Integral lengths scales ranging from
6.3– 8.4 cm (0.14,L/C,0.19) are calculated. These large values
are considered to be representative of the macroscales entering the
guide vane in the engine@35#. Such large scales are not easy to
generate in an experimental setting. With the assumption that the
turbulence of the inertial subrange in this flow is isotropic, dissi-
pation rates of turbulence kinetic energy and associated energy
scale were calculated from these spectra@36#. Representative val-
ues for these quantities atx/Cax520.75, z/P50.5 are listed in
Table 2.

Static pressure distributions were measured along the four air-
foil surfaces in the cascade. The data were recorded for pressure
taps located along a line parallel to the straight endwall and pass-
ing through the center of the exit span. Data were measured for
the 15 taps on the suction surfaces in both the upper and lower
channels, 14 taps on the pressure surface in the upper channel, 7
taps on the pressure surface in the lower channel, and the taps
near the respective leading edges. Given the nonuniformity of
static pressures upstream of the airfoil leading edges, equal abso-
lute pressures on the surfaces with the two channels was not ex-
pected. Local static pressure coefficients based on the inlet total
pressure, inlet static pressure upstream of each passage~x/Cax5
20.75 atz/P520.5 and 0.5!, and locally measured airfoil sur-
face static pressures are shown in Fig. 5.

In general, the data from the same surfaces of neighboring air-
foils compare well. The pressure surface data appear to match

from channel to channel. There is some disparity in the vicinity of
the leading edge. The suction surface data appear to match over
the first 60 percent of the axial cord. Local diffusion, indicated by
the drop in static pressure coefficients in the upper passage, is
expected. Values measured near the trailing edges of the airfoils
in the lower passage, though, begin to deviate from those in the
upper passage. This is primarily due to the presence of the tail-
board. Measurements using static endwall taps indicate that the
tailboard appears to create a more prominent zone of high static
pressure in the vicinity of the pressure surface trailing edge than
observed for the upper cascade. This results in acceleration of
flow toward the suction surface trailing edge yielding pressures
that are lower relative to those in the upper passage. For this
reason, all measurements presented in this paper were taken in the
upper passage.

Results
The measurements presented in the following sections include

velocity distributions, turbulence field measurements, and aerody-
namic loss coefficients. From these, a general appreciation for the
fluid mechanics and aerodynamics in the simulator can be ob-
tained. Since this configuration is constructed with one contoured
endwall, effects of contouring can be deduced. It must be realized,
however, that both endwall flows experience the same streamwise
acceleration, so the differences between the two endwalls cannot
be interpreted as an endwall contouring effect.

Flow Field Measurements. Flow field measurements were
taken near the exit plane of the cascade,x/Cax50.90, using triple-
sensor, hot-film anemometry. The probe was oriented 65 deg rela-
tive to the axial direction and parallel to the flat endwall. This
angle was used to locate the probe in the direction of the average
exit flow angle, using a nulling method. A total of 597 data points
was taken over the measurement plane with fine resolution near
the suction surface (z/P51.0) and the near-endwall~y/S50 and
1.0! regions. Near the endwall–airfoil corner, data are limited,
given the size of the triple-film sensor and the corner fillets.
Coarse spatial resolution is accepted in the center of the passage
where gradients are weak. Data from the triple-sensor include the
mean and rms-fluctuating streamwise~i.e., bulk flow direction!
components of velocity,U and u8, as well as mean and rms-
fluctuating cross-stream components of velocity. The cross-stream
components perpendicular to bothU and the flat endwall surface

Fig. 4 Approach flow at x ÕCaxÄÀ0.10: „A… streamwise veloc-
ity, U „mÕs…; „B… turbulence, u 8ÕU

Fig. 5 Airfoil surface static pressure coefficient, Cp s , distri-
butions in the cascade facility

Table 2 Boundary layer parameters and turbulence param-
eters from spectra
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are V and v8, with a positive value indicating motion from the
contoured to the flat endwall. The cross-stream components per-
pendicular toU andV areW andw8, with a positive value indi-
cating motion from the pressure side toward the suction surface.
Correlations of the rms-fluctuating components enable documen-
tation of the primary turbulent Reynolds shear stress,u8v8, u8w8,
andv8w8.

Streamwise Velocity.A distribution of streamwise velocity at
x/Cax50.90 is provided in Fig. 6. This distribution is normalized
on the streamwise velocity at the center~y/S50.5 andz/P50.5!
of the passage,U2 ~46 m/s! This distribution highlights several
features of this flow including:~1! the clear existence of boundary
layers along the airfoil surfaces~z/P50 and 1.0!; ~2! accelerated
or high-speed flow in the vicinity of the contoured endwall (y/S
50); and ~3! two secondary flow structures along the suction
surface, one positioned near each suction-endwall corner. The two
structures, identifiable as distinct regions of reduced streamwise
momentum~compared to the bulk core flow velocity!, are of dif-
ferent size and strength. In general, the structure adjacent to the
flat endwall (y/S51.0) is larger, but less concentrated. This struc-
ture imposes a large region extending fromy/S50.7 to 0.9 over
which U/U2<0.9. The smaller, concentrated nature of the other
structure (y/S50) appears to be the direct result of streamwise
acceleration associated with endwall contouring. The zone of
U/U2<0.9 for this feature is about one-half that of the structure
near the flat endwall. It is speculated that the curvature of and
acceleration along the contoured endwall would thin the endwall
boundary layer and, thus, stretch and suppress the growth of any
secondary flow structures that form within it. The acceleration
would have a similar effect on the flow near the straight endwall.

Cross-Stream Velocities.The mean cross-stream velocities,V
andW, are presented in Fig. 7 as a vector plot. The two secondary
flow structures observed in Fig. 6 are again evident here. They
appear as regions of short arrows adjacent to regions of large
arrows. Due to rotation, portions of these structures oppose the
cross-stream motion and others add to the cross-stream motion.
The structures near the two endwalls appear to have opposing
circulation directions; clockwise for the contoured endwall struc-
ture and counterclockwise for the flat endwall counterpart. They
are consistent with expectations for passage vortices along these
surfaces. The vortices differ in strength and size of their region of
influence. In terms of general cross-stream velocities, the figure
shows that:~1! with contouring, the flow coming off the profiled
surface has a considerableV ~contoured endwall to straight end-

wall! velocity component,~2! with some diffusion downstream
from the throat, the flow from the channel center is migrating
toward the two airfoil surfaces; the suction surface forz/P.0.5
and the pressure surface forz/P,0.5, ~3! flow moves from each
suction–endwall corner~y/S50 and 1.0;z/P51.0! toward the
center span, and~4! flow moves strongly from the pressure to
suction surface along the flat endwall (y/S51.0).

The mean cross-stream velocities are also useful in determining
the deviation of the flow from the bulk streamwise direction. In
general, deviation is modest in this facility, remaining below68
deg. For brevity, plots of deviation magnitudes are not presented.
Low exit profile distortion was expected with the contour-imposed
acceleration within the aft portion of the cascade.

Turbulence and Velocity Fluctuations (Not Shown).Also, tur-
bulence distributions were measured atx/Cax50.9. Over the ma-
jority of the flow field, the rms-fluctuations of velocity are small
~,2.0 percent ofU2) and comparable in magnitude to those of the
approach flow to the cascade. At this position, the magnitude of
u8 decreased from the approach flow values, however, due to
dissipation of streamwise turbulent kinetic energy and strain in the
direction of the bulk fluid motion. The magnitudes ofv8 andw8
were larger thanu8 values, except near the suction surface (z/P
51.0). This is understandable, given the highly three-dimensional
nature of the flow field at this location. The two secondary flow
structures are clearly visible as regions of elevatedu8, v8, andw8
near the suction–endwall corners. In these regions,u8 values are
the highest, primarily due to wall damping ofv8 and w8 in this
region.

Turbulent Reynolds Shear Stresses.Turbulent Reynolds shear
stress distributions~normalized onU2

2! are given in Figs. 8 and 9.
Regions of high shear stress are of primary concern to this study.
It is well known that large magnitudes of turbulent Reynolds shear
stresses will accompany regions of strong shear. Secondary vortex
structures are regions of enhanced shear. As such, coherent longi-
tudinal vortices are easily identified via plots ofu8v8 andu8w8.
Generally, the center is a local minimum in the turbulent shear
stress field with higher levels about this center. If diffusion is
nearly isotropic, the vectorsu8v8 j 1u8w8k point radially outward
from the center and perpendicular to the velocity gradients. Con-
sideringu8v8 and u8w8 separately, a plot ofu8v8 would, there-
fore, be expected to have a reversal in sign, with the reversal
following a line perpendicular toy. Likewise, a coherent longitu-
dinal vortex structure would be expected to also have a reversal in

Fig. 6 Exit streamwise velocities, UÕU2 , at x ÕCaxÄ0.9
Fig. 7 Cross-stream „VÀW… velocity vectors at x ÕCaxÄ0.9
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sign ofu8w8, with the reversal along a line perpendicular toz. In
theory, the crossing point of the two reversal lines would signify
the vortex center of rotation.

The plot of u8v8 ~Fig. 8! clearly shows the existence of two
distinct regions of concentrated highu8v8 stresses. These regions
are coincident with the low-momentum regions observed in plots
of the mean streamwise velocity~Fig. 6!. The region of high
stresses near the suction-flat-endwall corner (y/S51.0; z/P
51.0) is believed to be the passage vortex along the flat endwall.
The u8v8 stresses indicate that this structure is vortical and rea-
sonably coherent since there is a reversal in shear stress sign.
Since the reversal in sign ofu8v8 does not fall along a line normal
to the suction surface, it is believed that this vortex is slightly
skewed and elliptic in shape, however. The structure near the
suction-contoured endwall corner (y/S50; z/P51.0) is different.
The stresses for this structure are biased favoring positiveu8v8
~diffusion away from the contoured endwall! with only a small
region of negativeu8v8 ~Note: This region has a magnitude
slightly greater than20.01 and does not appear on the plot, given

contour increments of 0.01.! As a result, a pronounced line of sign
reversal is not evident. Theu8v8 shear stress behavior for this
structure suggests that there is likely a coherent vortex structure
present in this region~i.e., weak passage vortex! but it is washed
out, to a great extent, by the secondary endwall and suction sur-
face motions in planar shear within the core flow. The peak shear
stresses are much higher, though, than those for the flat endwall
structure~0.4 for contoured and 0.2 for flat!.

The distribution ofu8w8 shear stress~Fig. 9! shows also the
two structures discussed above. These structures are visible as
high negativeu8w8 values~diffusion away from suction surface!.
It is speculated that regions of positiveu8w8 would be found
nearer to the suction surface if background stresses were removed
and near-wall stresses measured. The magnitudes of normalized
u8w8 are comparable to the normalizedu8v8 values.

Magnitudes ofv8w8 ~not shown! are small, as expected. These
terms represent thez diffusion of y momentum. In the context of
this study, these quantities are not important.

Key Observations From Velocity Measurements.These plots
clearly indicate the existence of two structures adjacent to the
airfoil suction surface and in the vicinity of the airfoil–endwall
corners. They are clearly related to secondary flows and resemble
passage vortices. The two are of different size and strength, with
the passage vortex adjacent to the flat endwall being larger and
less concentrated. That both structures are smaller than expected
and smaller than those found in a large-aspect ratio, linear cas-
cades~e.g., @29,30,37#!, appears to be the direct result of the
streamwise acceleration and boundary layer thinning on both end-
walls associated with the contouring of one endwall. This is not
merely a high free-stream turbulence effect for Chung docu-
mented strong structures with both high and low free-stream
turbulence.

Aerodynamic Loss Evaluation

Total Pressure Loss.Total pressures are measured upstream
~at x/Cax520.7! and slightly downstream (x/Cax51.02) of the
cascade. The upstream measurement is a single-point measure-
ment with the pitot-static probe. A single point measurement in
the upstream position is justified sincepo at anyx upstream of the
cascade has been verified to be nominally uniform. Total pres-
sures atx/Cax51.02 are taken over the entire exit plane of the test
passage and about the trailing edge of the center airfoil with min-
iature total pressure probes via a total of 1298~892 in one set; 404
in another! measurement points. The measurement plane in the
test passage encompasses nearly 98 percent of the total flow area.
The total pressures, coupled with the velocity head of the ap-
proach flow, 1/2rU1

2, are used to calculate a total pressure loss
coefficient,Cpo at each measurement location atx/Cax51.02. A
distribution of these values is given in Fig. 10. This figure shows
that over the vast majority of the exit plane,Cpo values are small
(Cpo50) since flow distant from airfoil and endwall surfaces
would closely follow inviscid flow patterns. The endwall bound-
ary layers, though, have thin regions of high loss coefficients. The
largestCpo (Cpo.4.0) values are found in the vicinity of the
trailing edge and the airfoil boundary layers. The two secondary
flow structures along the suction surface have clearly identifiable
contributions to this loss. The structure near the contoured end-
wall, centered abouty/S50.15, has a more substantial total pres-
sure loss than the one near the flat endwall (y/S;0.75). TheCpo
values in the suction-contoured-endwall (y/S50; z/P51.0) cor-
ner adjacent to this structure are also much larger than those for
the suction-flat-endwall corner (y/S51.0; z/P51.0). In addition,
there is some indication of lowerCpo values in the trailing edge
region wake closest to the flat endwall. A reasonable conclusion
from this distribution, therefore, is that the contouring of one end-
wall assists in reducing the total pressure losses in the vicinity of
both the flat and contoured endwalls with the flat endwall region

Fig. 8 Turbulent shear stress, u 8v 8ÕU2
2Ã100, at x ÕCaxÄ0.9

Fig. 9 Turbulent shear stress, u 8w 8ÕU2
2Ã100, at x ÕCaxÄ0.9
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receiving more benefit relative to that of the profiled endwall.
Lower loss near the flat endwall is an observation that is consis-
tent with the findings of other researchers who have investigated
profiling @7,8#.

The distribution of total pressure loss coefficients at the exit
plane (x/Cax51.02) of the test passage are integrated over both
the span and pitch, including the trailing edge region, to yield a
spatially averaged, total pressure loss coefficient,Cpo. This quan-
tity is a single parameter that can be used to evaluate and quantify
a substantial portion of the aerodynamic loss through the cascade.
The Cpo value calculated for the configuration is 0.47. This indi-
cates that the average total pressure loss in this cascade is 47
percent of the approach dynamic head or 3.0 percent of the depar-
ture flow dynamic head. Uncertainty in this quantity is estimated
to be 2.0 percent of the approach dynamic head.

Secondary Kinetic Energy Loss.Using the mean streamwise
and cross-stream velocities from triple-film measurements, loss
coefficients associated with the secondary kinetic energy,Cske,
can be calculated. A distribution ofCske at x/Cax50.9 is given in
Fig. 11. It is believed that theCske distribution atx/Cax51.02
would closely resemble these values but would have additional
loss contributions in the trailing edge wake region. In general,
relative to peak total pressure loss coefficients,Cske values tend to
be small (Cske<0.35). Cske values are highest near the contoured
endwall, adjacent to the flat endwall, and in the pressure-surface-
contoured-endwall corner region. Only in the center of the pas-
sage whereCpo values ~Fig. 10! approach zero but secondary
motion remains strong areCske dominant contributors to the total
loss. On average, secondary kinetic energy loss is about 25 per-
cent of the total loss.

Conclusions
A large-scale experimental test facility, which simulates the

geometry of, and flow within, the inlet nozzle guide vane section
of a modern gas turbine, has been constructed and qualified. The
facility is a three-airfoil, two-passage design. The airfoils are en-
cased between one contoured and one flat endwall which reduce
the cascade span by 25 percent, from inlet to exit. Testing was
performed under high-level~9.5 percent! and large-scale core-
flow-turbulence conditions with an inlet Reynolds number based
on true chord length of 350,000.

With this facility, a detailed experimental investigation of the
fluid mechanics and aerodynamics inherent to the guide vane de-
sign was conducted. Many of the fundamental flow features inher-
ent to the nozzle guide vane passage design have been character-

ized. These features have been captured via measurements of
mean streamwise and cross-stream velocities, turbulence, and tur-
bulent shear stresses. As anticipated, measurements indicate that
the flow field is three dimensional and that distinct secondary flow
patterns develop within the cascade. Contrary to related studies in
the literature, these secondary flow features are relatively small,
localized, and difficult to characterize. The most important of
these secondary flow features, resembling passage vortices, are
still visible. With contouring of one endwall, these structures are
not symmetric and differ considerably in their sizes and strengths.
The structure near the suction-surface-flat-endwall corner is large
in size but fairly weak in strength while the contoured-endwall
counterpart is more concentrated in size and stronger. Boundary
layer thinning and streamwise acceleration imposed by the con-
toured endwall are believed responsible for these differences.
Both endwalls experience the same pressure gradient but differ in
their curvature profiles. This curvature apparently has a profound
effect on the secondary flow development. Aerodynamic loss as-
sessment, including total pressure and secondary kinetic energy
losses, suggests that the losses along the flat endwall in the suction
corner region are lower relative to those near the contoured-
endwall corner. The structure strength measurements support this
conclusion. Although data document the flow field in a contoured-
endwall cascade, the relative influence of contouring was not
evaluated in this study. In fact, it would not be possible to do so
because merely straightening the curved endwall has far-reaching
effects beyond contouring, including changing the reaction of the
stage.
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Nomenclature

C 5 airfoil actual or true chord
Cax 5 airfoil axial chord
Cpo 5 total pressure loss coefficient5(po12po2)/(0.5r1U1

2)

Fig. 10 Total pressure loss coefficients, Cp 0 , at x ÕCaxÄ1.02

Fig. 11 Secondary kinetic loss coefficients, Cske , at x ÕCax
Ä0.9
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Cpo 5 spatially averaged total pressure loss coefficient
Cps 5 static pressure coefficient5(po12ps)/(0.5r1U1

2)
Cske 5 secondary kinetic energy loss coefficient5

(V2
21W2

2)/U1
2

H 5 shape factor5d* /u
k 5 turbulent kinetic energy

Lu 5 dissipation or energy scale
P 5 airfoil pitch
p 5 pressure

Reu 5 Reynolds number based on mean streamwise velocity
external to boundary layer and momentum thickness

S 5 airfoil span
S1 5 inlet airfoil span
S2 5 exit airfoil span
U 5 time-averaged local streamwise~axial! velocity

U1 5 characteristic inlet velocity to test passage (x/Cax5
20.75)

U2 5 characteristic exit velocity of test passage (x/Cax
50.90)

U` 5 free-stream velocity
u8 5 time-averaged, rms streamwise~axial! velocity fluc-

tuation
u8v8 5 streamwise-endwall normal turbulent shear stress
u8w8 5 streamwise-pitchwise turbulent shear stress

V 5 time-averaged endwall-normal velocity
V1 5 inlet mean endwall-normal velocity
V2 5 exit mean endwall-normal velocity
v8 5 time-averaged, rms endwall-normal~radial! velocity

fluctuation
v8w8 5 endwall-normal-pitchwise turbulent shear stress

W 5 time-averaged pitchwise velocity
W1 5 inlet mean pitchwise velocity
W2 5 exit mean pitchwise velocity
w8 5 time-averaged, rms pitchwise velocity fluctuations

x 5 axial coordinate
y 5 endwall-normal coordinate
z 5 pitchwise coordinate

d99 5 boundary layer thickness~99 percent!
d* 5 displacement thickness

« 5 dissipation of turbulent kinetic energy
u 5 momentum thickness
L 5 integral length scale
r 5 air density at measurement

r1 5 approach/inlet core flow air density

Subscripts

1 5 inlet or approach condition
2 5 exit condition

lower 5 referring to lower cascade passage
o 5 stagnation or total
s 5 static

upper 5 referring to upper~test! cascade passage
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A Numerical Study of Secondary
Flow in Axial Turbines With
Application to Radial Transport of
Hot Streaks
The flow field in a low-speed turbine stage with a uniform inlet total pressure is studied
numerically. A circular hot streak is superposed on the vane inlet flow. In agreement with
previous experimental and numerical work, it is observed that while the streak passes
through the vane unaltered, significant radial transport occurs in the rotor. Furthermore,
despite the unsteady nature of the flow field, the steady theory of Hawthorne (1974) is
found to predict the radial transport velocity well. Making use of this theory, it is shown
that the secondary vorticity in the rotor may be attributed to the effects of density strati-
fication, the spatial variation of the vane exit flow angle, and the relative eddy. It then
follows that the extent of radial transport in the rotor may be influenced by altering the
vane exit flow angle distribution. The present study examines one means by which this
may be effected, viz., varying the vane twist across the span. It is shown that a ‘‘reverse’’
twist, wherein the flow angle at the vane exit is larger near the tip than it is at midspan,
reduces the secondary flow (and consequently, radial transport) in the blade passage. On
the other hand, ‘‘positive’’ twist, in which the vane exit flow angle decreases with span,
is found to worsen the radial transport in the blade markedly. It is to be noted that
varying the vane twist is but one method to obtain the desired exit flow angle; possibilities
for altering other aspects of the vane geometry also exist.@S0889-504X~00!00104-5#

Introduction
The flow at the exit of gas turbine combustors is known to

exhibit circumferential and radial variations in temperature, as
shown by Elmore et al.@1# from measurements in an engine. The
temperature within these nonuniformities, generally referred to as
hot streaks, can vary from compressor discharge to stoichiometric
levels. The continuous quest for more efficient engines with
higher thrust–weight ratios has led over the years to ever-
increasing turbine inlet temperatures. As a consequence, the high-
pressure turbine is subjected to large heat loads, which can result
in thermal distress, particularly in the rotor. The first systematic
investigation of hot streak transport was undertaken by Butler
et al.@2#, who conducted experiments in a single-stage, low-speed
rig. In this study, a circular hot streak was introduced into the
vane inlet flow field; the total pressure across the inlet plane was
kept uniform. The reason for this is based on the result of Haw-
thorne@3# that the secondary vorticity induced in a vane passage
is proportional to the total pressure gradient. Thus, the absence of
this gradient ensures that the secondary flow and consequent
transport in the vane are minimized so that attention can be fo-
cused on transport in the rotor passage. The results of these ex-
periments demonstrated that the hot fluid segregates toward the
pressure surface of the blade passage and moves radially outward
in the direction of the blade tip.

Rai and Dring@4# and Krouthen and Giles@5# attempted to
model the results of Butler et al.@2# using the two-dimensional
Navier–Stokes equations. It was found that the experimental trend
of migration of hot fluid toward the pressure surface of the rotor
passage was captured; there were, however, significant quantita-
tive differences. Specifically, the numerical prediction of the tem-
perature was higher on the suction surface than the experimental

values, while that on the pressure surface was lower. It is, there-
fore, evident that three-dimensional effects are important in order
to understand the transport processes in the rotor.

Dorney et al.@6# and Takahashi and Ni@7# performed the first
three-dimensional Navier–Stokes analyses of the configuration of
Butler et al.@2#. The agreement with the experimental data was
found to be excellent. These simulations, in conjunction with the
experiments of Butler et al.@2#, have resulted in a better under-
standing of the flow processes in the turbine rotor. This has, in
turn, led to the investigation of techniques to reduce hot streak
transport in the rotor. In particular, Dorney and Gundy-Burlet@8#
and Takahashi et al.@9# have proposed the use of fuel-nozzle
indexing, wherein the combustor nozzles are arranged such that
the hot streak impinges on the vane instead of passing through the
stator passage. This method was shown to be very effective in
reducing the heat loads in the rotor and has been verified experi-
mentally by Roback and Dring@10#.

Although the principal physical processes that influence hot
streak transport were identified by Butler et al.@2#, additional
mechanisms may be present in the engine environment. This was
exemplified by Shang and Epstein@11# in their numerical study of
hot streaks in a transonic turbine stage, where it was found that
the potential interaction between the vane and the blade causes the
hot streak to wobble. This unsteady interaction was shown to
render the time-averaged total temperature at the rotor inlet plane
circumferentially non-uniform, resulting in enhanced heat loads
on the blade. It was further demonstrated that the magnitude of the
rotor-stator interaction and its effect on the rotor heat load may be
reduced by adjusting the vane-blade count ratio to an optimum
value. Shang & Epstein@11# also observed significant radial mi-
gration in their simulations. However, unlike the experiments of
Butler et al.@2#, the streak was found to migrate toward the hub
radius of the blade passage; this was attributed to buoyancy
effects.

Despite the large body of numerical and experimental data that
has been accumulated since the pioneering study of Butler et al.
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@2#, several important issues remain outstanding. With the excep-
tion of the work of Shang and Epstein@11#, the focus of the
studies described earlier was on thecircumferentialredistribution
of temperature, although the experimental data clearly demon-
strate that spanwise migration of the streak also occurs. In the
present investigation, we examine the fundamental transport pro-
cesses that cause this transport, with a view to developing means
by which it may be controlled. Numerical experiments were con-
ducted to investigate the flow through a turbine stage. Previous
work has indicated that the transport processes are primarily con-
vective in nature, and for this reason, attention is focused on a
low-speed configuration that seeks to replicate the Reynolds num-
ber but not the Mach number in a typical contemporary engine. As
in prior numerical and experimental studies, we assume that the
total pressure at the vane inlet plane is uniform. While this is
clearly not valid for engine flows, it serves nevertheless to identify
the basic transport mechanisms in the rotor, as pointed out by
Butler et al. @2#. It will be demonstrated that although the flow
field is unsteady, an excellent quantitative estimate of spanwise
transport may be obtained from an analysis that assumes the flow
in the rotor frame to be steady. This makes it possible to employ
theoretical constructs to provide design guidelines for the manage-
ment of secondary flow in the rotor and thereby to influence radial
transport of hot streaks.

Transport Mechanisms in the Rotor
It is well known that secondary flows can have a substantial

effect on the flow in turbine passages. Consider first the flow
through a vane passage. This may be described in terms of the
theory of steady secondary flow, developed in a seminal investi-
gation by Hawthorne@3#, who showed that a flow with an initial
vorticity normal to the direction of the primary flow will, upon
transport through the passage, generate a component of stream-
wise vorticity. This occurs as a result of the turning and stretching
of vortex lines as they are convected through the curved channel.
The boundary layers on the hub and casing represent one source
of normal vorticity. In addition, when the flow is density-stratified
owing to the presence of a hot streak at the vane inlet, the~invis-
cid! baroclinic torque that is caused by the non-parallelism of the
density and pressure gradients gives rise to another source of nor-
mal vorticity. Alternatively, this may be thought of in terms of the
lower density fluid within the streak being accelerated more than
the colder fluid, leading to a jetlike velocity profile at the vane
exit.

The work of Hawthorne@3# has been generalized to include the
effects of compressibility, density stratification, and rotation;
these developments are summarized in the review by Horlock and
Lakshminarayana@12#. As shown by Lakshminarayana and Hor-
lock @13# and Hawthorne@14#, it proves convenient to employ
both cylindrical polar~z, r, u! and intrinsic~s, n, b! coordinates;
heres, n, andb denote, respectively, coordinates in the direction
of the relative streamline, the inward direction of its principal
normal, and the binormal direction. Following Hawthorne@14#,
the rate of change of the component of absolute vorticity along a
relative streamline,Vs , is given by
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wherev is themagnitudeof the angular wheel speed,WW 5(Wz ,
Wr , Wu) andV5(Vz , Vr , Vu) are the relative and absolute flow
velocities,r is the density, andRn is the principal radius of cur-
vature of the relative streamline. The quantityp* that appears in
Eq. ~1! is the rotary total pressure, defined by

p* 5p1
1

2
r~W22v2r 2!, (2)

wherep is the static pressure. It is evident from Eqs.~1! and ~2!
that in a stationary passage (v50), the generation of streamwise
vorticity depends only on the gradient of the total pressure. This is
the well-known substitution principle of Munk and Prim@15# for
steady isentropic flows, which states that for a specified geometry
and total pressure distribution, the streamline pattern will remain
unchanged by alterations in the total temperature distribution.

Next, attention is focused on the flow conditions at the interfa-
cial plane between the stator and rotor. The vane can be consid-
ered to be comprised of radially stacked two-dimensional airfoil
sections that are twisted about a radial axis so that the exit flow
angle, a, depends onr, as shown in Fig. 1. We denote byb
5b(r) the angle between the radial direction and the spanwise
locus of points along the vane trailing edge. Considering now the
flow at the rotor inlet, the binormal direction is given by

db52dr cosb2rdu sinb (3)

It may be shown from geometry that the anglesa and b are
related by

tanb5L
]a

]r
, (4)

whereL is the distance from the twist axis to the vane trailing
edge. We assume that the amount of twist is small so that
L]a/]r 5e!1: it then follows from Eq. ~4! that cosb51
1O(e2). In addition, the following approximations are made up-
stream of the rotor:

1 circumferential and axial variations in the flow quantities are
negligible in comparison with those in the radial direction,

2 the ~absolute! total pressure is uniform,
3 the flow is essentially in radial equilibrium so that the radial

velocity is small,Vr!V.

Then, upon making use of Eqs.~3! and~4!, it is found that Eq.~1!
yields to leading order ine:

W2Rn

2v

]

]s S Vs

W D5S V cosa2
vr

2 D r

r

]r

]r

1cosa
]

]r
~rV !2rV sina

]a

]r
. (5)

Fig. 1 „a… Illustration of vane exit geometry and nomenclature;
„b… view of the vane trailing edge looking upstream; solid line
represents the trailing edge
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Making use of the uniformity of total pressure and the condition
of radial equilibrium, it may be shown that

]V

]r
52

V

r
cos2 a2

V

2r

]r

]r
. (6)

Finally, Eqs.~5! and ~6! may be combined to give

W2Rn

2v

]

]s S Vs

W D5
1

2
~V cosa2vr !

r

r

]r

]r
1V sin3 a

]

]r
~r cota!.

(7)

Equation~7! shows that the generation of secondary vorticity in
the rotor passage is influenced by:~a! density gradients induced
by the hot streak, and~b! the vane exit flow angle distribution.
The last parameter depends on~among other quantities! the span-
wise twist distribution of the vane, a point that we will revisit.

In addition to the dynamic mechanisms of secondary flow gen-
eration described above, it is also necessary to take account of the
kinematic circulation that exists in the rotor blade passage owing
to the so-called ‘‘relative eddy.’’ Therelativestreamwise vorticity
zs is then given by

zs5Vs12v ı̂•sW,

where ı̂ is the unit vector along the axial direction. Note that the
sign of the second term in this equation is positive sincev is taken
here to represent the magnitude of the angular wheel speed.

In Eq. ~7!, the first term on the right-hand side is of the same
sign as]r/]r sinceV cosa.vr ~see Fig. 7!. For a radially uni-
form vane exit flow angle distribution, the second term is positive
and hence the two terms reinforce each other in the upper portion
of the streak where]r/]r .0. On the other hand, these terms
produce opposing effects in the lower portion of the streak where
]r/]r ,0; semi-quantitative estimates for the hot streak consid-
ered here indicate that the effect of density stratification domi-
nates so that the right-hand side of Eq.~7! is in fact negative in
this part of the streak. A qualitative picture of the flow field in the
rotor passage is depicted in Fig. 2; here the crossflow generated by
the streamwise vorticity is represented schematically by the tra-
jectory of its induced circulation. Based on the previous discus-
sion, it is seen that the generated streamwise vorticity is positive
~negative! in the upper~lower! part of the passage. The relative
eddy contributes an additional positive gross circulation as illus-
trated. In reality, additional flow-altering features such as horse-
shoe vortices will be present in the blade passage. We expect
nevertheless that the essential features of the flow depicted in Fig.

2 should be reproduced by the numerical simulations. In particu-
lar, we observe that close to the pressure surface, the contributions
to the radial velocity from the secondary flow and relative eddy
are both positive in the upper portion of the passage, while they
are in opposite directions in the lower part of the passage. Thus, it
is expected that the pitch angle will be asymmetrically distributed
across the span, and will be significantly larger near the tip than
the hub.

Baseline Geometry: Flow Analysis
The computational tool employed here is based on the scheme

described by Ni@16# and Davis et al.@17#. For the transient prob-
lem, the time-dependent, Reynolds-averaged, Navier–Stokes
equations are solved using an implicit, dual time-step approach
coupled with a Lax–Wendroff/multiple-grid procedure. In the
steady case, only the Lax–Wendroff/multiple-grid procedure is
used. The algorithm has second-order spatial and temporal accu-
racy, using centered differences for the spatial derivatives with
second- and fourth-order smoothing for stability. Turbulence clo-
sure is achieved using the Baldwin–Lomax@18# model. No-slip
and adiabatic boundary conditions were implemented at the solid
boundaries while the nonreflecting conditions of Giles@19# were
employed at the downstream boundary. At the interblade row
boundaries, where the computational grid sectors move relative to
each other, the pseudo-time rate of change of the primary vari-
ables is interpolated from the adjacent blade row and added to that
determined from the Lax–Wendroff discretization. The code has
been extensively validated and further details may be found in the
works of Takahashi and Ni@7#, Davis et al.@20#, Ni @16#, Ni and
Bogoian@21#, and Ni and Sharma@22#.

Numerical simulations were carried out for a low-speed, single-
stage turbine geometry. The stator consists of radially stacked
airfoil sections designed to produce a spanwise variation of the
exit flow angle at midpassage, as shown in Fig. 3. In presenting
our results, the temperature data are normalized using the back-
ground total temperature at the vane inlet. A circular hot streak
was superposed upon the otherwise uniform vane inlet conditions.
The total temperature distribution at the~computational! inlet
boundary when the streak is centered at 50 percent-span is illus-
trated in Fig. 4; the peak value of 1.3 is representative of that in a
typical modern engine. In all of the calculations presented, the
total pressure at the vane inlet was assumed to be uniform, mim-
icking the experimental conditions of Butler et al.@2#, so that Eq.
~7! applies.

Fig. 2 Schematic illustration of the secondary flow in the rotor
passage. The direction of the primary flow is out of the plane.
Note that in the upper part of the blade passage, the radial
velocity contribution from the secondary flow „solid line … rein-
forces that from the relative eddy „broken line … near the pres-
sure surface.

Fig. 3 Variation of the vane exit flow angle at midpassage as a
function of span. The solid line illustrates the vane exit flow
angle for the baseline geometry, while ––– and "–" represent
positive and reverse twist „see ‘‘Secondary Flow Control’’ …,
respectively.

Journal of Turbomachinery OCTOBER 2000, Vol. 122 Õ 669

Downloaded 01 Jun 2010 to 171.66.16.63. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Unsteady Flow Effects. The primary obstacle to using the
secondary flow theory is that it is valid only for steady flow.
While this assumption is true for the stator, it is evident that its
applicability to the rotor flow field is questionable. In order to
clarify this issue, two sets of calculations were carried out with a
hot streak directed into the center of a vane passage at 75 percent
span. In the first run, steady inlet boundary conditions were im-
posed on the stator, while the rotor inlet conditions were obtained
by carrying out a circumferential average of the flow quantities at
the interfacial plane between the stator and rotor. This procedure
determined a ‘‘steady’’ flow in the turbine stage. The second set
of computations comprised a full unsteady run, which was then
time-averaged in order to facilitate a comparison with the first
calculation. The results are presented in terms of the pitch angle,
defined as tan21(Wr /Wz).

We illustrate in Fig. 5 the distributions of the pitch angle on a
plane perpendicular to the turbine axis located 0.33 chord lengths
downstream of the blade leading edge; numerical data are pre-
sented along radial lines that lie close to the pressure and suction
surfaces and at midpassage. It is evident that the flow distortion by
the secondary vorticity is well predicted by the steady model.
Specifically, we observe that the region of relatively large pitch
angle variation in the vicinity of the pressure surface is common
to both computations. Furthermore, the direction of radial trans-
port near the pressure surface is toward the blade tip. These fea-
tures are in accord with our qualitative conclusions based on Fig.
2. The agreement between the results of the two computational

procedures is significant because it implies that the dynamics of
the secondary flow may be understood in terms of the steady
theory of Hawthorne@14# described earlier. Furthermore, it now
becomes possible to compare differing blade designs with regard
to their secondary flow properties by carrying out comparatively
inexpensive steady-state computations.

We also note that it is not possible to make a general statement
about the direction of radial transport since it depends crucially on
the secondary flow in the passage. Thus, it is entirely possible that
the streak may be transported toward the hub instead of the tip,
depending on the temperature of the streak and the aerodynamics
of the stage. In particular, under the approximations described
earlier, we observe from Eq.~1! that the secondary flow in the
blade passage is driven by the rotary total pressure gradient and
the centrifugal~buoyancy! force. In the investigation of Shang and
Epstein @11#, the trajectory of the streak was found to be well
predicted using an analysis that considered only the buoyancy
effect, suggesting its dominance for their configuration. This is,
however, not always the case, and both terms must be included in
general.

Despite the fact that the steady theory provides a good estimate
of the radial transport velocity, it should not be expected that this
would hold true for the temperature distribution. Indeed, the tem-
perature distributions on the tangential planes at 0.33 chord for the
steady-state and time-averaged computations, shown in Fig. 6,
illustrate that although the general features of the field are cap-
tured by the latter, there is a significant circumferential variation
that is not. The reason for this discrepancy is understood when
one considers the segregation effect of Kerrebrock and Mikolajc-
zak @23#, wherein the requirements of circumferential uniformity
of total and static pressure and absolute flow angle at the vane exit
plane give rise to an increase in the relative angle of attack on the
blade with fluid temperature. This causes accumulation of hot
fluid on the pressure side of the blade. The procedure used to
obtain the ‘‘steady’’ flow solution performs a circumferential av-
erage of the rotor inlet quantities, resulting in a loss of information
concerning the tangential variation. The experiments of Butler
et al. @2# were the first to demonstrate this segregation; the phe-
nomenon has also been observed in previous numerical work, as
noted earlier.

Radial Transport in the Rotor. The transport of the hot
streak in the rotor passage is now examined using the results of
the steady computation. In the reference frame of the rotor, the
rotary total temperature is defined by,

T* 5T1
1

2cp
~W22v2r 2!,

Fig. 4 Contours of total temperature at the inlet boundary; val-
ues range from 1.05 to 1.3 in steps of 0.05

Fig. 5 Spanwise variation of pitch angle at three circumferen-
tial locations. The solid lines represent the results of the steady
run, while the broken lines represent those for the time-
averaged unsteady run.

Fig. 6 Temperature distribution in blade at 33 percent chord:
„a… steady computation, „b… time-averaged unsteady computa-
tion. The segregation of the hot fluid toward pressure surface
„on the right side … is evident.
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wherecp is the specific heat at constant pressure. It may be shown
that this quantity is conserved along streamlines for steady, invis-
cid, adiabatic flow~see, for example@24#!. Since the Reynolds
number of the flow under consideration is large, diffusive effects
are small and thusT* is ~approximately! convected with the flow.
Hence, the rotary total temperature field is indicative of the
streamline pattern in the rotor. The distribution ofT* on a plane
parallel to and near the pressure surface but outside its boundary
layer is illustrated in Fig. 9~b!. The hot fluid within the streak is
observed to move toward the blade tip, indicating radial distortion
of the streamlines. Thus we conclude that the radial velocity in-
duced by the secondary flow in the rotor passage of this low-speed
configuration is capable of transporting hot fluid to the tip region.

Secondary Flow Control

Theoretical Considerations. We have thus far examined the
physical phenomena underlying radial transport in the turbine,
viz., secondary flows induced by flow turning, density stratifica-
tion, and rotation. Here, we examine one possible means by which
this secondary flow can be altered. It is observed from Eq.~7! that
the rate of generation of streamwise vorticity depends on the vane
exit flow angle,a5a(r ). This suggests that it is possible to affect
the secondary flow in the blade passage by varying the vane exit
metal angle. In the present study, this is accomplished by twisting
the defining airfoil sections about the stacking axis. Consider now
the velocity triangle at a typical radial section, as shown in Fig. 7.
It is evident thatV cosa.vr and therefore the first term on the
right-hand side of Eq.~7! is positive ~negative! in the upper
~lower! portion of the streak where the density is an increasing
~decreasing! function of the radial coordinate. Recalling that the
relative eddy contributes a further positive quantity to the relative
streamwise vorticity in the blade passage, it appears that in order

to reduce radial transport in the upper portion of the blade pas-
sage, one must require generally that the remaining term in Eq.~7!
be negative. This results in a vane exit flow angle,a, which in-
creases along the radial direction in the upper portion of the pas-
sage, where the temperature decreases with radius. This will
henceforth be referred to as ‘‘reverse twist’’ whereas the comple-
mentary geometry, wherea decreases withr will be called ‘‘posi-
tive twist.’’ In what follows, we apply both types of twist to the
nominal vane; for simplicity, the twist is imposed linearly in a
symmetric manner across the span. Semi-quantitative estimates

Fig. 7 Velocity triangle at vane exit

Fig. 8 Illustration of „a… positive, „b… nominal, and „c… reverse
twist

Fig. 9 Steady-state temperature distribution close to the pres-
sure surface of the blade passage for vanes with: „a… positive
twist, „b… nominal twist, and „c… reverse twist

Fig. 10 Pitch angle at a streamwise distance of 0.33 chord
downstream of the leading edge of the rotor blade, along a
radial line close to the pressure surface; the nominal case is
represented by – ""–, while ––– and — represent the positive
and reverse twist cases, respectively

Fig. 11 Instantaneous view of temperature contours in four
successive blade passages for vanes with: „a… positive twist,
and „b… reverse twist
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based on Eq.~7! indicate that a twist amplitude~from midspan to
hub/tip! of 5 deg is sufficient to reduce the radial transport in the
blade significantly. The vane geometries obtained upon applying
positive and reverse twists of amplitude 5 deg are shown in Fig. 8
together with the nominal design. The resulting exit flow angle
variations at midpassage are illustrated in Fig. 3.

Numerical Results. Computational runs were carried out
with the streak positioned at 50 percent span. Since the new ge-
ometries are motivated by steady theory, we commence our study
with steady-state calculations. Furthermore, a one-streak/one-
vane/one-blade configuration was employed; this enables the rela-
tive merits of the three configurations to be compared at a reduced
computational cost.

As we have pointed out earlier, the rotary total temperature,
T* , is convected with the steady flow in the rotor and is thus
indicative of the magnitude of radial transport. In Fig. 9, we illus-
trate for each of the vanes in Fig. 8 contours ofT* on a compu-
tational surface parallel to the rotor pressure surface and close to it
but outside the boundary layer. It is evident that positive twist
enhances the secondary flow in the rotor significantly and the
temperature distribution in the tip region indicates increased radial
transport compared to the nominal case. Conversely, reverse twist
has the opposite effect on radial transport: The outward curvature
of the streamlines is diminished and the streak is directed toward
the center of the blade passage. Illustrated in Fig. 10 are radial
profiles of the pitch angle along a line that is located 0.33 chord
lengths downstream of the leading edge and just outside the
boundary layer on the pressure surface. These profiles demon-
strate that the effect of reverse or positive twist is to decrease or
increase the pitch angle by as much as 50 percent in comparison
with the nominal case.

Having verified that the effect of vane twist on the steady flow
in the rotor is in agreement with the theory, the behavior of the
streak under fully unsteady conditions is studied. The configura-
tion employed reflects the real geometry and consists of a one-
streak/three-vane/four-blade configuration. The unsteady tempera-
ture field is visualized on the same plane as in Fig. 10. A view of
the temperature contours is shown in Fig. 11~a,b! at an instant
when the temperature uniformity enters the first blade passage.
The position of the temperature contours in the other passages
then illustrates the trajectory that is followed by the streak.1 In
both cases, the streak tends to diffuse. It is nevertheless clear that
the streak is transported to the periphery of the blade when a
positive twist is imposed on the vane, whereas in the case of
reverse twist, the radial position of the streak at the middle of the
blade span is maintained. Thus, the results of the earlier steady-
state calculation are observed to carry over to the unsteady case
and we conclude that radial migration of the streak can be effec-
tively controlled by modifying the vane exit flow angle distribu-
tion via the twist.

Discussion
The present investigation was motivated by the need to provide

a clear understanding of the fluid dynamic mechanisms that are
responsible for radial transport of hot streaks in turbine rotors.
This transport is caused by the secondary flow in the blade pas-
sage and since the processes are believed to be primarily convec-
tive in nature, a low-speed turbine configuration is used as a
model. Making use of the results of Hawthorne@14#, it is seen that
the secondary flow is driven by hot streak-induced density gradi-
ents and by spatial variations in the flow angle entering the rotor.
Computations were carried out to examine the relevance to the
rotor flow of Hawthorne’s@14# theory of steady secondary flow.
Despite the unsteady nature of the relative flow entering the rotor,
it is found that the steady theory provides a very good estimate of

the radial transport velocity. Hence we conclude that it is possible
to compare the relative merits of competing designs using inex-
pensive steady computations.

The occurrence of radial transport assumes particular impor-
tance in modern engines with very high turbine inlet temperatures.
The transport of hot fluid toward the periphery of the blade results
in large thermal loads on the blade tip and the outer air seal. We
have shown that it is possible to influence the secondary flow and
thus the thermal loads in the blade passage by suitably altering the
vane exit flow angle. One way by which this may be effected is to
vary the spanwise twist distribution. This technique was investi-
gated in detail and was found to be very effective in controlling
the trajectory of the hot streak through the passage. It was found
that a ‘‘reverse’’ twist, wherein the vane exit flow angle increases
with span, is necessary to diminish radial transport. It is to be
emphasized, however, that the specification of a vane twist distri-
bution is merely a vehicle by which the vane exit flow angle may
be altered; the same distribution of the vane exit flow angle could
have been obtained by suitably altering other aspects of the vane
geometry.

The present study has focused on a configuration that is repre-
sentative of the Reynolds number and flow coefficient of modern
engines and thus captures the essential convective mechanisms.
However, the direct application of the present results to the actual
engine environment must be done with care, primarily because of
compressibility effects. For example, as we have noted earlier, the
potential~bow-wave! rotor–stator interaction in a high-speed tur-
bine can significantly influence the flow field@11#. In addition,
alteration of the vane exit flow angle distribution will change the
rotor thermal and aerodynamic loading so that a redesign of the
blade may become necessary. Finally, the results concerning vane
exit angle as a means of altering the rotor secondary flow were
derived on the assumption of a uniform vane inlet total pressure.
While this is not strictly true for engine flows, it is expected
nevertheless that the general trend of requiring a larger vane exit
angle at the tip than at midspan should hold.
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A Study of the Effects of Tip
Clearance in a Supersonic
Turbine
Flow unsteadiness is a major factor in turbine performance and durability. This is espe-
cially true if the turbine is a high work design, compact, transonic, supersonic, counter-
rotating, or uses a dense drive gas. The vast majority of modern rocket turbine designs
fall into these categories. In this study a parallelized unsteady three-dimensional Navier–
Stokes analysis has been used to study the effects of tip clearance on the transient and
time-averaged flow fields in a supersonic turbine. The predicted results indicate improved
performance in the simulation including tip clearance. The main sources of the perfor-
mance gains were: (1) a weakened shock system in the case with tip clearance, and (2)
the fact that the reductions in the shock losses were greater than the losses introduced by
tip clearance.@S0889-504X~00!02404-1#

Introduction
Flow unsteadiness is a major factor in turbine performance and

durability. This is especially true if the turbine is a high work
design, compact, transonic, supersonic, counterrotating, or uses a
dense drive gas. The vast majority of modern rocket turbine de-
signs fall into these categories. For example, the STME~Space
Transportation Main Engine! fuel turbine, a high work, transonic
design, was found to have an unsteady interrow shock, which
reduced efficiency by 2 points and increased dynamic loading by
24 percent. The Revolutionary Reusable Technology Turbopump
~RRTT!, which uses full flow oxygen for its drive gas, was found
to shed vortices with such energy as to raise serious blade dura-
bility concerns. In both cases, the sources of the problems were
uncovered~before turbopump testing! with the application of vali-
dated, unsteady computational fluid dynamics~CFD! to the de-
signs. In the case of the RRTT and the Alternate Turbopump
Development~ATD! turbines, the unsteady CFD codes have been
used not just to identify problems, but to guide designs that miti-
gate problems due to unsteadiness. Using unsteady flow analyses
as a part of the design process will lead to turbine designs with
higher performance~which affects temperature and mass flow
rate! and fewer dynamics problems. The works of Griffin et al.
@1–4#, Garcia et al.@5#, and Griffin and Dorney@6# are examples
of the application of unsteady CFD to rocket turbine designs.

In practice, some supersonic turbines are designed with rotating
shrouds, while others are designed with tip clearance. While ex-
tensive research has been performed to understand tip clearance
flows in subsonic and transonic turbomachines~e.g., Foley and
Ivey @7#; Suder and Celestina@8#; Kang and Hirsch@9#; Chima
@10#!, much less effort has been put into studying tip clearance
flows in supersonic turbines. An improved understanding of the
influence of tip clearance on the flow field in supersonic turbines
will help designers improve both durability and performance. In
this study a parallelized unsteady three-dimensional Navier–
Stokes analysis has been used to investigate the effects of tip
clearance on the performance of a candidate turbine for the next
generation reusable launch vehicle.

Numerical Algorithm
The governing equations considered in this study are the time-

dependent, three-dimensional Reynolds-averaged Navier–Stokes

equations. To extend the equations of motion to turbulent flows,
an eddy viscosity formulation is used. The turbulent viscosity is
calculated using the two-layer Baldwin–Lomax algebraic turbu-
lence model@11#.

The numerical algorithm used in the three-dimensional compu-
tational procedure consists of a time-marching, implicit, finite-
difference scheme. The procedure is third-order spatially accurate
and second-order temporally accurate. The inviscid fluxes are dis-
cretized according to the scheme developed by Roe@12#. The
viscous fluxes are calculated using standard central differences.
An alternating direction, approximate-factorization technique is
used to compute the time rate changes in the primary variables.
Newton subiterations are used at each global time step to increase
stability and reduce linearization errors. For all cases investigated
in this study, two Newton subiterations were performed at each
time step. The Message Passing Interface~MPI! software has been
implemented into the numerical analysis to reduce the computa-
tion time for large-scale three-dimensional simulations.

The Navier–Stokes analysis uses O- and H-type zonal grids to
discretize the flow field and facilitate relative motion of the rotat-
ing components~see Fig. 1!. The O-grids are body-fitted to the
surfaces of the airfoils and generated using an elliptic equation
solution procedure. They are used to resolve the viscous flow in

Contributed by the International Gas Turbine Institute and presented at the 45th
International Gas Turbine and Aeroengine Congress and Exhibition, Munich, Ger-
many, May 8–11, 2000. Manuscript recieved by the International Gas Turbine Insti-
tute February 2000. Paper No. 2000-GT-447. Review Chair: D. Ballal. Fig. 1 Midspan section of O–H grid topology for the turbine
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the blade passages properly and to apply the algebraic turbulence
model easily. The algebraically generated H-grids are used to dis-
cretize the remainder of the flow field.

The computational analysis has been validated on several cases
including tip clearance~e.g., Dorney et al.@13#; Dorney and
Schwab@14#!. Further details on the numerical procedure can be
found in @6,13#.

Boundary Conditions
The theory of characteristics is used to determine the boundary

conditions at the inlet and exit of the computational domain. For
subsonic inlet flow four quantities are specified and one is ex-
trapolated from the interior of the computational domain. In par-
ticular, the total pressure, total temperature, and the circumferen-
tial and radial flow angles are specified as a function of the radius.
The upstream running Riemann invariant,R25u2 (2a/g21), is
extrapolated from the interior of the computational domain.

For subsonic outflow, one flow quantity is specified and four
are extrapolated from the interior of the computational domain.
The circumferential and radial flow angles, total pressure, and the
total temperature are extrapolated from the interior of the compu-
tational domain. The pressure ratio,P2 /Pt0 , is specified at mid-
span of the computational exit and the pressure at all other radial
locations at the exit is obtained by integrating the equation for
radial equilibrium. For supersonic outflow all the flow variables
are extrapolated. Periodicity is enforced along the outer bound-
aries of the H-grids in the circumferential direction.

For viscous simulations, no-slip boundary conditions are en-
forced along the solid surfaces. It is assumed that the normal
derivative of the pressure is zero at solid wall surfaces. In addi-
tion, a specified heat flux distribution is held constant in time
along the solid surfaces.

The flow variables at zonal boundaries are explicitly updated
after each time step by interpolating values from the adjacent grid.

Geometry and Grids
The turbine configuration consists of 21 nozzle airfoils and 52

rotor blades. In the current effort a two-nozzle/five-rotor blade
count approximation has been made. To keep the pitch-to-chord
ratio constant, the nozzle airfoils were scaled by factor of 21/20
and the rotor blades were scaled by a factor of 52/50.

Two simulations have been performed for the turbine, one with
the design tip clearance of approximately 2.5 percent span~Case
1! and one with no tip clearance and a rotating shroud~Case 2!. In
the current study it has been assumed, as a design constraint, that
the endwall profiles are similar in both cases. Therefore, the rotor
blades in the case without tip clearance extend 2.5 percent more in
the spanwise direction than the rotor blades in the tip clearance
case. Note, the endwall flowpath diverges between the vane and
rotor passages such that the rotor airfoils have a larger span than
the vanes.

The grid densities~number of passages3 i 3 j 3k! for the tur-
bine simulations are presented in Table 1. The total number of
grid points used to discretize the turbine in Case 1 was 1,411,422
and the total number of points used in Case 2 was 1,363,022.
Figures 1 and 2 illustrate (x2y) and (z2y) views of the grids
~note, every second grid point has been removed for clarity!,
while Fig. 3 illustrates the grids used to discretize the tip clearance
region. Figure 4 shows a perspective view of one nozzle airfoil
and one rotor blade. The average value ofy1, the nondimensional
distance of the first grid line above the surface was approximately
1.5 for the airfoils surfaces and 3.5 for the endwall surfaces. The
grid densities were determined based on a compromise between
the need for accurately modeling the correct blade count ratio and
the computation time. Previous simulations suggested that 38
spanwise planes are adequate to resolve the predominant flow
features@6#.

The simulations were run on seven~250 MHz! processors of an
SGI Origin2000 computer located at NASA Ames Research Cen-

ter. Each simulations was run for 5.0 global cycles at 25,000
iterations per cycle. A global cycle is defined as the time it takes
for the five rotor blades to pass by the two nozzle airfoils. The
value of 25,000 iteration per cycle was chosen to resolve all the
~expected! frequencies of interest. Each iteration required approxi-

Fig. 2 Axial-direction view of the computational grids for the
turbine

Fig. 3 Tip clearance grids for the turbine

Table 1 Grid dimensions for the two-nozzle Õfive-rotor
simulations
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mately 16 seconds computation time on seven processors. The
time periodicity of the solutions was determined by interrogating
pressure traces at different points along the airfoil surfaces~this is
shown in the next section!.

Numerical Results
The candidate turbine under consideration has a design inlet

Mach number of M050.12, an inlet static pressure of 15.2 MPa,
and an inlet static temperature of approximatelyT051232 K. The
rotor rotates atV531,300 rpm, the Reynolds number~based on
the inlet conditions and the rotor axial chord! is approximately
53105, and the ratio of the rotor exit static pressure to vane inlet
total pressure isP2 /Pt050.1875. Air, with a specific heat ratio of
g51.3537, was used as the operating gas in the current study.

Figures 5 and 6 illustrate time-averaged nondimensional en-
tropy contours for Cases 1 and 2, respectively, at 50 percent span.
The contours in the case without tip clearance indicate thicker

Fig. 4 Perspective view of the nozzle and rotor grids for the
turbine

Fig. 5 Time-averaged entropy contours—50 percent span—
Case 1

Fig. 6 Time-averaged entropy contours—50 percent span—
Case 2

Fig. 7 Time-averaged entropy contours—75 percent span—
Case 1

Fig. 8 Time-averaged entropy contours—75 percent span—
Case 2
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vane and rotor wakes. Both cases display some passage-to-
passage time-averaged flow variations in the rotor, both under-
scoring the need for accurate blade count approximations and in-
dicating the presence of unsteadiness at frequencies other than the
blade-passing frequency. Time-averaged entropy contours at 75

Fig. 9 Time-averaged entropy contours on rotor S.S.—Case 1

Fig. 10 Time-averaged entropy contours on rotor S.S.—
Case 2

Fig. 11 Time-averaged total temperature contours at rotor
passage exit—Case 1

Fig. 12 Time-averaged total temperature contours at rotor
passage exit—Case 2

Fig. 13 Time-averaged pressure contours—50 percent span—
Case 1

Fig. 14 Time-averaged pressure contours—50 percent span—
Case 2
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percent of the span are shown in Figs. 7 and 8. At this spanwise
location the wakes are still thicker in the case without tip
clearance.

Figures 9 and 10 show time-averaged entropy contours on the
suction surface of the rotor for Cases 1 and 2, respectively. Both
figures show increased entropy levels associated with the flow
separation near the trailing edge of the suction surface. The case
with tip clearance shows additional entropy generated near the
trailing edge at the tip, and is due to the clearance vortex. Figures
9 and 10 also indicate increased entropy levels near the leading
edge in the hub region, although the region is more extensive in
the case without tip clearance. Figures 11 and 12 contain time-
averaged absolute total temperature contours just downstream of
the rotor trailing edge plane. The case without tip clearance is
characterized by a relatively uniform total temperature distribu-
tion across the span, except for reduced values in the endwall and
wake regions. The case with tip clearance shows strong gradients
in the circumferential direction near the tip. The overall average

Fig. 15 Time-averaged pressure contours—75 percent span—
Case 1

Fig. 16 Time-averaged pressure contours—75 percent span—
Case 2

Fig. 17 Unsteady pressure history and decomposition—60
percent span leading edge—Case 1—rotor

Table 2 Turbine time-averaged flow quantities
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total temperature in the tip clearance region is higher than in the
case with tip clearance, indicating less work being extracted from
the flow in this region.

Figures 13–16 show time-averaged nondimensional~nondi-
mensionalized by the inlet static pressure! static pressure contours
at 50 and 75 percent span for the two cases. At 50 percent span
the vane trailing edge expansion wave pattern is stronger in the
case without tip clearance~Case 2!. This in turn leads to a stron-
ger shock in the rotor. Both simulations contain a standing shock
near the exit of the rotor passage. In Case 1, the expansion and
shock wave patterns weaken considerably by 75 percent span~see
Fig. 15!, while the wave patterns are still strong in Case 2. The
differences in the pressure fields are mirrored by the values of the
time-averaged Mach numbers at a plane midway between the
vane and rotor airfoils~see Table 2!. Henceforth, the term ‘‘inlet’’
to the rotor will refer to this plane midway between the vane and
rotor airfoils. The absolute Mach number at the rotor inlet is sig-
nificantly lower in the case with tip clearance. The increased
Mach number in the case without tip clearance may be caused by
the fact that the rotor span is 2.5 percent greater than in the case
with tip clearance. In addition, the effective area in Case 1 must
be smaller, generating a back pressure effect on the vane.

Thus, the time-averaged entropy and pressure contours suggest
that the flow fields are different in the two cases. Referring to
Table 2, these differences result in the time-averaged total-to-
static stage efficiency being higher in the simulation with tip

clearance (h ts50.479) than in the simulation without tip clear-
ance (h ts50.470). Note, a mean-line analysis for the turbine
~which accounts for tip leakage! yielded a predicted total-to-static
stage efficiency ofh ts50.472. Thus, the additional losses gener-
ated by the stronger expansion wave/shock system~which results
in higher rotor inlet Mach numbers! in Case 2 overwhelm the
losses associated with the introduction of tip clearance. It is inter-
esting to note that, although the Mach number entering the rotor is
significantly lower in Case 1, the Mach numbers are closer at the
exit of the rotor.

Figures 17 and 18 contain Fourier decompositions and time
histories of the unsteady pressure at 60 percent span near the
leading edge on the rotor pressure surface for Cases 1 and 2,

Fig. 18 Unsteady pressure history and decomposition—60
percent span leading edge—Case 2—rotor

Fig. 19 Unsteady pressure envelope—Case 1—vane; –– min,
—– avg, - - - max
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respectively. This location corresponds to the location of maxi-
mum unsteadiness at the blade passing frequency in Case 2. Both
cases display significant unsteadiness at the vane passing fre-
quency ~approximately 13 kHz! and at twice the vane passing
frequency. The pressure histories for the two cases demonstrate
the time periodicity of the solutions~pressure histories were inter-
rogated at many points to confirm the supposition!. The presence
of the stronger shock system in Case 2 is evident by the large
pressure drop at approximately 0.05 ms~see Fig. 18!.

Figures 19 and 20 contain unsteady pressure envelopes on the
vane at 25, 50, and 75 percent of the span for Cases 1 and 2,
respectively. At the 50 and 75 percent spanwise locations, the case
without tip clearance exhibits a stronger shock than the case with

tip clearance. The pressure at the trailing edge is higher in Case 1,
which agrees with the stronger expansion waves in Case 2. Al-
though the only significant unsteadiness in both cases is located
on the suction surface downstream of the throat, the unsteadiness
is larger in the case without tip clearance. Figures 21 and 22
illustrate unsteady pressure envelopes on the rotor at 25, 50, and
95.6 percent of the span for Cases 1 and 2. There are several
distinguishing features in these two figures. First, both cases dis-
play a large amount of unsteadiness, especially near the leading
edge on the suction surface~with more overall unsteadiness being

Fig. 20 Unsteady pressure envelope—Case 2—vane; –– min,
—– avg, - - - max

Fig. 21 Unsteady pressure envelope—Case 1—rotor; –– min,
—– avg, - - - max
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exhibited by Case 2!. Second, the case with tip clearance becomes
increasingly unloaded near leading edge at the tip. To compensate
for the reduced loading in the tip region, the rotor in Case 1 shows
increased loading from the hub to approximately 60 percent span.

Radial profiles of the circumferentially averaged absolute Mach
number at the vane exit/rotor inlet are shown in Fig. 23. The
average Mach number at the vane exit is higher in the case with-
out tip clearance, which is consistent with the stronger shock sys-
tem shown in Figs. 14 and 16. The shapes of the two profiles at
the rotor exit are similar from the hub to approximately 80 percent
of the span~see Fig. 24!. In the tip region the Mach number is
lower in Case 1 due to the effects of the tip clearance flows.
Radial profiles of the absolute circumferential flow angle at the
exits of the vane and rotor are shown in Figs. 25 and 26, respec-

tively. The case without tip clearance displays a gradual decrease
in the flow angle with increasing span~other than in the endwall
regions! at the vane exit. The case with tip clearance shows large
flow angle deficits in both the hub and outer case regions, while
the flow angles in the region from 20 to 70 percent span are
similar to those in the case without tip clearance. The average
flow angles, however, are within 0.2 deg for the two cases~see
Table 2!. At the rotor exit the average flow angles are more nega-
tive in Case 1~see Table 2!, except near the tip, indicating more
flow turning and more work. This fact is consistent with the
higher efficiency and larger total temperature drop in Case 1.

Radial profiles of the circumferentially averaged absolute total
pressure at the vane exit/rotor inlet are illustrated in Fig. 27. The
profiles are similar, although Case 1 shows slightly higher losses
from the hub to 85 percent span. At the rotor exit both distribu-
tions have similar shapes except for the tip region~see Fig. 28!,
where the losses are greater in Case 1 due to the clearance vortex.
Figures 29 and 30 show radial profiles of the circumferentially
averaged absolute total temperature at the exit of the vane and
rotor, respectively. At the exit of the vane the total temperature
distributions are similar. As the flow exits the rotor, the case with
tip clearance exhibits lower total temperatures from the the hub to
80 percent span~indicating more work being extracted from the

Fig. 22 Unsteady pressure envelope—Case 2—rotor; –– min,
—– avg, - - - max

Fig. 23 Radial profile of circumferentially averaged absolute
Mach number—vane exit

Fig. 24 Radial profile of circumferentially averaged absolute
Mach number—rotor exit
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Fig. 25 Radial profile of circumferentially averaged absolute
circumferential flow angle—vane exit

Fig. 26 Radial profile of circumferentially averaged absolute
circumferential flow angle—rotor exit

Fig. 27 Radial profile of circumferentially averaged absolute
total pressure—vane exit

Fig. 28 Radial profile of circumferentially averaged absolute
total pressure—rotor exit

Fig. 29 Radial profile of circumferentially averaged absolute
total temperature—vane exit

Fig. 30 Radial profile of circumferentially averaged absolute
total temperature—rotor exit
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flow! and higher total temperatures near the tip~indicating less
work being extracted in this region due to the clearance flows!.

Conclusions
A set of unsteady three-dimensional Navier–Stokes simulations

has been used to investigate the effects of tip clearance on the
performance of a candidate turbine for the reusable launch ve-
hicle. The predicted results showed improved efficiency~and
work! in the configuration with tip clearance. The improved per-
formance was traced to several sources:~1! an unloading of the
rotor in tip region, which reduces the losses induced by the sec-
ondary flows,~2! a reduction in the strength of the shock system
in the vane/rotor, and~3! for the current turbine geometry, the
reduction in the losses associated with the shock system were
greater than the losses introduced by adding tip clearance. Further
work is necessary to understand better the fundamental physics
associated with the flow in the tip clearance region, and to deter-
mine the generality of the current results.
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Nomenclature

a 5 speed of sound
c 5 axial chord
f 5 frequency

M 5 Mach number
P 5 static pressure

DP 5 amplitude of pressure variation
P.S. 5 pressure surface
S.S. 5 suction surface

r̃ 5 (r 2r hub)/(r tip2r hub)
t 5 time

T 5 static temperature
x, y, z 5 Cartesian coordinates
u, v, w 5 x, y, z components of velocity

a 5 absolute circumferential angle
h 5 efficiency
r 5 density
V 5 rotor rotational speed

Subscripts

in 5 inlet
out 5 outlet

t 5 stagnation quantity, time derivative
ts 5 total-to-static
tt 5 total-to-total
0 5 nozzle inlet
2 5 rotor exit

1/2 5 half-amplitude
` 5 free stream

Superscripts

(˜ ) 5 relative frame
( )* 5 nondimensional
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Influence of Vane/Blade Spacing
on the Heat Flux for a Transonic
Turbine
An experimental and analytical research program determining the influence of vane/blade
spacing on the vane and blade time-averaged and unsteady heat flux for a full-scale
rotating turbine stage was performed. The turbine stage was operated at a transonic vane
exit condition, with pressure and heat flux measurements obtained throughout the stage.
This paper focuses on the midspan heat flux measurements for both the vane and blade at
three vane/blade axial spacings: 20, 40, and 60 percent of vane axial chord. The time-
averaged heat flux results for the vane and the blade are compared with predictions
obtained using a two-dimensional, Reynolds-averaged multiblade row code, UNSFLO,
developed by Giles (1984). The measured and predicted unsteady heat flux envelopes (as
a function of vane/blade spacing) are also compared with predictions. For selected loca-
tions on the blade, a direct comparison between the measured phase-averaged surface
pressure and the measured phase-averaged Nusselt number history is presented. At some
locations along the surface the pressure and the heat flux are shown to be in phase, but
at other locations they are not. The influence of vane/blade spacing on the blade heat load
was found to be small, and much less than the differences caused by changes in the
Reynolds number during the experimental matrix.@S0889-504X~00!00904-1#

1.0 Introduction
The current design trend for high-performance machines within

the gas turbine community is to reduce the weight of the turbine
by decreasing vane/blade spacing, and operating at vane or blade
transonic exit conditions. Improving computational capabilities to
predict the adverse effects of this aggressive design trend is criti-
cal to the success of any new machine. Dring et al.@1# reported
the results of an investigation~performed using a large low-speed
rotating rig! designed to assess the influence of vane/blade spac-
ing on blade pressure loading. Rao and Delaney@2# and Dunn
et al. @3# reported the results of a combined experimental and
computational program determining the unsteady pressure loading
for a transonic turbine. The unsteady pressures resulting from the
interaction of the blade and the shock wave coming from the vane
represent the forcing function for potential high-cycle fatigue.
More recently, Venable et al.@4# and Busby et al.@5# reported the
results of a combined experimental and analysis program. That
research was performed using the same transonic turbine, and was
designed to determine the influence of vane/blade spacing~20, 40,
and 60 percent vane axial chord! on the time-averaged and time-
resolved surface pressure for the vane and blade. The heat transfer
results reported here were obtained simultaneously with the pres-
sure data just noted.

Rao et al.@6# reported heat transfer results for the same turbine
used in this measurement program for a fixed vane–blade spacing
of 40 percent vane axial chord at the transonic vane exit Mach
number condition. The time-averaged and time-resolved surface
pressure measurements corresponding to the heat transfer results
reported in Rao et al.@6# are described in Dunn et al.@3#.

Hilditch and Ainsworth@7# investigated the unsteady heat trans-
fer on the blade of a rotating turbine operating at design corrected
conditions. They compared their results with data from a previous
two-dimensional simulation of a wake-passing flow on the mids-

pan of the same blade. Frequency spectra for selected blade loca-
tions were reported. Abhari et al.@8# reported the results of a
combined experimental and computational program that used a
full-stage rotating turbine operating at corrected design condi-
tions. They included the unsteady heat transfer for selected blade
locations. Neither of these papers measured surface pressure on
the blades, nor did they investigate the influence of vane/blade
spacing on the heat transfer results.

2.0 Description of Experiment
The experimental data were obtained using a short-duration

shock tunnel facility to provide the source of heated and pressur-
ized air that is expanded in a conical nozzle~to lower the total
pressure!. This experimental technique has been described previ-
ously in the literature, e.g.,@9–12#, and only those aspects of the
operating procedure essential for the discussion of the effort re-
ported here will be described. A sketch of the turbine configura-
tion and the instrumentation suite is given in both Dunn et al.@3#
and Rao et al.@6#.

Figure 1 is a sketch of the turbine stage located in the shock-
tunnel facility. The turbine stage is located in a device designed to
pass the proper turbine weight flow at the desired inlet total pres-
sure and total temperature so that the stage design flow function is
duplicated. Only a small portion of the shock-processed airflow is
captured by the inlet and then passed through the turbine stage.
The remainder of the gas bypasses the device. The initial speed of
the rotor was controlled using an air motor. Initially the dump
tank is evacuated, thus permitting the rotor to be easily brought to
the proper speed. Just prior to rupturing the diaphragms and ini-
tiating the flow in the shock tube, the air supply to the motor is
turned off and the rotor is free-wheeling. Between the time that
the air motor is turned off and the diaphragms break, there is very
little change in rotor speed. However, the speed of the rotor is
measured continuously during the experiment.

The rotor blades were instrumented with both thin-film heat
flux gages and flush-mounted miniature Kulite pressure transduc-
ers. Figure 2 is a photograph of the instrumented rotor. The tur-
bine stage geometry consists of 30 vanes and 45 blades. Instru-
menting every third blade~skipping two! insures that each blade is
in the same relative position in the vane passage~although in a
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different vane passage!. Figure 2 shows that the blades containing
surface pressure instrumentation, the contoured leading edge heat
flux gage inserts, and the pressure surface button-type thin-film
heat flux gages were all located in this configuration so that no
correction for phase angle was required. However, because of a
desire to measure the heat flux in a single blade passage, the blade
with the suction surface heat flux gages requires a phase shift
when comparing the unsteady data.

2.1 Heat-Flux Instrumentation. Button-type thin-film heat
flux gages were located at midspan on the pressure and suction
surfaces of the vane. The rotor blades contained two contoured
leading-edge inserts at midspan with each containing several thin-
film gages in addition to button-type thin-film gages located at:
midspan on both suction and pressure surfaces, at 96 percent span
on the suction surface, on the platform, and in the recessed tip of
the blade. Photographs of the midspan instrumentation are pre-
sented in Rao et al.@6#. The predictions and the discussion of the
measurement program presented in this paper will be confined to
the midspan data.

The question of a potential ‘‘heat island effect’’ requiring a
correction factor for the button-type heat flux gages has been
raised by@13–15#. The three papers rely on a two-dimensional
calculation to predict the magnitude of the potential effect. More
recently, Zilles and Abhari@16# experimentally investigated the
magnitude of the ‘‘heat island effect’’ for conditions consistent
with the present experiments. In their experiments, they operated
double sided Kapton heat flux gages~for which there is no poten-
tial heat-island effect! side-by-side with thin-film button-type heat
flux gages. They used a flat plate placed in a blowdown facility
duplicating the fluid flow conditions of interest in this work. Zilles
and Abhari arrived at a correction factor for the heat-island effect
over a wide range of conditions.

Dunn et al.@17# report the results of a measurement program
for which the button-type gages were run simultaneously with
three contoured strip inserts~at the Reynolds number conditions
of interest in these experiments!. The strip insert imbedded in the
component removes the heat island influence. These measure-
ments were performed on the vane portion of a full-stage turbine
operating at design corrected conditions. The results demonstrated
agreement between the heat flux~or Stanton number! data ob-
tained using the button-type thin-film gages and the contoured
strip insert thin-film gages to within the stated experimental un-
certainty of65 percent.

For this paper the correction factor suggested by Zilles and
Abhari @16# was applied to the vane and blade data to assess the
magnitude of the potential correction for the turbine and specific
test conditions. Equations~15! and~13! of Zilles and Abhari@16#,
which are given below, are used to perform the correction:

Nub

NuKT
511Q~12 f !,

where

Q5
Tf2Tw

TT2Tw
and f 5S 12S x0

x D 0.9D 21/9

(1)

The heat flux gages were calibrated in a temperature-controlled
environment prior to and after the measurement program for cali-
bration constants. In addition, prior to each experiment the resis-
tance of each gage at a known temperature was measured so that
the calibration could be updated. The uncertainty in the heat flux
measurements reported in this paper is estimated to be65
percent.

2.2 Flowpath Pressure Instrumentation. In addition to
surface pressure measurements made on the vane and blade
~which were reported earlier in Busby et al.@5# and Venable et al.
@4#!, flowpath static and total pressure measurements were also
obtained using Kulite pressure transducers. Static pressure was
measured at the inner and outer diameter at the turbine inlet and
exit planes and between the vane and blade rows. Also, inlet and
exit rakes were used to obtain flow field total pressure measure-
ments upstream of the vane inlet and downstream of the turbine
exit, and total temperature measurements upstream of the vane
inlet and downstream of the turbine exit.

All of the pressure transducers were calibrated through the en-
tire data system on a daily basis. As a very conservative number,
the data can be assumed to lie within60.2 psia~61.379 kPa!
with a standard deviation of60.067 psia~60.46 kPa!. More de-
tail regarding the pressure instrumentation can be found in Halde-
man and Dunn@18# and Busby et al.@5#.

2.3 Turbine Parameters and Operating Conditions. This
turbine stage has been designed and constructed such that the vane
exit angle can be changed easily to achieve a subsonic or a tran-
sonic vane exit Mach number. The vane/blade spacing can also be
changed easily. The desired Mach number setting is obtained by
rotating the vane externally and inserting a pin in the vane stem.
Use of this technique results in a gap of approximately 0.004 in.
(131024 m) between the vane tip and hub endwalls. For the
results reported here, the vane position was set to the transonic
vane exit configuration such that the vane exit Mach number was
approximately 1.1. In addition, the hardware surrounding the tur-
bine stage was constructed such that the vane/blade spacing can
be changed without influencing the rotating system by removing
split-casing spacers from in front of the vane row and re-inserting
these same spacers behind the vane row. Three separate spacings
were used for the results reported here: 20, 40, and 60 percent of
vane axial chord.

Table 1 provides a description of the relevant stage geometry,
and Table 2 gives the relevant parameters for the three separate
experimental conditions relevant to the data reported in this paper.

Fig. 1 Sketch of Allison VBI turbine located in OSU GTL shock
tunnel

Fig. 2 General instrumented blade locations on VBI turbine
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3.0 Discussion of Results
In the remainder of the paper, time-averaged and unsteady heat

transfer results for the vane and blade are compared with the
results of predictions obtained using the numerical code UNSFLO
@19#. In addition, for selected locations on the blade, comparisons
are presented between phase-resolved Nusselt number and surface
pressure versus position in a vane passage for locations on both
the pressure and suction surface of the blade.

3.1 Time-Averaged Heat Transfer Results; Prediction
Versus Data for Midspan Region of Vane and Blade. The
numerical procedure used to obtain the heat flux predictions pre-
sented herein is two-dimensional Reynolds-averaged, unsteady
multiblade row code UNSFLO, developed by Giles@20#. This is a
coupled viscous/inviscid code in which the thin shear layer
Navier–Stokes equations are solved on a body-fitted boundary
layer grid using an implicit algorithm, while the Euler equations
are solved on an outer inviscid grid using an explicit algorithm.
The code utilizes a Baldwin–Lomax algebraic turbulence model
in the viscous region. More details can be found in Giles and
Haimes@21# and Abhari et al.@22#.

A grid independence study demonstrated that the solution pre-
sented herein was independent of the mesh density. Solutions
were generated for both the vane and the blade for six different
grids. Three solutions with 20,000, 45,000, and 60,000 grid points
in the inviscid, unstructured mesh were compared. The influence
on the steady vane surface Nusselt number was minimal, being
less than 2 percent for 45,000 versus 60,000. The blade was even
less sensitive to the number of grid points than was the vane.
After the grid study, a 45,000 point grid was an acceptable com-
promise between obtaining accuracy and efficiently using the
available computational resources.

The remaining solutions were generated to examine the effect
of grid resolution in the viscousO-grid region ~closely coupled
grid that wraps around the airfoil!, specifically the effect of in-

creasing the thickness of the viscousO-grid on the surface Nusselt
number distribution. Thicknesses of 2.0, 2.7, and 3.4 percent of
the vane axial chord were considered. The number of points that
spanned theO-grid was held constant at 19. Thus, increasing the
thickness of theO-grid decreased the grid packing within the vis-
cous region. It was necessary to maintain a thickness of at least
2.0 percent vane axial chord to contain the vane/blade boundary
layer. All three O-grids contained adequate viscous packing of
grid cells near the surface to resolve the boundary layer. In addi-
tion, utilizing the largest of the three viscous grid sizes provided
the best transition from the viscous grid to the inviscid grid. Cells
in the outermost region of the viscous grid were more than half
the thickness of those in the innermost region of the inviscid grid.
An O-grid thickness of 3.4 percent of vane axial chord was used
for the computational results presented herein.

The experimental data are presented as a Nusselt number based
on a reference length as defined in the normal manner by the
following equation:

Nub5
QL

K f~TRef2Tf !
(2)

whereL is a reference length: 1 in.~0.0254 m! in this case.K f if
the thermal conductivity of the fluid evaluated at the gage tem-
perature (Tgage), andTRef is a reference temperature, taken as the
stage inlet total temperature. The uncertainty in the experimental
data is evaluated using the following formula:
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which is a simple ‘‘error’’ propagation formula, with the much
smaller terms eliminated from the equation, yielding a percentage
uncertainty in the Nusselt number as a function of the main inde-
pendent variables used in the calculation.

Each experimental point presented in Figs. 3–10 is a value
averaged over approximately 10 ms of test time~or about 1000
data points!. Thus, for this uncertainty analysis, the percentage
uncertainty in each of the input variables is taken as the standard
deviation of that quantity divided by the average value of that
quantity over the time period, with the exception of the heat flux
in which the standard measurement error~65 percent! is used.
The uncertainty is taken as twice the value reported in Eq.~3!,
which encompasses about 95 percent of the data spread~i.e., 62
standard deviations!. Multiple runs were combined using a
weighted average technique. In general, the uncertainty in the
Nusselt number is dominated by the uncertainty in the heat flux
measurements.

Figures 3, 4, and 5 present the midspan measured Nusselt num-
bers versus the predicted time-averaged unsteady predicted Nus-
selt numbers obtained for the vane at vane/blade spacings of 20,
40, and 60 percent of vane axial chord, respectively. All of the
data shown in these figures were obtained using button-type gages
and both the uncorrected and corrected~using @16#! data are pre-
sented on the figures. The maximum value of the correction was
on the order of 10 percent and occurred at 92 percent wetted
distance on the pressure surface. The suction surface heat flux
gages beyond 30 percent wetted distance were damaged early in
the measurement program and could not be repaired in place.

For the vane predictions, boundary layer transition was set at 25
percent wetted distance on the suction surface~based on a best fit
to the data!, and fully turbulent boundary layer was set at 50
percent wetted distance. A fully turbulent boundary layer was
assumed for the pressure surface calculation from the stagnation
point to the trailing edge. The results at all three spacings suggest
that the flow on the suction surface was laminar until about 25
percent wetted distance at which location transition occurred. The
agreement between prediction and the experimental data is good
on that portion of the suction surface for which data are available.

Table 1 Turbine stage geometry

Table 2 Turbine operating conditions
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On the pressure surface, the trends of the experimental and pre-
dicted Nusselt number distributions are consistent, with reason-
ably good agreement, with some data falling above and below the
prediction. The one main exception to this is the data at290
percent for the 20 percent spacing, that seems abnormally high.
Since later measurements from the same sensor are in closer
agreement with the prediction~and the general data trend!, this

point is suspect. However, detailed review of the experimental
data provided no reason to judge the data point to be in error, so
it has been retained.

Figure 6 presents a composite plot of the experimental data
corrected for potential heat-island effect and the time-averaged
unsteady predictions for the vane obtained for 20, 40, and 60
percent vane/blade spacing. The magnitude of the vane/blade
spacing should have no significant influence on the predicted Nus-
selt number distribution for the vane pressure surface and for the
initial 23 percent~wetted distance! of the suction surface since the
vane is choked for these conditions. This can be verified by inte-
grating the area under the curves~for both the predictions and the
data!. To make the comparisons more meaningful, an area from
272.5 to 35.5 percent was used for this calculation, which corre-
sponds to the range where most of the data exist for all runs. This
also eliminates the edge effects of the prediction. Performing this
integration on the predictions shows that the heat flux load is
reduced by about 5 percent as the spacing changes from 20 to 40
percent, and about 9 percent from 40 to 60 percent spacing. As
seen from Table 2, the Reynolds numbers for these spacings also
changed~about 6 percent for the 20 to 40 percent spacing and 9
percent for the 40 to 60 percent spacing!. Thus, it would appear
that the main driver for the variation in the heat load to the vanes
is the change in the experimental Reynolds number rather than the
vane–blade spacing. This is consistent with the hypothesis that
there should be little interaction because the flow is choked.

Figures 7–9 present a comparison between the UNSFLO time-

Fig. 3 Vane time-averaged Nusselt number „20 percent
spacing …

Fig. 4 Vane time-averaged Nusselt number „40 percent
spacing …

Fig. 5 Vane time-averaged Nusselt number „60 percent
spacing …

Fig. 6 Composite plot of vane Nusselt number for different
spacings

Fig. 7 Blade time-averaged Nusselt number „20 percent
spacing …
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averaged unsteady predicted Nusselt number distribution and the
Nusselt numbers deduced from the experimental data for the blade
at 20, 40, and 60 percent vane–blade spacing, respectively. Once
again, the button-type gage heat flux data have been corrected for
the potential ‘‘heat-island effect’’ using the correction factor of
Zilles and Abhari@16# as indicated by the dark filled symbols. No
correction is needed for the strip-insert data since the heat-island
effect is not present with this type of installation. The data ob-
tained from the inserts are shown as triangular symbols in these
plots. On the blade, the maximum value of the correction was 5
percent and occurred at 91 percent wetted distance on the pressure
surface. Both the corrected and uncorrected data are shown. In
general, the magnitude of the correction is less than the experi-
mental uncertainty, which agrees well with the observation@17#
that there is little difference between the insert and button data.

The calculations assumed the boundary layer to be fully turbu-
lent for both the pressure and suction surfaces of the blade. For all
three cases, the prediction and the experimental results are in rea-
sonable agreement over the entire midspan region of the blade
suction surface. For the suction surface, the most notable differ-
ence between the experimental data and the prediction occurs
passed 50 percent wetted distance. At this point the code under-
predicts the data for all spacings. For the pressure surface, the
predictions underestimate the data closer to the stagnation point,
but come into better agreement farther along the blade although
these deviations are minor. The trends shown here are consistent

with the result presented in Rao et al.@16#. Abhari et al.@8# pre-
sented a comparison between experiment and the UNSFLO pre-
diction for another turbine and they also found the data to be
above the prediction early on the pressure surface, but better
agreement with increasing distance. The comparison on the suc-
tion surface also indicated the data to be above the prediction for
wetted distances less than 30 percent. There are obvious differ-
ences between the turbine stages and the operating conditions so
some differences are not unexpected.

Figure 10 presents a composite plot of the predictions versus
the corrected and insert experimental data obtained at the three
different vane/blade spacings. Once again, the 20 percent spacing
results in the higher overall predicted and measured Nusselt num-
ber distribution than the 60 percent. The trends in the experimen-
tal results are consistent with the predicted trends, as they were for
the vane results discussed earlier. However, as noted above for the
vane results, the difference in the experimental conditions ac-
counts for a significant portion of the difference between the pre-
dicted ~and experimental! results at the various vane/blade set-
tings. Once again, the areas under the predicted and measured
Nusselt number distributions were determined~although on the
blade because of the greater number of gages, the integration area
was from291 to 89 percent!. In increasing the spacing from 20 to
40 percent the predicted decrease in the blade heat load is 4 per-
cent, whereas the experimental result is a reduction of 7 percent.
In changing the spacing from 40 to 60 percent the predicted re-
duction in heat load is 12 percent whereas the experimental result
is 15 percent. As noted earlier, the reduction in Reynolds number
from the 20 percent spacing to the 40 percent spacing is about 6
percent and from 40 to 60 percent spacing the change is 9 percent.
While the drop in the blade heat loading is greater than that re-
corded for the vanes for the same spacing changes, the ratio of
change in heat loading to change in Reynolds number is remark-
ably consistent. About 32–37 percent of the total change in heat
loading~from 20 to 60 percent spacing! occurs in the change from
20 to 40 percent for both the blade and vanes. And about 40
percent of the change in the Reynolds number~from 20 to 60
percent! occurs in the 20 to 40 percent spacing case. Thus, one
concludes that changes in the Reynolds number are the driving
force behind the changes in the heat loadings on the blade, domi-
nating whatever vane/blade spacing effects there may be. The
Reynolds number effect is higher for the blades than the vanes, as
can be seen by the greater changes in the blade heat loading cal-
culated from the data. The data show that the heat load to the
blade as the spacing changed from 20 to 60 percent is a little less
than twice that measured at the vane. The predictions also suggest
a value of about two for the same conditions, thus re-emphasizing
that the code is capturing the main heat flux mechanisms.

Fig. 8 Blade time-averaged Nusselt number „40 percent vane–
rotor spacing …

Fig. 9 Blade time-averaged Nusselt number „60 percent
spacing …

Fig. 10 Composite plot of blade Nusselt number for different
spacings
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3.2 Comparison of Measured Unsteady Surface Pressure
and Measured Heat Flux at Selected Locations on the Blade.
In an earlier paper, Abhari et al.@8# compared the calculated blade
surface pressure~obtained using UNSFLO! and the measured sur-
face heat flux on blades near the stagnation point. These compari-
sons demonstrated that, for that specific portion of the blade, the
surface pressure and the heat flux were approximately in phase.
Abhari et al.@8# did not present comparisons of other blade loca-
tions. Rigby et al.@23# and Johnson, et al.@24# have both reported
studies of the relationship between unsteady heat transfer and un-
steady surface pressure. In their work, they created the shock
waves interacting with the blade using a stationary blade and a
rotating series of bars. Rigby et al.@23# argue that it should be
possible to determine the local Nusselt number enhancement for a
given unsteady pressure signal at various wall temperature ratios
using temperature scaling. For this to be true, there must be a
linear relationship between the local unsteady Nusselt number his-
tory and the local unsteady pressure history. It will be demon-
strated below that for some blade locations, such a relationship is
true. At other locations, however, the relationship breaks down.

In this work, both the measured unsteady surface pressure and
the measured unsteady heat flux were available for comparison.
Thus, it was not necessary to rely on the computed surface pres-
sure to compare the inviscid versus viscous flow effects. In addi-
tion, the blades were rotating at corrected design speed and the
shock waves interacting with the blades were the result of the
upstream choked vanes. This section of this paper presents these
comparisons for several locations on the blade suction and pres-
sure surfaces. For the purposes of this paper the correlation be-
tween measured surface pressure and heat flux at several specific
locations on the blade will be presented.

The heat flux gage output was sampled at a frequency of 100
kHz so that temporal resolution of the unsteady wave propagation
through the stage could be resolved. Spatial resolution was
achieved by phase locking the data to a shaft encoder that gener-
ates 500 pulses/revolution resulting in 16.667 samples/vane pas-
sage. The unsteady heat flux data were ensemble averaged at 50
independent positions in a vane passage. The first three harmonics
were used for the comparisons in this section. The turbine con-
figuration of 30 vanes and 45 blades causes a geometric global
cycle every three blades.

An attempt was made to use the heat flux gages and the pres-
sure transducers that were as close to the same physical location
on the blade as possible. Instrument mortality resulted in not al-
ways having an active pressure transducer and an active heat flux
gage at the identical blade location. Figure 11 presents a compari-

son of the measured unsteady surface heat flux at 2 percent wetted
distance on the suction surface with the measured unsteady sur-
face pressure at 0 percent wetted distance.

The left ordinate is local surface pressure normalized by vane
inlet total pressure, the right ordinate is local Nusselt number, and
the abscissa is relative position in the passage from 0 to 2 with 2
representing one complete global cycle. A comparison of the
phase-averaged unsteady surface pressure and the predicted un-
steady surface pressure was presented in Busby et al.@5#, and will
not be repeated here. The Busby et al.@5# paper also illustrates the
harmonics of the surface pressure data. These results, presented in
Fig. 11, illustrate that in the leading edge stagnation region the
pressure signal contains two distinct peaks near midpassage while
the heat flux data show only one peak at the same passage loca-
tion. At the blade leading edge the flow situation is complicated,
due to the interactions between the vane wakes and the shock
wave structure; thus, the result was not unanticipated.

Figure 12 presents a comparison between the surface pressure
at 11 percent and the heat flux at 4.5 percent on the blade pressure
surface. The pressure history illustrates more detail than the heat
flux, but the characteristics of the phase response of the pressure
and the heat flux are consistent for this particular location. Figure
13 presents a similar comparison for a location a little farther
along the blade pressure surface at 37 percent wetted distance. At
this location, there is some similarity between the surface pressure
and the heat flux behavior in that the peaks and valleys are gen-
erally similar, but out of phase.

Fig. 11 Blade suction surface data near stagnation point „20
percent spacing …

Fig. 12 Blade pressure surface data near stagnation point „20
percent spacing …

Fig. 13 Blade pressure surface data „20 percent spacing …
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Near the blade leading edge on the suction surface, there is
once again reasonable comparison between the surface pressure
and heat flux phase information, as illustrated in Fig. 14 for a
wetted distance of 22.5 percent. This comparison is comparable to
that shown on Fig. 12 for the pressure surface at 11 percent wetted
distance.

The favorable comparison between surface pressure and heat
flux phase information continues for the suction surface at 33
percent wetted distance as shown on Fig. 15. The passage shock
wave is striking the blade in the vicinity of the 33 percent wetted
distance location and moving forward with time as shown by the
sketch provided in Busby et al.@5# for this experimental condi-
tion. Beyond 37 percent wetted distance on the suction surface,
the harmonics of the heat flux signal were sufficiently small that a
meaningful comparison with the pressure signal could not be ob-
tained. This result is consistent with the magnitude of the un-
steady heat flux as a function of blade position described in Rao
et al. @6# for similar operating conditions at the 40 percent spac-
ing. Further, the relationship between the phase of the unsteady
surface pressure and the unsteady heat flux on the blade suction
surface is consistent with the results of Abhari et al.@8#.

Figures 16 and 17 present a comparison of the predicted and
measured unsteady envelope of Nusselt number for the blade at 20
and 60 percent vane axial spacing, respectively. Also included on
these figures is the average value of the unsteady envelope. In
general, the predicted and measured unsteady values are in rea-
sonable agreement for both spacings. The unsteady envelope is
predicted to be the largest on the suction surface at wetted dis-

tances between 0 and 50 percent, and to be relatively constant in
magnitude over the pressure surface. The experimental results are
consistent with the predicted trend.

4.0 Conclusions
For the particular turbine and the range of vane/blade spacing

used for these experiments, the observed drop in heat flux as the
spacing changes comes not from the spacing change, but rather
from the change in the experimental Reynolds number. The effect
is consistent for both the vane and the blade, with the Reynolds
number effect being about twice as large on the blade as on the
vane. These trends are captured by the predictions also. The CFD
code UNSFLO was used to illustrate good comparisons between
the time-averaged unsteady predicted and the measured Nusselt
number distributions for both the vane and blade.

For some locations on the blade, reasonable agreement was
demonstrated between the phase-resolved surface pressure and the
corresponding Nusselt number as the blade moved through the
vane passage. Near the blade stagnation point there is not good

Fig. 14 Blade suction surface data „20 percent spacing …

Fig. 15 Blade suction surface data „20 percent spacing …

Fig. 16 Unsteady Nusselt number envelopes for 20 percent
spacing

Fig. 17 Unsteady Nusselt number envelopes for 60 percent
spacing
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agreement, but at 11 percent wetted distance on the pressure sur-
face and at 22 and 33 percent on the suction surface reasonable
agreement is demonstrated.

Good agreement was found between the predicted and the mea-
sured unsteady envelopes of Nusselt number for both the 20 and
60 percent vane–blade spacing data. The most significant un-
steadiness occurs on the blade suction surface at wetted distances
less than 50 percent. The magnitude of the unsteadiness on the
blade pressure surface was found to be relatively constant. By
contrast, the magnitude of unsteadiness on the suction surface was
very position dependent.
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Nomenclature

f 5 defined by Eq.~1! ~or Eq. ~13! of @16#!
Nub 5 Nusselt number of button-type gage

NuKT 5 Nusselt number of double-sided Kapton gage
Tf 5 temperature of platinum film
Tw 5 wall temperature of flat plate
TT 5 total temperature of external flow
x0 5 distance from leading edge of plate to edge of hole

containing heat flux gage
x 5 distance from leading edge of plate to leading edge of

Pyrex heat flux gage
Q 5 (Tf2Tw)/(TT2Tw)
L 5 reference length 1 in.~0.0254 m!

K f 5 thermal conductivity of fluid
TRef 5 reference temperature, inlet stagnation temperature
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Time-Averaged Heat Flux for a
Recessed Tip, Lip, and Platform
of a Transonic Turbine Blade
The results of an experimental research program determining the blade platform heat-flux
level and the influence of blade tip recess on the tip region heat transfer for a full-scale
rotating turbine stage at transonic vane exit conditions are described. The turbine used
for these measurements was the Allison VBI stage operating in the closed vane position
(vane exit Mach number'1.1). The stage was operated at the design flow function, total
to static pressure ratio, and corrected speed. Measurements were obtained at several
locations on the platform and in the blade tip region. The tip region consists of the bottom
of the recess, the lip region (on both the pressure and suction surface sides of the recess),
and the 90 percent span location on the blade suction surface. Measurements were ob-
tained for three vane/blade spacings; 20, 40, and 60 percent of vane axial chord and for
a single value of the tip gap (the distance between the top of the lip and the stationary
shroud) equal to 0.0012 m (0.046 in) or 2.27 percent of blade height.
@S0889-504X~00!00604-8#

1.0 Introduction
The tips of axial turbine blades rotate in close proximity to a

stationary outer seal or shroud. Differential thermal expansion be-
tween the rotating turbine wheel and blades and the stationary
outer shroud causes variations in the magnitude of the clearance
gap at the blade tip during engine operation. Some engine com-
panies elect to utilize shrouded blades and eliminate this problem.
Other companies use either flat-tip blades or recessed-tip blades.
For those aircraft engines using flat or recessed tips, significant
variations in clearance occur at different operating conditions such
as takeoff and cruise; even with active clearance control, the gap
is never eliminated at all operating conditions. Using recessed tips
allows turbine operation with less clearance and a reduced prob-
ability of severe blade damage in the event of a tip rub. Clearance
gaps in modern axial gas turbines are typically less than 1 percent
of the blade height for large engines, ranging up to 1.5 percent or
more for smaller engines with low-aspect-ratio blades. Even with
the tightest possible tolerances, the leakage flow has significant
effects on stage aerodynamic performance and on the structural
durability of the blade. The blade tip area has high convective heat
transfer and thermal loads that must be mitigated by the blade
internal cooling along with heat conduction to the blade pressure
and suction side surface areas.

A significant portion of the literature relevant to tip gap flows
has dealt with flat tip blades, and in many cases the measurements
were performed for very low~or no! relative tip to shroud motion.
The early work of Metzger and Rued@1,2# was designed to obtain
detailed information relevant to the source~pressure surface side!
of the tip flow and similar information on the sink~suction surface
side!, and the modeling experiments were conducted in a water
tunnel. Several researchers have also investigated methods of re-
ducing performance losses by controlling tip leakage flow@3–6#
and others have concentrated on the heat transfer in the tip region
@7#. The work of Booth et al.@3# and Wadia and Booth@4# was
also conducted using water tunnels as the test bed. Sjolander and
Cao @5# use a single blade and shims to change the value of the
gap to study the structure of the gap flow in the absence of relative
motion. In a later study, Yaras et al.@6# used a cascade of three

blades and added a moving outer belt to simulate the influence of
rotation on tip leakage. This study indicated that the addition of
relative motion results in significant changes in the tip leakage
vortex and passage vortex structures from stationary flows. It was
concluded that the strength of the tip vortex was reduced consid-
erably with the introduction of wall motion. In addition, the pas-
sage vortex was enhanced by the scraping effect of the blades.
Both were dragged toward the suction side of the passage and
appeared partially to block the outlet flow from the tip gap. Heyes
and Hodson@8# presented the results of an experimental study
using linear cascades in the absence of a moving outer wall, and
suggested a relative simple model that could be used in conjunc-
tion with a three-dimensional code to calculate the tip gap flow.
One significant finding of their study was that the pressure gradi-
ents along the blade chord are a major factor influencing the tip
leakage flow.

There are very few experimental data in the literature for the
heat transfer distributions in the vicinity of recessed tips that have
been obtained for full-scale rotating turbines operating at the
design-corrected conditions. It is well known that the pressure
difference between the convex and concave sides of the blade
drives flow through the clearance gap. However, because of the
recessed cavity in the tip, the flow field associated with the recess
is significantly more complicated than one would encounter on a
flat tip blade. Near the leading edge of the blade, a strong vortex
flow exiting the vane near the stationary shroud enters the tip
region from head on or from the suction surface side of the blade.
Ameri et al.@9# demonstrate in their calculation of the tip region
flow for a recessed tip geometry~similar to that of the VBI blade!
that the flow field is very three dimensional with many interacting
vortices. Their results suggest that there are at least two distinct
vortices existing in the cavity region, and they persist throughout
the length of the cavity. Their modeling of this flow suggests that
one of the vortices is a result of separation off of the pressure side
of the lip and that this vortex hugs the cavity pressure sidewall.
The second vortex is the result of a flow separation again at the lip
on the blade suction side. There appears to be a dividing stream-
line after which the mainstream flow is turned into the gap from
the pressure side of the blade. Once again, flow separation occurs
as a result of the lip. Strong secondary flows can be expected to be
present in the gas path as a whole, and this can have the effect of
bringing very hot portions of the mainstream to the vicinity of the
clearance gap, especially just downstream of the blade leading
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edge lip. This lip acts like a rearward-facing step with resulting
flow separation and attachment in the recessed cavity. As the flow
emerges from the suction side of the gap, it is usually visualized
as rolling into a vortex as it meets the oncoming shroud wall flow
@10,11#. Thus, near the tip on the aft portion of the suction surface,
the local heat transfer rates can become quite high, causing trail-
ing edge tip burn out. For this reason, the blades used in this study
were instrumented in the 90 percent span region.

Until his death, Metzger and his students published many low-
speed outer wall studies applicable to the tip region heat transfer
in recessed tips@12–14#. Ameri et al.@9# applied their calculation
technique to the Metzger tip cavity data and obtained reasonably
good results for cavity depth/cavity width ratios of 0.2 and 0.5 at
a tip clearance/cavity width ratio of 0.1. For reference purposes,
the depth/width ratio of the cavity used in this study ranged from
0 to 0.21 with a tip clearance/cavity width ratio of 0.14. The
experimental data and the results of the Ameri et al.@9# calcula-
tion for the geometry closest to that used herein suggested that the
peak Nusselt number occurred on the lip with the Nusselt numbers
in the bottom of the cavity being about 42 percent of the lip
values. In this same paper, the authors have performed tip region
calculations to simulate the fluid flow and heat transfer in the tip
region for the GE-E3 high-pressure turbine. Their calculations
were performed for a smooth tip, a 2 percent recess, and a 3
percent recess. The measurements used in this paper have a 3
percent recessed tip.

In a more recent paper Bunker et al.@15# and Ameri and Bun-
ker, @16# report the results of a combined experimental and com-
putational study designed to investigate the heat transfer to the
first stage blade tip~flat tip configuration! of a power generation
gas turbine. The experiment utilized a three-blade linear cascade
with no outer shroud motion. Using liquid crystals in the tip re-
gion, the authors were able to obtain a rather detailed distribution
of heat transfer in the tip region. The computational phase of the
effort used to support the experiments utilized the code reported in
Rigby et al.@17# and Ameri et al.@9#. The authors showed good
comparison between experiment and computation.

Two previous experimental/computational analysis of flow in
the tip region for a flat tip blade were reported by Metzger et al.
@18#, and Ameri and Steinthorsson@19#. For the Metzger et al.
paper, time-resolved heat transfer measurements obtained on the
blade tip and simultaneously obtained time-resolved heat transfer
and surface pressure measured on the adjoining stationary shroud
for the full-stage Garrett TFE-731-2 turbine were compared with
the results of a CFD analysis. Ameri and Steinthorsson@20# re-
ported the results of time-averaged heat transfer calculations com-
pared to the data of Dunn et al.@21#, for the Garrett TFE-731
turbine and a similar comparison for the data of Dunn et al.@21#,
obtained on the first blade of a full two-stage Space Shuttle main
engine hydrogen side turbopump. Both the predictions of Metzger
et al. and the predictions of Ameri and Steinthorsson showed
good agreement with the experimental results. However, the sub-
ject of this paper is the case for which the blade tip has a cavity
~squealer! rather than being flat and the accompanying flow field
is entirely different.

2.0 Description of Experiment
A brief description of the facility, a description of the turbine

stage, and a more detailed description of the tip cavity recess and
associated instrumentation, the platform instrumentation, and the
instrumentation located at 90 percent span on the blade suction
surface will be provided in this section.

2.1 Description of Facility. The facility used for this mea-
surement program utilized a shock-tunnel to produce a short-
duration source of heated and pressurized gas that was directed
through the rotating turbine. Air was used for the test gas. The
experimental apparatus consisted of a shock tube, an expansion
nozzle, a large dump tank, and a device that housed the turbine

stage and provided the flow path geometry for the stage. The
shock tube has a 0.47-m~18.5-in! diam by 12.2-m~40-ft! long
driver tube and 0.47-m~18.5-in! diam by 18.3-m~60-ft! long
driven tube. The driver tube was designed to be sufficiently long
so that the wave system reflected from the driver endwall would
not terminate the test time prematurely. The turbine is housed in a
device located in the expansion nozzle of the shock-tunnel facil-
ity, as illustrated in Fig. 1. This device consists of an inlet duct, an
exit nozzle designed to govern the flow through the turbine rig, a
200 channel slip ring, and an air motor drive system. This particu-
lar turbine configuration has spacers that can be moved relative to
the vane row in order to change the vane/blade spacing.

In order to initiate an experiment, the test section is evacuated,
while the driver and the driven tube are pressurized to predeter-
mined values. Pressure values are selected to duplicate the design
flow conditions. The flow function (ẇAu/d), wall-to-total tem-
perature ratio (Tw /T0), stage pressure ratios, and corrected speed
are duplicated. The value ofT0 can be set at almost any desired
value in the range of 800–3500°R. The design pressure ratio
across the turbine is established by altering the throat diameter of
a flow control nozzle located near the exit end of the device hous-
ing the turbine.

The heat-flux measurements were performed using thin-film re-
sistance thermometers. The thin-film gages were made of plati-
num ~;100 Å thick! and were hand painted on an insulating
Pyrex 7740 substrate. The response time of these thin films is on
the order of 531028 s. The gage substrates were attached to the
metal blade by epoxy.

2.2 Description of Turbine Stage. The turbine stage used
was the Allison Vane/Blade Interaction~VBI ! turbine. This is an
advanced turbine and is designed so that one can select either
subsonic~Mach No.50.85! or transonic~Mach No.51.1! vane
exit conditions. The vane exit condition for this measurement pro-
gram was a Mach No.51.1.

The geometry of the turbine rig is given in Table 1. Aerody-
namic data for the measurement program are given in Table 2.

2.3 Description of Blade Instrumentation and Tip Re-
cessed Cavity. The blades of the rotor were instrumented with
both thin-film heat-flux gages and with flush-mounted miniature
Kulite pressure transducers. Figure 2 is a photograph of the instru-
mented rotor. The turbine geometry is such that there are 30 vanes
and 45 blades. Thus, instrumenting every third blade results in
instruments on different blades being in the same relative position
in a vane passage. All of the vane and blade surface pressure
measurements were obtained at midspan of the respective compo-
nent. The time-averaged surface pressure data for all three vane-
blade spacings are reported in Venable et al.@22#, and the time-
resolved pressure data are reported in Busby et al.@23#. On-blade
surface pressure data in the recessed cavity are not available for
this turbine stage.

As can be seen from Fig. 2, the blades containing surface pres-
sure instrumentation, the blades containing the contoured leading
edge heat-flux gage inserts, and the blade with the pressure sur-

Fig. 1 Sketch of Allison VBI model in OSU GTL shock tunnel
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face button-type gages were all placed so that no correction for
phase angle was required. However, there was a desire to place
the button-type heat-flux gages so that the heat flux in a given
blade passage could be measured. Thus, the blade with the
suction-surface button-type heat-flux gages required a shift to ob-
tain the proper phase orientation.

The rotor wiring was connected to a PolyScientific 200-channel
gold-on-gold slip ring unit located on the opposite end of the drive
shaft from the air motor. The wires from the blade heat-flux gages
pass down the front surface of the disk~as shown in the photo-
graph of Fig. 2! and then through a hollow shaft connector to the
slip ring unit. The slip ring unit was continuously cooled and

lubricated using a positive displacement pump to force Asahiklin
AK-225 diluted with a small amount of silicone oil through the
closed system as the medium.

The recessed cavity is shown in the photograph of Fig. 3. The
lip of the recess is 1.531023-m ~0.060-in! wide by 1.531023-m
~0.060-in! deep and extends over approximately 67 percent of
blade chord. There are three heat-flux gages located in the pres-
sure side lip at wetted distances of approximately 6.5, 32, and 57
percent, two heat-flux gages in the suction side lip at wetted dis-
tances of approximately 24.5 and 51 percent three heat-flux gages
in the recessed cavity at wetted distances of approximately 12,
39.5, and 55 percent, and one heat-flux gage in the trailing edge
downstream of the cavity at a wetted distances of approximately
78 percent. Unfortunately, there were no heat-flux gages located
in the lip sidewall on the inside of the cavity nor were there
surface pressure transducers located in the tip region. The width
of the cavity at the widest point~near the suction side lip heat-flux
gage located at 24.5 percent wetted distance! is 731023 ~0.278
in.!. As illustrated in Fig. 2, the cavity width takes on a shape
similar to the blade over the remainder of the tip region. Early in
the experiments, one of the gages in the pressure side lip failed as
did one on the suction side lip, and the one in the trailing edge.

There are four heat-flux gages located on the platform~two on
the blade suction surface side and two on the pressure surface
side! as shown in the photograph of Fig. 4. The two gages on the

Fig. 2 Instrumented rotor of VBI turbine

Fig. 3 Photograph of cavity and lip heat-flux gages

Fig. 4 Photograph of platform heat-flux gages

Table 1 Turbine stage geometry

Table 2 Turbine operating conditions
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pressure surface side of the platform were placed relatively close
to the blade surface at approximately 41.5 and 57 percent wetted
distance. The two gages on the suction surface side of the blade
were placed farther away from the surface with the one nearest the
suction surface being at approximately 53 percent wetted distance
and the second one at the trailing edge near the outer edge of the
platform.

There are three heat-flux gages located on the suction surface at
the 90 percent span position at wetted distances of approximately
45.5, 57, and 81.5 percent. The positions of these gages were
selected so as to be in close proximity to the gages on the suction
surface side lip.

3.0 Discussion of Results
Although the intent of this paper is to present the heat-flux

measurements obtained on the rotating blade for the floor of the
tip cavity, the tip lip region, on the platform, and the suction side
of the blade at 90 percent span, the results obtained at midspan
@24# are presented in Fig. 5 for reference purposes. The midspan
heat-flux data are presented for all three vane/blade spacings.

The experimental data is presented as a Nusselt number based
on a reference length as defined in the normal manner by the
following equation:

Nub5
QL

K f~TRef6Tf !
; (1)

whereL is a reference length;L51 in ~0.0254 m! in this case.K f
is the thermal conductivity of the fluid evaluated at the gage tem-
perature (Tgage), andTRef is a reference temperature, taken as the
stage inlet total temperature. The uncertainty in the experimental
data is evaluated using the following formula:
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which is a simple ‘‘error’’ propagation formula, with the much
smaller terms eliminated from the equation. These yields a per-
centage uncertainty in the Nusselt numbers as a function of the
main independent variables used in the calculation.

Each experimental point presented in Figs. 3–10 is a value
averaged over approximately 10 ms of test time~or about 1000
data points!. Thus for this uncertainty analysis, the percentage
uncertainty in each of the input variables is taken as the standard
deviation of that quantity divided by the average value of that
quantity over the time period, with the exception of the heat-flux
in which the standard measurement error~65 percent! is used.
The uncertainty is taken as twice the value reported in Eq.~1!,
which encompasses about 95 percent of the data spread~i.e., 62
standard deviations!. Multiple runs were combined using a
weighted average technique. In general, the uncertainty in the
Nusselt number is dominated by the uncertainty in the heat-flux
measurements.

For the purposes of the tip region data reduction, it would have
been helpful to have had detailed gas temperature measurements
in the tip region of the blade. Temperature measurements were
obtained in the gas flow path just upstream of the vane inlet re-
gion, but unfortunately, such measurements were not available for
the tip region. Thus, in the absence of tip region temperature
measurements, the Nusselt number data reported herein have been
reduced in the same manner as the midspan results. That is, the
Nusselt number is based on the midspan average gas temperature
ahead of the inlet vane row.

A question related to the possible necessity for a correction
factor for the button-type gages has been raised in the literature by
Kim et al. @25#, Eaton et al.@26#, and Mukerji et al.@27#. This
question has arisen because of a potential ‘‘heat island effect.’’
More recently, Zilles and Abhari@28# described the results of an
experimental investigation designed to determine the magnitude
of the ‘‘heat island effect’’ for Reynolds number and temperature
conditions consistent with the conditions experienced in the
present experiments. A more complete discussion of this potential
‘‘heat island’’ and the magnitude of such a correction for the
experimental conditions described herein is given in Dunn et al.
@24#. It suffices here to note that for the purposes of the measure-
ments presented in this paper, that the magnitude of the correction
that would have to be applied to the tip region data presented is
less than 2 percent, so the correction was ignored.

Figure 6 presents the cavity floor Nusselt number distribution
for all three vane/blade spacings. The highest value of Nusselt
number occurs just aft of the leading edge lip~gage #HR 78! and
decreases from that location to the rear of the recess~gages #HR
79 and #HR 80! for all three vane/blade spacings. This elevated
Nusselt number near the leading edge of the cavity is consistent
with a flow separation and reattachment as a result of the lip.
Observation of turbine flight hardware with recessed cavities will

Fig. 5 Time-averaged Nusselt number for rotor blade „50 per-
cent span … versus vane Õblade spacing Fig. 6 Nusselt number on blade tip cavity
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generally show a cooling hole at very nearly the same physical
location in the cavity. The reason for this is that the location
corresponds closely with the top of the leading edge cooling tube
for which a relief hole is normally drilled at the tip location. Thus
it is unlikely that experience would show blade distress at this
location in spite of the very elevated heat load. At this most for-
ward cavity floor location, the Nusselt number decreased with
decreasing vane/blade spacing, suggesting that the tip region vor-
tex exiting the vane had a much stronger interaction with the
blade cavity with increasing distance of vane/blade separation. At
the mid and rear portions of the cavity floor, the Nusselt number is
on the same order as the blade midspan value, as can be seen by
comparison with the data shown on Fig. 5. In an engine applica-
tion, these values of Nusselt number are sufficiently large to re-
quire that cooling air be supplied to the region.

Figure 7 presents the FFT plots for the three cavity heat-flux
gages with the peak amplitude plotted on the same scale so that a
relative importance as a function of position can be observed. The

wake cutting frequency for this experimental condition for which
the vane is operating at an exit Mach number'1.1 is about 5.8
kHz. The heat-flux gage located at the front of the cavity floor just
downstream of the lip shows a strong signal at 5.8 kHz as illus-
trated in Fig. 7~a!. However, the magnitude of the signal at the
fundamental wake cutting frequency for the second cavity floor
gage is very small as can be seen from Fig. 7~b!. Figure 7~c!
illustrates that the magnitude of the first harmonic at the last gage
location in the cavity is a little more than one half of the first
cavity gage and that the frequency has been shifted very slightly
higher.

Figure 8 presents the Nusselt numbers for three lip gages~or
rim!, two on the pressure side~gage #HR 73 and #HR 74! and one
on the suction side~gage #HR 77!, for all three vane/blade spac-
ings ~see Fig. 3 for a photograph of the relative location of these
gages!. The peak value of Nusselt number occurred at the suction
side lip, and for all three vane/blade spacings the magnitude was
greater than the blade stagnation point value. In addition, the

Fig. 7 FFT’s of heat-flux gage temperature data: 60 percent
vane Õblade spacing

Fig. 8 Nusselt number on blade tip

Fig. 9 FFT’s of heat-flux gage temperature data: 60 percent
vane Õblade spacing

Fig. 10 Nusselt number on blade platform
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larger values of Nusselt number were obtained for the close vane/
blade spacings with decreasing values for the intermediate and far
spacings. Although the pressure side lip values of Nusselt number
were less than the suction side value, they were still significantly
greater than representative blade midspan values. The magnitude
of the Nusselt number for the suction side lip gage is significantly
greater than the pressure side lip values, but not quite as large as
the value corresponding to the first gauge of the cavity floor. The
pressure side lip gages illustrate Nusselt number values consistent
with the middle and aft portion of the cavity floor gages. How-
ever, because of the limited instrumentation in the lip and cavity
regions, it is difficult to make any further comparisons with the
detailed calculations of Ameri et al.@9#. However, Chyu et al.
@12# and Ameri et al.@9# both reported results for which the heat
transfer rate at the bottom of the cavity was higher than compared
to the rim values, which is consistent with the results found here.

Figure 9 presents FFT’s of these lip heat-flux gages with the
peak amplitude plotted on the same scale for all three gages so
that the relative importance as a function of position can be ob-
served. The suction side lip gage shows a strong peak at the wake
cutting frequency of 5.8 kHz. The pressure side lip gages also
show a peak at 5.8 kHz, but the magnitude of the peak is less than
one half of the suction side value.

Figure 10 presents the Nusselt number results for the four plat-
form heat-flux gages for all three vane/blade spacings. Figure 4 is
a photograph of the platform instrumentation installation showing
the relative location of the heat-flux gages. Gage #HR 95, which
is located near the blade trailing edge and much closer to the
pressure surface than to the suction surface, illustrated the highest
values of Nusselt number for all three spacings. The other three
gages~#HR 92, #HR 93, and #HR 94! all produced Nusselt num-
bers that are in excess of representative midspan values.

Figure 11 presents the FFT plots for three of the four platform
gages, once again presented so that the magnitudes of the harmon-
ics are on the same relative scale. The suction surface side gage at
53 percent wetted distance does not illustrate a harmonic at the
fundamental wake cutting frequency. However, the gage at 41.5
percent wetted distance on the pressure surface and the gage at
100 percent wetted distance on the suction side do show strong
signals at the 5.8 kHz wake cutting frequency.

Figure 12 presents the Nusselt number results for the heat-flux
measurements made on the suction side of the blade at 90 percent
span for all three vane/blade spacings. The two gages near the 50
percent wetted distance location are relatively close to the suction
surface lip gage, #HR 77~see Fig. 8!. The magnitude of the Nus-
selt number at the 90 percent span location is not as large as the
tip value, but it is a factor of two larger than the corresponding
value at blade midspan. At greater values of wetted distance, the
Nusselt number is shown to decrease significantly, but the value is
still large, being approximately 25 percent greater than the mids-
pan value. The Nusselt number results obtained for the close spac-
ing were generally higher than the intermediate and far spacing.
Figure 13 presents the FFT’s for the heat-flux gages located at the
90 percent span location. At this particular location, the peak of
the fundamental harmonic occur at 5.2 and 6 kHz instead of at the
anticipated 5.8 kHz fundamental wake cutting frequency. It is not
clear at this time why there is this observed shift in the harmonic
frequency.

Fig. 11 FFT’s of heat-flux gage temperature data: 60 percent
vane Õblade

Fig. 12 Nusselt number on blade suction surface „90 percent
span …

Fig. 13 FFT’s of heat-flux gage temperature data: 60 percent
vane Õblade
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4.0 Summary Remarks
Heat-flux measurements have been presented for the tip region

of a rotating blade with a recessed tip for a full-stage rotating
turbine. Nusselt number values on the floor of the recess near the
leading edge of the blade and on the suction side lip were found to
be in excess of the blade stagnation value. The peak value on the
floor of the recess occurred for the 60 percent spacing condition
and was shown to decrease with increasing distance along the
cavity and with decreased spacing. On the suction side lip, the
Nusselt number results were of the same order for the 40 and 60
percent spacings but decreased for the 20 percent spacing. The
highest values of Nusselt number for the platform region occurred
on the suction side of the blade at the trailing edge. The peak
Nusselt numbers at the 90 percent span location on the blade
suction side occurred near the 45 percent wetted distance point
and was of the same order as the blade stagnation point value. For
the 55 percent wetted distances location at 90 percent span the 40
and 60 percent spacing results were reasonably close to each other
with the 20 percent result being significantly lower. However, at
82 percent wetted distance the 20, 40, and 60 percent spacing
resultswere relatively close to each other.

The FFT of the cavity floor heat-flux data showed significant
amplitude at the wake cutting frequency for the position nearest
the leading edge~12 percent wetted distance!, little evidence of
wake cutting at 39.5 percent wetted distance, and a weak effect
near the end of the cavity. The FFT’s of the lip data had a strong
peak at wake cutting frequency for the suction side heat-flux gage,
but a weak signal at the wake cutting frequency for the pressure
side locations.
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Nomenclature

kf 5 thermal conductivity of fluid
L 5 unit length~meter!

Nu/L 5 q/kf(T02Tg)
P0 5 total pressure

PRef 5 1.013105 Pa ~14.7 psia!
Tg 5 thin-film temperature during evaluation interval
Tw 5 wall temperature
T0 5 total temperature

ẇAu/d 5 flow function
u 5 T0 /Tref

Tref 5 294 K ~530°R!
d 5 P0 /PRef
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High Free-Steam Turbulence
Effects on Endwall Heat Transfer
for a Gas Turbine Stator Vane
High free-stream turbulence along a gas turbine airfoil and strong secondary flows along
the endwall have both been reported to increase convective heat transfer significantly.
This study superimposes high free-stream turbulence on the naturally occurring second-
ary flow vortices to determine the effects on the flowfield and the endwall convective heat
transfer. Measured flowfield and heat transfer data were compared between low free-
stream turbulence levels (0.6 percent) and combustor simulated turbulence levels (19.5
percent) that were generated using an active grid. These experiments were conducted
using a scaled-up, first-stage stator vane geometry. Infrared thermography was used to
measure surface temperatures on a constant heat flux plate placed on the endwall surface.
Laser-Doppler Velocimetry (LDV) measurements were performed of all three components
of the mean and fluctuating velocities of the leading edge horseshoe vortex. The results
indicate that the mean flowfields for the leading edge horseshoe vortex were similar
between the low and high free-stream turbulence cases. High turbulence levels in the
leading edge–endwall juncture were attributed to a vortex unsteadiness for both the low
and high free-stream turbulence cases. While, in general, the high free-stream turbulence
increased the endwall heat transfer, low augmentations were found to coincide with the
regions having the most intense vortex motions.@S0889-504X~00!00704-2#

Introduction
Along a turbine airfoil surface, elevated convective heat trans-

fer coefficients occur as a result of high turbulence levels exiting
a combustor in a gas turbine engine. The platform of an airfoil
~endwall!, a critical surface where durability can be an issue, also
has high convective heat transfer levels with a complex footprint.
The complexity occurs from the secondary flows that develop in
the form of vortices that sweep the platform surface. Both of these
effects, high free-stream turbulence effects on airfoil heat transfer
and secondary flow effects on endwall heat transfer, have been
discussed in the literature. What is missing from the literature is
the combined effects of combustor level free-stream turbulence
and secondary flows on endwall heat transfer.

Turbulence measurements taken at the exit of a variety of gas
turbine combustors have shown that the levels can range between
8 percent and 40 percent@1–3# with some indication that the
integral length scale scales with the diameter of the dilution holes
in the combustor@4#. As these high levels progress through the
downstream turbine vane passage, there is a production of turbu-
lence resulting in high turbulent kinetic energy levels at the exit of
the passage@5#. The effect that these high turbulence levels have
on the airfoil itself is to increase the heat transfer significantly
along the leading edge and pressure side surfaces as well as move
the transition location forward on the suction side surface.

The secondary flows previously mentioned take the form of a
leading edge horseshoe vortex. This vortex splits into one leg that
wraps around the suction surface and another leg that wraps
around the pressure surface, with the latter ultimately forming a
passage vortex. As the flow progresses downstream, the flow is
dominated by the passage vortex. Gaugler and Russell@6# identi-
fied, through flow visualization and surface heat transfer, that high
convective heat transfer coefficients coincided with the most in-

tense vortex action. Kang and Thole@7# showed through flowfield
and heat transfer measurements that the peak heat transfer coin-
cided with the downward legs of both the horseshoe vortex and
passage vortex. The downward leg of these vortices brings high
speed free-stream fluid toward the endwall and thins the boundary
layer to ultimately increase the local heat transfer coefficients. As
seen in several past endwall heat transfer studies@8–10# the peak
heat transfer on the passage endwall sweeps from the pressure
side of the airfoil to the suction side of the adjacent airfoil as the
passage vortex moves in that direction.

Although there have been a number of studies documenting
high free-stream turbulence effects on airfoil heat transfer and
there have been a number of endwall flowfield and heat transfer
studies, there are no studies documenting endwall heat transfer at
combustor level free-stream turbulence. The work presented in
this paper investigates the effect that high turbulence has on end-
wall heat transfer. In particular, one of the regions having the
highest heat transfer is the leading edge–endwall juncture. Three-
dimensional flowfield measurements were made in this juncture
region such that a comparison of the mean and turbulent flow-
fields can be made between low and high free-stream turbulence
cases.

Past Studies
One of the only flowfield studies to address high free-stream

turbulence effects in an endwall region was that of Gregory-Smith
and Cleak@11#. They were interested in determining the changes
to the flowfield in a rotor blade cascade with a passive grid placed
upstream. The passive grid generated an inlet turbulence level of 5
percent. Their primary finding was that the mean flow was not
significantly affected by the elevated turbulence level. They also
found that there was a net increase of turbulence production as the
flow progressed through the channel. They attributed this net in-
crease to the production from the Reynolds shear stresses.

To the authors’ knowledge the only endwall heat transfer mea-
surements at elevated turbulence levels reported in the open lit-
erature are those of@12–14#. Spencer et al.@12# made endwall
heat transfer measurements at an inlet free-stream turbulence level
of 9 percent but were not able to contrast that with a low free-

1Present address: United Technologies Research Center, 411 Silver Lane, East
Hartford, CT 06108.
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stream turbulence case since they did not acquire those data. Giel
et al. @13# measured convective heat transfer coefficients for a
linear rotor cascade with an inlet free-stream turbulence level of 7
percent. Their results indicated, quite surprisingly, that elevated
turbulence levels actually decreased the endwall heat transfer lev-
els in several regions along the endwall as compared to their low
turbulence level case. This effect, however, may have been due to
the fact that the turbulence grid caused a reduction to the inlet
boundary layer thickness for the elevated turbulence case. With a
thinner boundary layer, the endwall secondary flows are weaker,
causing a reduction in the endwall heat transfer. This reduction
due to weaker secondary flows would compete with the high tur-
bulence effects that are expected to increase the endwall heat
transfer. Khalatov et al.@14# presented an analysis that indicated
the augmentation of heat transfer due to high free-stream turbu-
lence along the endwall continually increased as turbulence levels
increased up to a turbulence level of 16 percent, beyond which the
augmentation leveled off. There were not enough details given in
their paper to determine the flow parameters for their experiments.

Endwall flowfield measurements under low free-stream turbu-
lence conditions indicate extremely high turbulence levels in the
core of both the leading edge and passage vortices for an asym-
metric airfoil as reported by Moore et al.@15#, Gregory-Smith
et al. @16#, and Kang et al.@10#. The reported peak turbulence
levels, based on the inlet velocity, range from 25 to 29 percent in
the core of the vortex. Results from Devenport and Simpson@17#,
who used a symmetric airfoil, and from Praisner et al.@18#, who
used a rectangular block, pointed out that it is improbable that the
high turbulence levels in the core are purely a result of turbulent
mixing. Devenport and Simpson@17# showed that the peak posi-
tive turbulence production coincided with regions having highly
bimodal flow as indicated by their streamwise velocity histo-
grams. Based on the analyses, Devenport and Simpson attributed
the high turbulence to the large-scale unsteadiness rather than the
fluid-wall generated shear layer.

From past studies, there is a clear need to investigate further the
heat transfer characteristics of the endwall under high turbulence
levels. At this point, the data given in the literature are quite
sparse for the effects of high free-stream turbulence on endwall
heat transfer.

Experimental Design and Measurements
The construction and the development of the scaled-up turbine

stator vane and the test section have been previously documented
by a number of studies including Kang et al.@10#, Kang and
Thole @7#, and Radomsky and Thole@5#. The wind tunnel used in
this study is recirculating with a corner test section shown in Fig.
1. A description of the vane is indicated in the attached table in
Fig. 1. While the inlet Reynolds number for the wind tunnel was
matched to that of the engine, the inlet Mach number was not
matched~Ma50.017 for the wind tunnel case and Ma50.12 for
the engine case!. This test section contains a central turbine vane
with two adjacent vanes that have all been geometrically scaled up
by a factor of nine to allow for highly resolved data acquisition.
The outside adjacent vane was constructed by attaching a leading
edge to a plexiglass sidewall, allowing for optical access. The
placement of this flexible wall exactly matches the surface of an
adjacent vane. Beyond the point where the adjacent vane geom-
etry stops, the flexible wall was positioned such that the central
vane matched a predicted pressure distribution. The computational
predictions were made for two-dimensional, inviscid, periodic
vanes at low-speed conditions. Pressure measurements on the cen-
tral vane were made to insure that the flexible wall and stagnation
point were correctly positioned.

An active grid turbulence generator, described in detail by Ra-
domsky and Thole@5#, was used to generate the high turbulence
levels. The active grid consisted of vertical hollow square bars
with jets injecting into the mainstream in both the upstream and
downstream directions. The bars were 1.27 cm square with the jet

holes having a diameter of 1.5 mm and vertically spaced 3.05 cm
apart. These hollow bars were installed 88 bar widths upstream of
the stator vane stagnation position or, in terms of vane coordi-
nates, at 1.9 chords in front of the stagnation position. A com-
pressed air supply fed a plenum that supplied each of the bars.
The turbulence generated from this active grid was 19.5 percent
measured at 0.33 chords upstream of the vane stagnation location.
The integral length scale at 0.33 chords upstream wasLx /P
50.12 and was uniform across the span to within 4 percent. A
detailed discussion of the inlet flow quality will be given later in
the paper.

Flowfield Measurements. The flowfield was measured for a
plane at the endwall–vane juncture parallel with the incoming
flow direction that intersects the stagnation location of the vane.
This plane was chosen to compare with that previously reported
by Kang et al. @10# at low turbulence conditions. The two-
component back-scatter fiber optic LDV system used in this study
consisted ofa 5 W laser used in conjunction with a TSI model
9201 Colorburst beam separator. Velocity data were processed
using TSI model IFA 755 Digital Burst Correlator controlled us-
ing TSI’s FIND software. All three velocity components~U, V,
and W! were measured with a two-component laser-Doppler ve-
locimeter ~LDV ! positioned in two different orientations. A 750
mm focusing lens with a beam expander was used on the end of
the fiber optic probe to make measurements of the streamwise~U!
and pitchwise (V) components through the top endwall; and the
streamwise~U! and spanwise~W! components through the side-
wall. Coincident measurements were made through the sidewall to
quantify the Reynolds shear stress,u8w8. The probe volume
length and diameter for the 750 mm lens with the beam expander
were 0.85 mm and 72 microns. The data were corrected for ve-
locity bias effects by applying residence time weighting.

Endwall Heat Transfer Measurements. The heat transfer
results for the high free-stream turbulence conditions were mea-
sured in the same facility as for the low free-stream turbulence
conditions@10#. These measurements were obtained with a con-

Fig. 1 Schematic of corner test section containing the stator
vane cascade
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stant heat flux plate placed on the bottom endwall, as indicated by
the cross-hatched area in Fig. 1, surrounding the Styrofoam stator
vane. The constant heat flux plate consisted of a 50-mm-thick
copper layer on top of a 75-mm-thick kapton layer in which 25-
mm-thick inconel heating elements were embedded in a serpentine
pattern. This heater was placed onto a 1.9-cm-thick wooden sur-
face using double-sided tape. Just below the wood was a 2.54 cm
thick R-5 extruded Styrofoam board. The total heating area for the
plate was 0.549 m2 and the input power was adjusted to give a
heat flux of 980 W/m2. The lateral conduction was estimated to be
less than 1 percent within the averaging spot size for the infrared
camera. The top surface of the heater plate was painted black
giving an emissivity of 0.94.

Surface temperature data was acquired using a calibrated infra-
red camera~Inframetrics Model 760!. The camera was calibrated
in situ using typeE ribbon thermocouples that were painted black
and placed on the heated surface. The calibration procedure was
performed to obtain the correct plate emissivity and background
temperature and insure a linear relationship between the infrared
camera measurements and the thermocouple reading over the re-
quired operating temperature range. To perform these measure-
ments, the top endwall was replaced with a plate having 13 view-
ing ports in which an 11.43-cm-dia crystal fluoride window or,
when not making measurements from that port, a lexan insert
could be placed. Each endwall temperature resulted from an av-
erage of 16 images and, based on an uncertainty analysis, it was
determined that five of these 16 averaged images were enough to
get a good average. Small positioning crosses were placed on the
endwall to identify where each of the 13 images were relative to
the turbine vane. An in-house processing routine allowed the 13
images to be assembled into one complete endwall temperature
distribution. The infrared camera performed a spatial averaging
over 0.37 cm and operated at its maximum viewing area of
21.5 cm316 cm represented by 2553206 pixels.

The input heat flux was corrected for radiation losses, which
amounted to between 7–23 percent of the input power, and con-
duction losses, which amounted to 1.7–3.5 percent of the input
power. No correction was necessary regarding heat losses from
conduction to the turbine vane itself because the vane was con-
structed using Styrofoam. Using the measured temperatures and
the remaining convective heat flux, the heat transfer coefficients
were computed and reported as Stanton numbers.

Uncertainty Estimates
The partial derivative and sequential perturbation methods, de-

scribed by Moffat@19#, were used to estimate the uncertainties of
the measured values. Uncertainties were calculated based on a 95
percent confidence interval. For each velocity component 15,000
data points were used to compute the mean and turbulence quan-
tities whereas when coincidence data was acquired 20,000 data
points were acquired. The estimate of bias and precision uncer-
tainties for the mean velocities were 1 percent while the precision
of the rms velocities was 2.1 percent forurms, 1.7 percent for the
v rms, and 3.2 percent forwrms. The precision uncertainties of the
Reynolds shear stress and correlation coefficient were 12.8 and
13.4 percent. Note that these uncertainty estimates were made for
the near endwall region where the highest uncertainties arise. The
uncertainty in the Stanton number was 4.5 percent, which was
determined for the lowest measured temperature difference which
dominated the uncertainty.

Inlet Flow Conditions
The inlet flow conditions for the high free-stream turbulence

case are the same as those previously reported by Radomsky and
Thole@5# and are repeated in Figs. 2~a! and 2~b! for completeness.
These profiles were taken at the vane mid-span location at one-
third chord upstream of the vane stagnation. Figure 2~a! shows
measured inlet mean velocity profiles across the entire width of
the wind tunnel for the low and high free-stream turbulence cases.

The computed profiles, also shown in Fig. 2~a!, are results from a
two-dimensional simulation using FLUENT@20# ~see@5# for de-
tails!. These profiles reveal that the flow is already reacting to the
upcoming vane and, more importantly, is quite periodic across the
two airfoil pitches. It is also evident that the high free-stream
turbulence generator is not affecting the mean flow conditions
given the fact that the high and low turbulence cases agree. The
vertical uniformity across the span of the airfoil indicate that the
maximum deviation normalized by the average velocity was 1.6
and 3.5 percent for the low and high turbulence cases. The mea-
sured turbulence conditions at one-third chord upstream, revealed
in Fig. 2~b!, indicate uniformity across the pitch and fairly isotro-
pic conditions with the average spanwise rms (wrms) levels being
91 percent of the average streamwise rms (urms) levels and 93
percent of average cross-stream rms (v rms) levels. The maximum
deviation of the rms velocities across the span of the turbine vane
was 2.8 percent. The average turbulence level at this location is
19.5 percent. The integral length scale, also shown in Fig. 2~b!, is
nominally 12 percent of the vane pitch and is relatively uniform
across the pitch.

As previously discussed, the high free-stream turbulence was
generated using active bar grids with a bar width of 1.27 cm and
located 88 bar widths~b! upstream of the vane. These bars ex-
tended the entire span of the test section, meaning that the bars
were also present in the developing endwall boundary layer. To
insure that the bars did not create spanwise variations of the
boundary layer, boundary layer measurements were made behind

Fig. 2 „a… Comparison of measured and predicted normalized
mean streamwise and pitchwise velocity profiles at one-third
chord upstream of the vane stagnation; „b… normalized rms lev-
els of all three velocity components and integral length scale
measured at one-third chord upstream of the vane stagnation
point
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a bar and in between two bars at one-third of a chord upstream of
the airfoil. This location corresponds to 1.6 chords and 59 bar
widths downstream of the bars. These boundary layer measure-
ments are shown in Fig. 3~a! using free-stream parameters and in
Fig. 3~b! using inner wall scaling parameters. Comparison of
these two profiles indicates no noticeable difference between that
measured behind the bar and in between bars. These results dem-
onstrate the fact that the presence of the bars does not affect the
endwall boundary layer development. Figures 3~a! and 3~b! also
shows the boundary layers measured at the low free-stream turbu-
lence conditions by Kang et al.@10#. Comparison of the low and
high free-stream turbulence boundary layers shows the typical dif-
ferences, such as the depressed wake, that would be expected for
a boundary layer subjected to 20 percent free-stream turbulence
levels.

To minimize any boundary layer effects, it is desirable to match
the boundary layer momentum Reynolds number between the low
and high free-stream turbulence cases. The momentum Reynolds
number for the two locations~behind the bar and in between the
bars! are shown in Table 1 for the high turbulence cases and the
low turbulence case previously given by Kang et al.@10#. For the
data given by Kang et al.@10#, the boundary layer characteristics
were measured at one chord upstream of the vane, whereas for the
high free-stream turbulence case the characteristics were mea-
sured at one-third of a chord upstream. Based upon the boundary
layer virtual origin and turbulent boundary layer correlations, it is
expected that the momentum thickness Reynolds number would

be Reu53630 at one-third chord upstream relative to Reu53340 at
one chord upstream for the low free-stream turbulence case. This
would result in a difference in momentum thickness Reynolds
number of 25 percent between the low and high free-stream tur-
bulence cases. Using the standard correlations for turbulent
boundary layer heat transfer, this difference in Reynolds number
should result in a difference in Stanton numbers of 9.5 percent. As
will be shown in the results, the augmentation due to high free-
stream turbulence was much more than 9.5 percent.

Comparisons made to previously reported data for a boundary
layer affected by 20 percent free-stream turbulence levels are also
shown in Figs. 3~b!, 4~a!, and 4~b!. The previously reported mea-
surements of Thole and Bogard@21# had the same free-stream
turbulence level, but were for a significantly lower momentum
Reynolds number of Reu5580 as compared with the present
study. There is good agreement in the scaling of the boundary
layers affected by the high free-stream turbulence and, as ex-
pected, the profiles indicate a very depressed wake region.

Fig. 3 „a… Comparison of measured streamwise boundary
layer profiles at low and high free-stream turbulence levels
plotted in terms of free-stream parameters; „b… comparison of
measured streamwise boundary layer profiles at low and high
free-stream turbulence levels plotted in terms of inner wall
scaling parameters

Table 1 Boundary layer characteristics for high and low tur-
bulence cases

Fig. 4 „a… The rms levels of streamwise velocity fluctuations in
the boundary layer in terms of inner wall scaling parameters;
„b… rms levels of spanwise velocity fluctuations in the boundary
layer in terms of inner wall scaling parameters
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Figures 4~a! and 4~b! show the streamwise and vertical fluctua-
tions scaled in inner wall coordinates,urms

1 andwrms
1 , for the tur-

bulent boundary layers affected by 20 percent turbulence. It is
clear that the data for the behind and in between bars are very
much the same. Also shown is good agreement with the data
given by Thole and Bogard@21# for their 20 percent turbulence
cases. The largest difference occurs for theurms

1 measurements
indicating values 13 percent higher than the data given by Thole
and Bogard@21#.

Flowfield Measurements at the Leading Edge Endwall
Juncture at High Turbulence Levels

A comparison of the leading edge horseshoe vortices for low
and high free-stream turbulence cases shown in Figs. 5~a! and
5~b!. Recall this measurement plane is parallel with the incoming
flow direction and intersects the vane surface at the stagnation
location. Superimposed on the velocity vectors~U and W! are
contours of the streamwise (U/U`) velocity. The primary differ-
ence between the low and high free-stream turbulence cases is that
for the high free-stream turbulence case the vortex is located
slightly closer to the vane surface and there is more of a complete
roll-up than for the low free-stream turbulence case. The heights
of the vortex core for the two cases are very similar with the
location being in the near-wall region at approximatelyZ/S
50.015. Having the vortex pushed closer to the vane for the high
turbulence case may be explained by the fact that near the wall,
the fluid velocity is faster for the high free-stream turbulence case
as compared with the low free-stream turbulence case, as shown
in Fig. 3~a!. This is an affect of the high free-stream turbulence

flattening out the approaching boundary layer profile. This higher
speed fluid would tend to push the vortex closer to the vane
surface.

Figures 6~a!, 6~b!, and 6~c! depict the turbulence components
for the high free-stream turbulence case while Figs. 7~a! and 7~b!
compare the normalized turbulent kinetic energy contours for low
and high free-stream turbulence cases. The high turbulence levels
away from the endwall at the midspan agree well with the previ-
ously reported measurements for the high free-stream turbulence
case@5#. Near the endwall, it is clear that the levels are signifi-
cantly higher than those occurring near the midspan and are
higher than those previously reported by@10# for the low free-
stream turbulence case. In comparing the relative peak contour
levels for the high free-stream turbulence case, theurms/U` and
wrms/U` peak levels are much the same while the cross-stream
velocity fluctuations,v rms/U` , are somewhat lower. The profiles

Fig. 5 Leading edge horseshoe vortex with contours of
streamwise velocity at: „a… TuÄ0.6 percent †10‡, and „b… Tu
Ä19.5 percent

Fig. 6 Contour levels of: „a… streamwise, „b… pitchwise, and „c…
spanwise turbulence components at TuÄ19.5 percent
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also reveal that the locations of these peak values coincide closely
with the center of the vortex, with only the peak streamwise fluc-
tuations occurring slightly upstream of the vortex center. If one
compares the level of streamwise fluctuation with those found in a
canonical turbulent boundary layer where the peak level is less
than 15 percent, it is evident that the fluctuations are much higher
in the vortex region. These high levels are in agreement with the
data previously presented by Devenport and Simpson@17# who
also reported very high levels in the vortex region. It appears that
an unsteady motion of the horseshoe vortex accounts for the in-
creased turbulence measured near the horseshoe vortex.

The turbulent kinetic energy contours shown in Figs. 7~a! and
7~b! for the low and high free-stream turbulence conditions indi-
cate that the primary difference is higher turbulent kinetic energy
levels occurring for the high turbulence case. Compared with the
low free-stream turbulence case, the peak turbulent kinetic energy
levels are located closer to the vane surface. This is consistent
with the vortex center being closer to the vane surface.

Coincident velocity measurements were made for the stream-
wise and spanwise velocity components for the high turbulence
case to give the Reynolds shear stress component,u8w8/U`

2 , and
the correlation coefficient,Ruw . The Reynolds shear stress con-
tours given in Fig. 8~a! indicate low negative values approaching
the vane on the endwall. The peak shear stress value of
u8w8/U`

2 520.03 occurs on the front edge of the upturn of the
horseshoe vortex. On the downturn side of the vortex positive
shear stresses occur, but with much lower values than the negative
peak stress values. On the downturn side of the vortex in the
vane-endwall juncture the positive stresses coincide with a nega-
tive spanwise velocity gradient,]W/]Z, which is the largest tur-
bulence production mechanism in this region.

The correlation coefficients in Fig. 8~b! indicate that the incom-

ing turbulence near the midspan is uncorrelated, as would be ex-
pected for random turbulence. In the flow approaching the vane
along the endwall, the correlation coefficient,Ruw has peak mag-
nitudes lower than those occurring for a turbulent boundary layer
with low free-stream turbulence, which would typically be a value
of Ruw520.4. These lower values~20.1! agree with those pre-
viously reported for a turbulent boundary layer subjected to high
free-stream turbulence levels@21# and are a result of uncorrelated
free-stream turbulence penetrating into the boundary layer. Mov-
ing toward the vane, the turbulence becomes more correlated, as
indicated by the high negative values. The negative values are a
result of the streamwise velocity moving away from the vane
(2U) and upward away from the wall (1W) thereby giving
negatively correlated turbulence. Next to the vane surface along
the endwall, positive values occur as higher speed streamwise
fluid (1U) being brought down toward the endwall where theW
component is larger than the fluid transported there giving a
(1W) and a positive correlation coefficient. Moving along the
turbine vane span toward the endwall, the magnitude of theW
component increases, resulting in a change in the sign of the cor-
relation coefficient.

To verify the unsteadiness of the horseshoe vortex, velocity
probability density functions were recorded for the low and high
free-stream turbulence cases. Figures 9~a, b! and 10~a, b! illustrate
the probability density functions of the streamwise and spanwise
velocities. The measurements shown in these figures were at dif-
ferent locations relative to the endwall (Z/S) for a given axial
position. The axial position was chosen to be slightly upstream of
the center of the vortex for each of the respective flow cases. The
probability density functions are reported for both the normalized

Fig. 7 Contour levels of normalized turbulent kinetic energy
at: „a… TuÄ0.6 percent, and „b… TuÄ19.5 percent Fig. 8 Contour levels of: „a… normalized Reynolds shear

stress, and „b… correlation coefficients at high free-stream tur-
bulence
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streamwise (U/U`) and spanwise (W/U`) velocity components.
The probability density functions are defined by the following
@22#:

PDF5
Ni

N S k

b2aD (1)

whereNi is the number of times a particular velocity occurs in a
certain bin size;N is the total number of data points;k is the width
of the bins; anda andb are the minimum and maximum range of
velocities considered.

For the low free-stream turbulence case, shown in Fig. 9~a!, the
PDF for the streamwise velocities indicate that at a position far-
thest from the endwall (Z/S50.037) there is a Gaussian distribu-
tion of the measured mean velocities. This Gaussian distribution is
what one would expect for a random turbulent flow. Closer to-
ward the endwall, particularly in the vortex center, the PDF curves
indicate that there are two distinct peaks with a shift in the relative
heights of the peaks. These two peaks indicate that the flow is
oscillating, or rather unsteady, in the vortex region. The PDF
curves for the spanwise velocity components also show two dis-
tinct peaks forZ/S50.022, 0.015, and 0.007, but return to just a
single peak at the position closest to the wall,Z/S50.002. The
spanwise component is distinctly different from the streamwise

velocity because of the suppression near the wall. This suppres-
sion is also evident in the lower rms levels in the spanwise veloc-
ity near the wall.

Figures 10~a! and 10~b! show PDF curves at the same vertical
positions but at an axial position closer to the vane, which corre-
sponds to just upstream of the vortex center for the high free-
stream turbulence case. For the streamwise velocities, there are
still two peaks evident, indicating an unsteady vortex. The spread
between the two peaks, however, is much closer for the high
free-stream turbulence case, as compared with the low free-stream
turbulence case. This reduction in the spread between the two
peaks is due to the highly turbulent flow that is transported into
the vortex. The PDF curves for the spanwise velocity components
do not show strong evidence of bimodal flow. This may be ex-
pected because, as was shown for the low free-stream turbulence
case, the bimodal peaks were much closer together for the span-
wise velocity as compared with the streamwise velocity. The high
free-stream turbulence, which is Gaussian in nature, is transported
into the vortex region through the downward flow, causing the
PDF to appear less bimodal.

Fig. 9 Probability density functions of: „a… streamwise, and „b…
spanwise velocity components in the leading edge horseshoe
vortex at a turbulence level of 0.6 percent

Fig. 10 Probability density functions of: „a… streamwise, and
„b… spanwise velocity components in the leading edge horse-
shoe vortex at a turbulence level of 19.5 percent
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Endwall Heat Transfer Measurements at High Turbu-
lence Levels

Endwall surface heat transfer measurements were performed at
the high free-stream turbulence level of 20 percent. These heat
transfer measurements were made for the flow characteristics
listed in Table 3 for the high and low turbulence cases, allowing
direct comparisons to determine the effects of high free-stream
turbulence on endwall heat transfer. As stated previously, the dif-
ference in momentum thickness Reynolds numbers between the
two cases should result in a 9.5 percent augmentation between the
low and high turbulence cases.

The heat transfer results plotted in terms of a Stanton number,
where Stanton number is based on the inlet velocity approaching
the test section, are given in Figs. 11~a! and 11~b!. Many similari-
ties exist between the low and high free-stream turbulence cases.
A region of high heat transfer is observed in front of the vane
stagnation point as a result of the formation of the horseshoe
vortex. The strong downward flow, previously shown in the flow-
field measurements, causes high heat transfer levels very near the
vane endwall juncture. Moving into the passage, the heat transfer
contours show that the peak Stanton number contours are being
swept near the suction surface. Farther into the vane passage, the
Stanton number contours become aligned parallel to the direction
of flow. High Stanton number contours are observed near the
flexible wall as a result of the passage vortex impinging on the
endwall surface. Lower Stanton number values are observed near
the suction surface of the stator vane where the passage vortex is
lifting the flow away from the endwall. As a result of the higher
turbulence levels, higher values for the Stanton number are ob-
served throughout the vane endwall. Near the trailing edge of the
stator vane, however, the Stanton number levels are very similar,
with only slightly higher values being seen for the higher turbu-
lence level. This would suggest that in this region, the heat trans-
fer is being dominated by the secondary flow effects rather than
high free-stream turbulence effects.

Figure 11~c! indicates the augmentation of the heat transfer due
to high free-stream turbulence. The augmentation is defined as the
Stanton number occurring at high free-stream turbulence~St! con-
ditions divided by the Stanton number at low free-stream turbu-
lence (St0) conditions. The augmentation was calculated by defin-
ing a small region, averaging the Stanton number in that area for
both the low and high turbulence cases at a given location, and
then dividing the two quantities. The defined region was that of a
circle with a radius equal to the averaging area of the infrared
camera.

Superimposed on the contours shown in Fig. 11~c! is the tra-
jectory of the center of the passage and leading edge vortices
based on the flowfield measurements reported by Kang and Thole
@7# for the low free-stream turbulence case. Given the fact that the
leading edge horseshoe vortex mean flowfield was close to the
same for both the low and high free-stream turbulence cases, it is
reasonable to presume that the path of the passage vortex is much
the same for the two cases. Figure 11~c! indicates the highest
augmentation occurs in the midpitch region at the start of the
passage. Moving into the passage the augmentation decreases
with values around unity near the suction side surface indicating
essentially no augmentation due to high free-stream turbulence.
Along the pressure side, higher augmentation values occur in heat
transfer. These augmentations are consistent with the fact that the
highest augmentations due to high free-stream turbulence gener-
ally occur along the pressure side of the airfoil itself. In compar-
ing the path of the vortex with the augmentation footprint, it is
clear that for a given axial location, the lowest augmentations
occur in the regions with the most intense vortex action. These
low contour levels can be tracked coming off the leading edge as
the leading edge horseshoe vortex develops into the passage vor-
tex. The passage vortex then sweeps from the pressure side to the
suction side, which also coincides with much lower augmentation
levels. Clearly, these results indicate that the heat transfer in the

Fig. 11 Contours of Stanton number „StÃ105
… on the vane endwall at: „a… TuÄ0.6 percent †10‡, and „b… TuÄ19.5 percent; „c…

contours of Stanton number augmentation „StÕSt0… as a result of free-stream turbulence at 19.5 percent
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region of the vortices~leading edge and passage! is dictated by the
vortices rather than the elevated turbulence level augmentation.

Figure 12~a! presents the Stanton numbers and augmentation
values approaching the stagnation location along a line parallel to
the incoming velocity vector~along the endwall for the stagnation
flowfield measurements presented in this paper!. For the high free-
stream turbulence levels, the Stanton numbers are relatively con-
stant at the inlet to the test section. For a turbulent boundary layer
on a flat plate subjected to 20 percent turbulence levels and a
dissipation length scale that is 25 percent of the vane pitch, one
would expect from flat plate correlations that there would be an
augmentation in Stanton number of 0.26 for a TLR parameter@23#
of 0.033 @24#. This is in close agreement with the augmentation
indicated in Fig. 12~a!.

Figure 12~a! indicates an increase in Stanton number is ob-
served starting atuDxu/C50.2. At this location the flowfield is
decelerating in front of the horseshoe vortex that has formed near
the endwall. The Stanton number continues to increase until
uDxu/C50.05 where it begins to level off. This location is very
close to the location of the center of the horseshoe vortex. Com-
parisons of the Stanton number distribution at the lower turbu-
lence level shows lower heat transfer levels well upstream of the
vane stagnation point. Closer to the vane surface, the Stanton
numbers for the low and high turbulence cases are closer. This is
seen in the augmentation data, showing high augmentation levels
at 1.3 farthest from the vane, which then decrease to a minimum
of 1.1 closer to the vane. This decrease again suggests that the
heat transfer in this region is more a function of the horseshoe
vortex, which is similar for that of both high and low turbulence
levels, rather than the high levels of free-stream turbulence.

Figure 12~b! compares the heat transfer coefficients averaged
over the pitch for a range of axial position. In addition, Fig. 12~b!
illustrates good agreement between data taken in both passages

surrounding the central airfoil for the high free-stream turbulence
case. For most of the axial distance, the augmentation is relatively
constant at 25 percent above the low free-stream turbulence case.
Only near the end of the vane where the passage vortex
dominates, beyondX/C of 0.38, is there a decrease in the
augmentation.

Conclusions
Flowfield results indicated a downstream shift of the leading

edge vortex for the high free-stream turbulence case relative to the
low free-stream turbulence case. This effect can be attributed to
the differences in the approaching boundary layers. The rms levels
of the velocity fluctuations increase with the added free-stream
turbulence. High turbulence levels in the leading edge vortex can
result from wall-generated turbulence, momentum transport of the
free-stream turbulence into the vortex region, and an unsteadiness
of the horseshoe vortex. As with previously reported literature, the
rms of the velocity fluctuations are much higher than those that
occur for wall-generated turbulence alone. Supporting the fact that
the high fluctuations occur as a result of an unsteadiness of the
vortex were probability density functions of the streamwise and
spanwise velocity components. The streamwise velocity compo-
nent was bimodal in nature for both low and high free-stream
turbulence cases rather than the typical Gaussian distribution that
occurs for wall-generated turbulence. Although these bimodal dis-
tributions occur for both the low and high free-stream turbulence
cases, indicating an important unsteady contribution to the rms
levels, there was still a further increase in the rms levels for the
high free-stream turbulence case. This increase for the high free-
stream turbulence case is believed to be due to the momentum
transport of the highly turbulent free-stream into the vortex
region.

The endwall surface measurements revealed that there was an
increase in the endwall heat transfer due to high free-stream tur-
bulence. The relative difference in augmentations on the endwall
between the suction and pressure sides of the airfoil are consistent
with those reported along on the airfoil itself. The augmentations
due to free-stream turbulence, however, were either small or non-
existent in the leading edge region where the horseshoe vortex has
a dominating effect and near the suction side of the airfoil where
the passage vortex has a dominating effect.
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Nomenclature

b 5 bar width
C 5 true chord of stator vane
H 5 shape factorsd* /u
k 5 turbulent kinetic energy51/2(urms

2 1v rms
2 1wrms

2 )
Ma 5 Mach number5U` /AkRT

P 5 vane pitch
R 5 gas constant

Ruw 5 correlation coefficient5u8w8/urmswrms
Rein 5 Reynolds number5CU` /n
Reu 5 Reynolds number5U`u/n

s 5 surface distance along vane measured from flow
stagnation

S 5 span of stator vane
St 5 Stanton number5h/rCpU`

U` 5 incident upstream velocity
U, V, W 5 mean velocity in theX, Y, Z directions

Fig. 12 Comparison of TuÄ0.6 and 19.5 percent for: „a… Stan-
ton numbers approaching the vane stagnation point, and „b…
Stanton numbers that have been pitchwise averaged at a given
axial location
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u8w8 5 Reynolds shear stress
X, Y, Z 5 global coordinates defined from stagnation location

d99 5 boundary layer thickness
d* 5 displacement thickness

u 5 momentum thickness
k 5 ratio of specific heats

Lx 5 integral length scale
n 5 viscosity
r 5 density

tw 5 wall shear stress

Subscripts

avg 5 average
in 5 inlet

rms 5 root mean square

Superscripts

1 5 normalization using friction velocity, defined as
Atw /r
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Influence of Surface Roughness
on Heat Transfer and
Effectiveness for a Fully Film
Cooled Nozzle Guide Vane
Measured by Wide Band
Liquid Crystals and Direct Heat
Flux Gages
The influence of surface roughness on heat transfer coefficient and cooling effectiveness
for a fully film cooled three-dimensional nozzle guide vane (NGV) has been measured in
a transonic annular cascade using wide band liquid crystal and direct heat flux gages
(DHFGs). The liquid crystal methods were used for rough surface measurements and the
DHFGs were used for the smooth surfaces. The measurements have been made at engine
representative Mach and Reynolds numbers and inlet free-stream turbulence intensity.
The aerodynamic and thermodynamic characteristics of the coolant flow have been mod-
eled to represent engine conditions by using a heavy ‘‘foreign gas’’ (30.2 percent SF6 and
69.8 percent Ar by weight). Two cooling geometries (cylindrical and fan-shaped holes)
have been tested. The strategies of obtaining accurate heat transfer data using a variety
of transient heat transfer measurement techniques under the extreme conditions of tran-
sonic flow and high heat transfer coefficient are presented. The surfaces of interest are
coated with wide-band thermochromic liquid crystals, which cover the range of NGV
surface temperature variation encountered in the test. The liquid crystal has a natural
peak-to-peak roughness height of 25mm creating a transitionally rough surface on the
NGV. The time variation of color is processed to give distributions of both heat transfer
coefficient and film cooling effectiveness over the NGV surface. The NGV was first instru-
mented with the DHFGs and smooth surface tests preformed. Subsequently the surface
was coated with liquid crystals for the rough surface tests. The DHFGs were then em-
ployed as the means of calibrating the liquid crystal layer. The roughness of 25mm,
which is the typical order of roughness for the in-service turbine blades and vanes,
increases the heat transfer coefficient by up to 50 percent over the smooth surface level.
The film cooling effectiveness is influenced less by the roughness.
@S0889-504X~00!00804-7#

1 Introduction
The specific power output and level of efficiency of gas turbine

engines improves with increased turbine entry temperatures. In
the modern aeroengine, such temperatures can exceed the metal-
lurgical limit of blade materials. To achieve acceptable durability,
both temperature levels and temperature gradients can be con-
trolled in the engine components exposed to the hot gas stream by
using coolant that has been diverted, at a cost, from the engine
compressor. An efficient cooling system uses a minimum amount
of coolant, and the optimization of such a system is one of the
primary goals of the engine designer.

There is a vast quantity of experimental and computational
work on the topic of gas turbine film cooling, dating back to the
1940s@1–3#. The main quantities of interest in film cooling ex-
periments are the convective heat transfer coefficient~h! based on
local adiabatic wall temperature and the film effectiveness~h!.
The definition of cooling effectiveness used by the authors is:

h5
Taw2Tr

Toc2Tom
(1)

whereTaw corresponds to the temperature of an isothermal wall
that is adiabatic at the local point of interest andTom ~the total
temperature of the mainstream! is used in the denominator instead
of the more common recovery temperature,Tr @4#. The heat trans-
fer coefficient is then defined byh5q/(Ts2Taw).

The cooling effectiveness and heat transfer coefficients are pri-
marily a function of the following: cooling geometry~the angles
of inclination and orientation, the relative spacing of the coolant
holes, the hole shape!; the state of the oncoming boundary layer;
the free-stream turbulence intensity; the surface curvature; and the
ratios of the coolant-to-mainstream density, mass and momentum
fluxes, specific heats, and the surface roughness. It is well known
that the surfaces of the in-service vanes and blades are generally
not hydraulically smooth. Thermal barrier coating surfaces may
have a peak-to-peak roughness of about 55mm, depending on the
method of deposition. This is reduced to 17mm when polished
@5#. The corrosion of the vanes and blades and deposition of dust,
sand, or other particulates in general adversely affects the profile
loss of gas turbine vanes and rotor blades@6–8#. Taylor @9# mea-
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sured a surface roughness of 10mm on a number of first-stage
turbine blades from TF-39 and F-100 aero-engines. Abuaf and
Bunker@10# reported that a roughness of 2.33mm could increase
the heat transfer on the suction surface by 25 percent.

The nondimensional roughness Reynolds number is more im-
portant than the actual roughness height. There are several text
books, e.g.,@11#, describing the nondimensional roughness Rey-
nolds number:

Rek5
rUtd

m
(2)

whereUt is shear velocity, which can be calculated using

Ut5At0

r
5ACfU`

2

2
(3)

Three regimes can be identified from experimental data in
terms of roughness Reynolds number, Rek : for Rek<5 the surface
can be considered to be hydraulically smooth; for 5<Rek<70 the
surface is transitionally rough; and for Rek>70 the surface is con-
sidered to be fully rough.

In basic terms, the three main influences of surface roughness
are as follows:~i! the point of onset of laminar–turbulent transi-
tion advances upstream with increasing roughness;~ii ! the turbu-
lent boundary layer skin friction increases with increasing rough-
ness; and~iii ! the turbulent mean heat transfer increases with
increasing roughness. Hence surface roughness can have a detri-
mental effect on the aerodynamics and thermal characteristics of
turbine blades and vanes. The performance of film cooling is also
affected by the surface roughness. Most studies concerning the
influence of surface roughness on film cooling have been con-
ducted using a flat-plate geometry@12,13# for one or two rows of
film cooling holes simulating only the low-speed region of vanes
or blades. To the authors’ knowledge there are no published stud-
ies on rough surface NGVs in a film cooled engine representative
environment.

This paper will demonstrate the strategies of applying a variety
of techniques to measure accurately the influence of surface
roughness on NGV heat transfer coefficient and film cooling ef-
fectiveness in a short-duration transonic annular cascade, which
creates engine-representative conditions. Both perspex and alumi-
num NGVs have been used. The aluminum NGV was employed
for the heat transfer coefficient measurements using combined
DHFG and liquid crystal; the perspex model was mainly used for
the measurement of adiabatic wall effectiveness.

The surface roughness was created by spraying the NGV with
liquid crystals. Unpolished crystals have a maximum peak-to-peak
roughness element size, measured using atally-surf machine, of
25 mm @14#. This corresponds to about 17mm at engine scale.
Only the two extremes of roughness were employed in the experi-

ments reported here: the surfaces sprayed with liquid crystals to
create a roughened surface (l 525mm); or the surfaces covered
with Direct Heat Flux Gages@15# or the thin film gages@16# to
create hydraulically smooth (l ,1 mm) surfaces.

The roughness Reynolds number used here is based on the
peak-to-peak roughness height of 25mm, not the length dimen-
sion used by Nikuradse@17#, and was calculated using Eqs.~2!
and~3!. The roughness Reynolds number over the NGV surface at
the engine design condition is plotted in Fig. 1. The local shear
velocity was predicted by a boundary layer code without film
cooling. The only purpose in showing the figure here is to show
the trend of the nondimensional roughness height variation along
the NGV. Figure 1 clearly indicates that the most of the NGV is in
the transitionally rough regime and that Rek increases from the
leading edge toward the trailing edge. The roughness Reynolds
number with film cooling may differ from the non-film cooling
case because the cooling jets will alter the boundary layer, but
they are expected to be of similar order.

2 Experimental Apparatus
The measurements were conducted in the Oxford University

Cold Heat Transfer Tunnel~CHTT! in which the mainstream is
running at ambient temperature and the test section is preheated to
an elevated temperature. The test section of the tunnel is an an-
nular cascade of 36 engine-representative NGVs at 1.4 times
larger than engine scale. The test duration is typically 3 to 5
seconds and a detailed description of this tunnel can be found in
Martinez-Botas et al.@18#. The instrumented NGV and its four
immediate neighbors are preheatedin situ before the test begins
inside a heat transfer cassette@16#. A unique shutter system in the
cassette creates the boundary conditions for a ‘‘step-change’’ in
gas temperature during the test. During operation, with flow
through the cascade, the shutter opens in less than 100 ms.

The cooling configuration of the NGV under investigation con-
sists of 14 rows with a total of 340 cooling holes. The holes are
fed from two internal cavities, as illustrated in Fig. 2~a!. These
cavities are independently supplied with coolant so as to maintain
the engine coolant-to-mainstream total pressure ratio. The forward
cavity supplies 12 of the 14 rows, a total of almost 300 cooling
holes, positioned around the leading edge, the early regions of the
pressure surface and suction surface. The rear cavity feeds two
rows, a total of approximately 40 cooling holes, nearest the trail-
ing edge on the pressure surface. Two film cooling geometries
have been tested. The first was with all holes cylindrically shaped.
The second was with rows 1–4 and 11–14 fanned~Fig. 2~a, b!!
having holes with a cylindrical entry and a fan-shaped exit@19#.

Fig. 1 Roughness Reynolds number along NGV midspan

Fig. 2 „a… Midspan cross section of a CHTT NGV and film cool-
ing geometry, illustrating row positions and two-cavity con-
struction. Holes marked „F… are fan-shaped in the fan-shaped
geometry. „b… Close-up view of the fan-shaped holes.
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The experiments were designed to model the engine situation
where the coolant is at a lower temperature, and hence more
dense, than the mainstream flow. It has been demonstrated@20,21#
that this density ratio can be simulated using a heavy, foreign gas.
A mixture of SF6 ~30.2 percent by weight! and Ar ~69.8 percent
by weight! is used here, which has the same ratio of specific heats
(g51.4) but is 1.77 times more dense than air. By matching
the total pressure ratio of coolant to mainstream, the velocity
ratio and density ratio can be made to correspond to engine con-
ditions. Thus mass flux ratio and momentum flux ratio are also
identical. The coolant flow passes through the NGV cooling holes
with the shutters closed. Because the external heat transfer is the
subject of the study, the coolant temperature was set equal to the
initial temperature of the NGV to minimize internal heat transfer
within the film cooling holes. The surface temperature is moni-
tored to ensure uniformity prior to the opening of the shutter.
Table 1 compares operating conditions between the CHTT and
engine.

3 Transient Heat Transfer Measurement Techniques
Transient methods have been used to determine the heat trans-

fer coefficient and effectiveness by measuring the transient re-
sponse of surface temperature to a change in fluid temperature.
Four different measurement techniques have been employed to
obtain data of the best possible accuracy.

3.1 Smooth Surface Cooling Effectiveness and HTC Mea-
surement Using TFG on Perspex. Thin film gages~TFGs!,
working on an effectively semi-infinite substrate@16#, have been
instrumented onto perspex NGVs. The TFGs are platinum
temperature sensors with a physical thickness less than 0.1mm.
The details of the TFGs, the data analysis methods, and the
cooling effectiveness and heat transfer coefficient data along
midspan of the NGV have been presented in@16#. The heat trans-
fer experiments presented in@16# were conducted with a hydrau-
lically smooth surface. These data are compared with the data
collected here on a rough surface, and using new experimental
techniques.

3.2 Smooth Surface HTC Measurement Using DHFG on
Aluminum. The newly developed Direct Heat Flux Gage
~DHFG! @15# was employed to measure heat flux. The gage is

shown in Fig. 3~a!. A thin platinum film was sputtered on a flex-
ible polyimide sheet~Upilex!, which was attached by adhesive to
the aluminum NGV. A thermocouple was mounted in the surface
of the aluminum. The gages were 1 mm wide in the flow direction
and 10 mm long in the spanwise direction and hence averaged
over ;3 hole pitches, the same size as used in@16#. The thermo-
couple was located as near as possible to the metal NGV surface.
The high thermal conductivity of aluminum provides temperature
uniformity in the NGV. A total of eight DHFGs were instru-
mented onto the NGV surfaces along the midspan streamline. The
DHFGs were on separate pieces of Upilex and infill pieces were
also installed to create a surface completely covered with Upilex,
thus giving an aerodynamically smooth surface. Holes were
drilled through the Upilex to produce the film cooling geometries.
Great care was taken to make certain the film cooling holes were
clear after the drilling was complete.

The thermal properties and dimensions for this type of DHFG
are presented by@15#. The advantages of the DHFG include high
accuracy, high frequency response, and, most significantly, no re-
quirement of the knowledge for the structure of the substrate,
which is essential if the heat flux is to be deduced from the mea-
sured top surface temperature alone in a transient heat transfer
test.

The thin film gage and the thermocouple of the DHFG
give measurements of surface temperature on both sides of the
Upilex plus glue layer. The combined Upilex plus glue layer is
treated as one homogeneous layer because the thermal properties
are similar@15#. The governing one-dimensional heat conduction
equation

]2T

]x2 5
1

a

]T

]t
(4)

may be solved for the heat flux at the surface. HereT is the
temperature at a distancex from the surface at the timet; a is the
diffusivity of the layer material defined in terms of the thermal
conductivity, k, the density, r, and the specific heat,c, a
5k/(rc).

The assumed initial condition was a uniform temperature
throughout the NGV before the transient experiment began. The
method described in@15# was used to obtain a solution~Eq. ~5!!
for the surface heat transfer rate under the assumption that the top
surface temperature history was of the formA1t0.5 and the bottom
surface temperature history was of the formA2t0.5:

qs5ArckG~1.5!F A1S 112S erfcS 2l

2Aat
D 1erfcS 4l

2Aat
D 1erfcS 6l

2Aat
D 1 . . . D D

22A2S erfcS l

2Aat
D 1erfcS 3l

2Aat
D 1erfcS 5l

2Aat
D 1 . . . D G (5)

Fig. 3 „a… Schematic diagram of DHFG; „b… combined TLC and
DHFG

Table 1 Engine Õtunnel comparison
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whereA1 andA2 are constants and erfc andG are the complemen-
tary error and gamma function, respectively.

Any other type of top and bottom surface temperature histories
may be written as the summation of a series of parabolic
functions:

T5(
n

H~ t2tn!bn~ t2tn!0.5 (6)

In Eq. ~6!, bn is the slope of the nth parabolic function andH is
the Heaviside step function.H equals 1 fort.tn and equals 0 for
t,tn .

Eachbn in Eq. ~6! givesqns . The surface heat transfer rate will
be the sum of a series ofqns calculated using Eq.~5! but with a
time shift. The surface heat flux is obtained by summation:

qs5( H~ t2tn!qns (7)

Oldfield and Jones@22# present a more advanced method
named Impulse Response Heat Transfer Signal Processing. The
Oldfield and Jones@22# method gives the same results as Eq.~7!.
Their impulse response technique has the advantage that impulse
response based filters have only to be designed once~a slower
process! but once designed can be used repeatedly. This method
can efficiently and quickly process the digitized temperature sig-
nals from the DHFG, and has advantages over using Eq.~7!. This
technique was used for later data analysis.

A typical temperature history measurement from a DHFG is
shown in Fig. 4 together with the total temperature of the main-
stream. The tunnel begins operation at22.5 s, the coolant is in-
troduced at21.2 s, the shutters open at 0 s, and the test ends at
2.3 s. The temperature on the NGV surface (T2), up to the point
where the shutters are opened, is seen to remain constant at its
initial value near 47°C and is not influenced significantly by the
heated coolant or cold mainstream air passing through the 32 pas-
sages outside the cassette. The total temperature of the main-
stream (Tom) has two initial peaks associated with compression
heating of the gas upstream of the test section. The shutters are
opened once this mainstream temperature has stabilized, and over
the 2.3 second course of the experiment this total temperature
decreases by less than 1°C. The DHFG top surface temperature
(T1) is observed to experience a rapid drop once the shutters have
opened and then to fall more gradually. The DHFG bottom sur-
face temperature (T2) shows a much smoother trend. It is ob-
served that the difference between the two temperatures is almost
constant after less than 0.5 seconds after the shutters have opened.
These temperature traces are typical of a layered substrate with a
low thermal product (rck) material~Upilex plus glue! at the top
and a high thermal product material~aluminum! underneath. Be-
cause of the high thermal product of the metal, the aluminum
surface temperature changes slowly. This generates a high heat

flux through the DHFG and makes the signal easily measurable.
The surface heat flux was calculated using Eq.~5!–~7! or using
the impulse response technique@22#. These calculations give the
heat flux value immediately from the start of the flow over the
NGVs. A much simpler method,

q5k
~T22T1!

l
(8)

wherel is the DHFG thickness, can be employed to give a good
approximate DC signal after less than 0.5 s from the shutter open-
ing. The heat fluxes calculated using both methods are shown in
Fig. 5. The approximation provides good agreement after the heat
has penetrated through the Upilex/glue layer, whose physical
thickness is 100mm.

3.3 Rough Surface Cooling Effectiveness Measurement
Using TLC on Perspex. The application of thermochromic liq-
uid crystals~TLC! to heat transfer experiments is described in
detail by Ireland et al.@23#. TLC can be bought commercially in
micro-encapsulated form and in the work reported here are spray-
painted onto the NGV, which has previously been spray-painted
black to create a contrasting background for the TLC color
changes. The crystals display color from blue to green to red as
the surface temperature cools from a temperature above the high
threshold level~or in reverse if the surface is heated from below
the lower threshold temperature.! Above this upper threshold and
below the lower threshold level, the TLC is clear. The thermal
response of TLC has been measured to be of the order of 3 ms
@24#. The TLC method has a great advantage over thin film gages
as it provides such temperature histories on the entire wetted sur-
face visible to the camera. TLC is sprayed onto a perspex NGV
and the semi-infinite thermal boundary condition is assumed for
analysis purposes.

The classical solution of the one-dimensional conduction equa-
tion ~Eq. ~4!! is as follows@25#:

b5
hAt

Arck
,

Ts2Ti

Taw2Ti
512eb2

erfc~b! (9)

To observe the TLC color changes during the experiment, three
miniature CCD cameras were placed inside the tunnel. Two were
located upstream to view the NGV pressure surface and leading
edge, and a third was located downstream and observed the suc-
tion surface via a mirror mounted on a sting designed to minimize
aerodynamic disturbances. The head diameter of the cameras was
17.4 mm and each body was 60 mm long. The upstream cameras
were positioned to avoid shedding a wake into the passage under
study. The lighting for the enclosure comes from inside the cas-
cade employing a series of 50 W miniature Halogen lamps.

A PC based frame-grabber card system was used and was ca-
pable of recording images at 25 frames per second for 5 seconds.

Fig. 4 Temperature history of DHFG and mainstream

Fig. 5 Heat flux calculated using accurate „Eqs. „5…–„7…… and
approximate „Eq. „8…… methods
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The color histories at any pixel location within view can then be
extracted. The data were archived onto CD-ROMs.

Typical images of the NGV pressure surface, leading edge, and
suction surface, recorded with this system during an experiment,
are shown in Figs. 6–8. These are single-frame images taken dur-
ing the transient experiment recorded at 25 frames per second.
The outer casing and inner hub have been identified in these fig-
ures. Figure 6 shows the pressure surface although the trailing
edge of the NGV is not visible in this view. The cooling footprints
downstream of many of the film cooling holes are clearly visible.
Close inspection of an enhanced image identifies areas where the
cooling jets have separated from the surface and reattached further
downstream. The view from the camera monitoring the leading
edge ~Fig. 7! gives more detail in the shower-head region.
Close-up lenses are available to gain more detail when required.
The TLC color patterns on the suction surface are shown in Fig. 8
from the downstream camera. The coolant trajectories are clearly
visible and can be seen to be swept both downstream and towards
the hub due to the radial pressure gradient in the annular cascade.
Also visible in Fig. 8 are regions of low effectiveness~shown as a
darker shade, the edges of which are marked by dashed lines! near
the casing and hub endwalls. These are regions that are influenced
by the secondary flows~distinct from the coolant flow! within the
turbine passage which originate from the inlet boundary layer@26#
and have been identified in the CHTT using oil and dye flow
visualization@27#. The radial pressure gradient also influences the
secondary flow and the extent of the region is greater at the casing
than at the hub.

The thermal response of the color signals from wide-band crys-
tals are sensitive to both the lighting and camera viewing angles,
which vary over the NGV surfaces. An accurate calibration was

only possible if it was conductedin situ and under identical light-
ing conditions to those which would occur during the experiment.
Such a calibration was performed by heating the NGV within the
heat transfer cassette enclosure to a uniform temperature, moni-
tored by thermocouples around the surface. The shutters were then
opened and the NGV surface cooled slowly. Images were re-
corded and the liquid crystal color matched carefully to these
temperatures. As the TLC response is sensitive to viewing angle,
each pixel~or area of pixels! requires its own individual calibra-
tion for the camera used. A calibration is performed before each
experiment to eliminate any degradation of color response as the
crystals age. A typical calibration ofTs versus hue is shown in
Fig. 9.

Difficulties were experienced in acquiring a complete tempera-
ture trace from the wide-band TLC under the high heat transfer
coefficients~;1000 W/m2k! during the transient test for a number
of reasons. The most significant is that the available image acqui-
sition system is limited to a sample rate of 25 frames per second.
With a sample rate of 25 Hz, it is impossible to capture a clear
liquid crystal image during the starting process when a large step
change of heat transfer is encountered. The images captured in
that short period~typically 0.5s! were unclear due to the rapid
color changes caused by the rapid change of temperature.

Without the complete surface temperature history, the tradi-
tional method of calculating heat flux and plotting heat flux versus
surface temperature to obtain the adiabatic temperature and the
heat transfer coefficient@28# cannot be used. The data were ana-
lyzed by fitting an analytical solution through the incomplete sur-
face history. In this case the analytic solution of a step change in
gas temperature was used@25#. The semi-infinite assumption is
valid because the test time~in the order of 3–5 seconds! is short
compared with the time taken for the transient thermal response to
penetrate through the thickness of the perspex model. Under a

Fig. 6 Pressure surface TLC image

Fig. 7 Leading edge TLC image

Fig. 8 Suction surface TLC image

Fig. 9 Calibration of wide band TLC
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step change of gas temperature, Eq.~9! describes the surface tem-
perature response. The wide-band TLC yields the temperature his-
tory and a regression analysis method is used to fit a curve of the
form of Eq.~9! to the measured data. The heat transfer coefficient
and adiabatic wall temperature and hence the film cooling effec-
tiveness are then obtained. A typical temperature history obtained
using the TLC on a perspex NGV is shown in Fig. 10. The initial
temperature is accurately known but the first short segment of the
data is missing for the reason explained before. The curve fit
appropriate to a step-change response matched the data well.

The accuracy of the results was dominated by the quality of the
step change during the test. This has been assessed using the
DHFGs described in section 3.2. The heat transfer coefficients
measured by the DHFGs for the worst area of step change is
shown in Fig. 11. With film cooling of the surface, most of the
NGV needed less than 0.1 seconds to reach a step change in heat
transfer, as demonstrated by the level portion of the heat transfer
coefficient curve. But a small region on the pressure surface ex-
perienced a significant peak in heat transfer during the starting
processes; see Fig. 11. This peak is believed to be caused by an
unsteady interaction process between coolant and mainstream
flow. The authors have realized that the uncertainty can be large in
certain regions of the NGV where the poor quality step change
was present. A set of numerical data was generated to simulate an
imperfect step change. These data featured an initial square peak
of 150 percent in HTC lasting for 0.2 s in a 5 stest. This overes-
timates the error because the initial peak in the actual test was not
a square step. The authors found the heat transfer coefficients
were five times more sensitive to this initial peak than the effec-
tiveness. The authors thus only attempted to obtain the adiabatic
wall temperature using the curve-fitting method, which is mainly
determined by the later portion of the surface temperature trace

and hence not sensitive to the initial portion of data. The heat
transfer coefficients were instead obtained using the newly devel-
oped combined liquid crystal and DHFG method.

3.4 Rough Surface HTC Measurement Using Combined
TLC and DHFG on Aluminum. The measurements of heat
transfer coefficient were obtained using an aluminum NGV with
the combined use of liquid crystal and DHFGs. The DHFGs were
instrumented onto the aluminum NGV prior to spraying the black
paint and the liquid crystal layer~Fig. 3~b!!. The DHFGs were
used as temperature sensors to calibrate the liquid crystal in situ
for the characterized curve of color versus temperature in a low
heat transfer~natural convection! procedure. The heat fluxes were
calculated using the approximate method of Eq.~8! taking the
temperature difference between liquid crystal and the thermo-
couple from the latter portion of data where this difference is
about constant. Heat transfer coefficients were subsequently cal-
culated from the heat flux, the measured cooling effectiveness,
and the surface liquid crystal temperature.

To calculate the heat flux for all surfaces coated with liquid
crystal, the only remaining parameter needed is the ratio of ther-
mal conductivity over thickness for the combined liquid crystal
and DHFG layer. This was determined by equating the heat flux
measured by the DHFGs and the value of heat flux obtained from
the temperature difference between the thermocouples and the liq-
uid crystal. There is a total of eight DHFGs on the surfaces of the
NGV and they each yields very similar ratio ofl /k for the liquid
crystal layer. The average equivalent thickness for the black paint
plus liquid crystal layer was found to be 35mm by assuming the
thermal conductivity of the combined black paint and liquid crys-
tal layer to be 0.155 W/mK.

A typical temperature history obtained using the TLC on top of
a DHFG is shown in Fig. 12 together with the temperatures mea-
sured by the DHFG on the aluminum NGV. These temperature
traces are essentially parallel to each other, as expected, and the
temperature difference between the surface~measured by liquid
crystal! and the aluminum substrate~measured by the thermo-
couples! is easily obtained. The heat flux is then calculated using
Eq. ~8!.

4 Experimental Results and Discussion
The film cooling effectiveness for cylindrical and fan-shaped

cooling configurations is plotted against the fraction of surface
distance along the midspan streamline in Figs. 13 and 14 for both
smooth and rough surfaces. The smooth surface data are taken
from @16# and have been double-checked using DHFGs. The DH-
FGs confirmed the data reported by@16#, with the exception of
two measurement points on the pressure surface for the cylindrical
cooling geometry. It is thought these two thin film gages were
damaged during testing and that the true calibration factor differed
to the calibration factor measured prior the test. The rough cooling

Fig. 10 Temperature history from TLC and curve fit

Fig. 11 Heat transfer coefficient from a DHFG

Fig. 12 Temperatures of TLC and DHFG during a test
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effectiveness data were measured using liquid crystal on a perspex
NGV. The liquid crystal measurements have been averaged over
areas that cover the width between adjacent film cooling holes and
thus give a spanwise average effectiveness in order to compare
with the smooth surface data taken by TFGs. The vertical lines in
these figures~and in the figures following! indicate the positions
of the film cooling holes. The effectiveness is seen to reach local
peaks immediately downstream of many of the film cooling rows.

Generally, the roughness does not greatly influence the mea-
sured film cooling effectiveness. The exception is the rear of the
pressure surface where the roughened effectiveness levels are not

observed to reach the peaks exhibited by the data from the smooth
surface. The smooth surface features high values of effectiveness
immediately downstream of the cooling hole exits, but the effec-
tiveness subsequently decreases steeply further downstream. This
indicates that the surface roughness helps to distribute the cooling
flow retained in the boundary layer as it emerges from the cooling
holes. The low ejection angle and the curvature of the pressure
surface prevent the coolant from ‘‘blowing off’’ into the main-
stream. The better distributed coolant at the exit region of the hole
remains in a near-wall layer and travels downstream to generate
the more level pattern of cooling effectiveness. Downstream of
the last film cooling row on the suction surface, the effectiveness
is seen to decrease toward the trailing edge.

The effect of surface roughness on heat transfer coefficients
around the midspan is shown in Figs. 15 and 16 for the cylindrical
and fan-shaped cooling geometries. The ejection of coolant into
the turbulent boundary layer generally increases the heat transfer
coefficient relative to the case with no film cooling@16#. Some
significant local increases in HTC in regions downstream of the
cooling rows are observed as would be expected. On the early
pressure surface, because the velocity is small, the peak-to-peak
roughness height of 25mm is still in the hydraulically smooth
region and the roughness is not expected to influence the heat
transfer. At the rear of the pressure surface and on the suction
surface, the high shear velocity pushes the 25mm peak-to-peak
roughness into the transitionally rough regime~see Fig. 1!. The
heat transfer level in these regions is significantly higher for the
roughened surface. The increase in heat transfer due to roughness
is more pronounced in the cylindrical hole geometry. This is be-
cause the fanned hole acts as a diffuser and lowers the near wall
velocity, thus lowering the shear velocity. Although the peak-to-
peak roughness height is the same for both cylindrical and fan-
shaped cooling hole NGVs, the nondimensional roughness height
based on the shear velocity is greater for the cylindrical holes.
Consequently there is greater increase in heat transfer coefficient
for the cylindrical geometry compared with the smooth surface
value.

These data have been collected in an environment that closely
models the engine, and benefits both the CFD code validation and
the engine designer.

5 Conclusions
Strategies have been developed to obtain accurate heat transfer

data to turbine nozzle guide vanes with roughened surfaces, using
a variety of transient measurement techniques. These techniques
include thin film gages on flexible plastic substrates, direct heat
flux gages and wide-band thermochromic liquid crystals. The
techniques have been combined to obtain data of the best
accuracy.

Fig. 13 Influence of roughness on midspan film cooling effec-
tiveness: cylindrical cooling holes

Fig. 14 Influence of roughness on midspan film cooling effec-
tiveness: fan-shaped cooling holes

Fig. 15 Influence of roughness on midspan heat transfer co-
efficient: cylindrical cooling holes

Fig. 16 Influence of roughness on midspan heat transfer co-
efficient: fan-shaped cooling holes
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The cooling effectiveness is best achieved using wide-band
thermochromic liquid crystals applied to models made of low
thermal product material~such as perspex!, under a step-change in
fluid temperature. The use of liquid crystal has the advantage that
information is available everywhere in view of the camera. The
liquid crystal was combined with direct heat flux gages to obtain
the most accurate measurements of heat transfer coefficient. The
calibration and method of analysis for the liquid crystals and
gages have been described.

These techniques have been used to measure heat transfer co-
efficient and film cooling effectiveness in a transient blowdown
tunnel under extreme conditions of transonic flow and high heat
transfer coefficient (400,h,1600 W/m2 K). The test blade mod-
els form an annular cascade of fully film cooled nozzle guide
vanes from an in-service aeroengine. Both cylindrical and fan-
shaped film-cooling geometries have been tested. Engine environ-
ment is simulated using representative levels of Mach and Rey-
nolds numbers, and a heavy foreign gas as coolant. The liquid
crystals feature a peak-to-peak surface roughness of 25mm, which
is typical of in-service turbines. Measurements have been con-
ducted for both rough and hydraulically smooth surfaces.

The roughness is shown to increase the heat transfer coefficient
significantly, particularly in regions near the rear of the pressure
and suction surfaces where the nondimensional roughness Rey-
nolds number reaches value as high as 40. The film cooling effec-
tiveness is influenced less by the surface roughness. The differ-
ences in heat transfer to the rough and smooth surfaces point to a
requirement to conduct further research, including the effect of
roughness shape, height, and pattern.
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Nomenclature

A 5 constant
c 5 specific heat at constant pressure

cf 5 local friction coefficient
d 5 roughness height
h 5 heat transfer coefficient
k 5 thermal conductivity
l 5 thickness of DHFG

Rek 5 roughness Reynolds number
t 5 time

T 5 temperature
Ut 5 shear velocity
U` 5 mainstream velocity

x 5 perpendicular distance into the substrate
X 5 surface distance from leading edge
a 5 thermal diffusivity
b 5 dimensionless time
g 5 ratio of specific heats
h 5 film cooling effectiveness
m 5 viscosity
r 5 density

Subscripts

aw 5 adiabatic wall
c 5 coolant
I 5 initial

m 5 mainstream
o 5 total
r 5 recovery
s 5 surface
2 5 bottom surface
1 5 top surface

Abbreviations

CHTT 5 cold heat transfer tunnel
DHFG 5 direct heat flux gage

HTC 5 heat transfer coefficient
NGV 5 nozzle guide vane
TFG 5 thin film gage
TLC 5 thermochromic liquid crystal
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Heat Transfer and Pressure
Distributions on a Gas Turbine
Blade Tip
Heat transfer coefficient and static pressure distributions are experimentally investigated
on a gas turbine blade tip in a five-bladed stationary linear cascade. The blade is a
two-dimensional model of a first-stage gas turbine rotor blade with a blade tip profile of
a GE-E3 aircraft gas turbine engine rotor blade. The flow condition in the test cascade
corresponds to an overall pressure ratio of 1.32 and exit Reynolds number based on axial
chord of 1.13106. The middle 3-blade has a variable tip gap clearance. All measure-
ments are made at three different tip gap clearances of about 1, 1.5, and 2.5 percent of
the blade span. Heat transfer measurements are also made at two different turbulence
intensity levels of 6.1 and 9.7 percent at the cascade inlet. Static pressure measurements
are made in the midspan and the near-tip regions as well as on the shroud surface,
opposite the blade tip surface. Detailed heat transfer coefficient distributions on the plane
tip surface are measured using a transient liquid crystal technique. Results show various
regions of high and low heat transfer coefficient on the tip surface. Tip clearance has a
significant influence on local tip heat transfer coefficient distribution. Heat transfer coef-
ficient also increases about 15–20 percent along the leakage flow path at higher turbu-
lence intensity level of 9.7 over 6.1 percent.@S0889-504X~00!00404-9#

Introduction
A recent trend in modern gas turbine engines is to increase the

combustor outlet temperature to achieve higher thermal efficiency
and higher power output. This increase in temperature is detri-
mental to the downstream first-stage turbine blades. Therefore, a
proper combination of aerodynamics, heat transfer, and material
capabilities is required to design a high-efficiency gas turbine en-
gine. Many research efforts have been dedicated to developing
efficient aerodynamics and cooling techniques for turbine airfoils.
However, some critical regions still remain that require more fre-
quent inspection and repair due to frequent breakdowns. Blade tip
and near-tip regions fall into this category. Blade tip and near-tip
regions are typically difficult to cool, and are subjected to poten-
tial damage due to high thermal loads. Blade tips at high tempera-
tures may also wear out due to hard rubs against the shroud.
Unshrouded blades have a gap between the blade tip and the
shroud surface, which is known as tip gap. Blade tip failure is
primarily caused by hot leakage flow through the tip gap. The
leakage flow accelerates due to a pressure difference between both
the pressure and suction sides of the blade, causing thin boundary
layers and high heat transfer rates. This tip leakage flow is unde-
sirable because it chips away the pressure side tip corner from
midchord to trailing edge. As the blade tip is chipped away, the tip
gap width increases, allowing more leakage flow through the tip
gap and accelerating blade tip failure. It has been recognized that
the blade tip geometry and subsequent tip leakage flows have a
significant effect on the aerodynamic efficiency of turbines. The
influence of blade tip clearance on turbine efficiency is so signifi-
cant that designers have a strong desire to improve efficiency by
decreasing tip-to-shroud operating clearances, or by implementing
more effective tip leakage sealing mechanisms. Whatever the de-
sign choice selected for a particular turbine blade tip, accurate and
detailed knowledge of the flow field and heat transfer on the tip
and the near-tip region is important for an efficient balanced air-
foil design. Reliable experimental data are also important to de-

velop and validate computational codes to predict blade metal
temperatures, and an efficient cooling system design.

The existing literature contains many experimental and numeri-
cal investigations on flow field in and around turbine blade tip
models. Studies by Bindon and Morphus@1# and Bindon@2# have
contributed to the general understanding of tip leakage flow pat-
terns. Bindon concluded that the growth of a vortex, which forms
as the flow separates on the pressure side wall and exits through
the tip gap causing an increase in the secondary flow, results in
large aerodynamic losses. Moore et al.@3# also contributed to the
understanding of the flow field through tip gaps. Yaras and Sjo-
lander@4# studied the effect of simulated rotation on tip leakage
and found a significant reduction in the gap mass flow rate due to
rotation. Sjolander and Cao@5# studied the flow field in an ideal-
ized turbine tip gap. They concluded that the flow separates from
the pressure side tip corner and forms a well-organized chordwise
vortex above the blade tip. The separation vortex induces a flow
back toward the pressure corner, resulting in the formation of a
secondary counterrotating vortex. Thus, the unexpected region of
attached flow near the pressure corner may have a reasonably high
convective heat transfer coefficient, in addition to the high wall
shear stress. Kaiser and Bindon@6# investigated a quantitative
analysis of the effects of tip clearance, tip geometry, and multiple
stages on turbine stage efficiency in a rotating turbine rig environ-
ment. Many other works studied the effect of tip clearances on
leakage and efficiency loss prediction.

Turbine blade tip heat transfer is an important aspect that has
drawn considerable attention from researchers in the past several
years. The earliest study on blade tip heat transfer was done by
Mayle and Metzger@7#. They studied heat transfer in a simulated
two-dimensional rectangular tip with and without a rotating
shroud. They concluded that the effect of blade rotation could be
neglected to assess blade tip heat transfer. The pressure-driven
flow through the tip gap~tip leakage! mainly influences the heat
transfer. Metzger et al.@8# and Chyu et al.@9# studied heat trans-
fer for both flat and grooved rectangular tip models. They incor-
porated the effect of relative motion by introducing a moving
shroud surface over the grooved tip model. They affirmed that
relative motion had little effect on the average tip heat transfer,
though some local effects were observed.

Contributed by the International Gas Turbine Institute and presented at the 45th
International Gas Turbine and Aeroengine Congress and Exhibition, Munich, Ger-
many, May 8–11, 2000. Manuscript received by the International Gas Turbine Insti-
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Experimental data on blade tip heat transfer in a cascade envi-
ronment are limited in the open literature. Yang and Diller@10#
reported local heat transfer coefficient on a turbine blade tip
model with a recessed cavity in a stationary linear cascade. Based
on a single heat flux sensor, they found the convection coefficients
insensitive of tip gap height. Metzger et al.@11# used several heat
flux sensors and measured local tip heat fluxes on the flat tips at
two different tip gaps in a rotating turbine rig. Their study was
primarily confined to the blade forward region. The most recent
study on turbine blade tip heat transfer and flow in a linear cas-
cade was carried out by Bunker et al.@12#. Their experimental
study investigated the detailed distribution of convective heat
transfer coefficients on the first-stage blade tip surface for a ge-
ometry typical of a large power generation turbine. This study
provided a nearly full surface information on heat transfer coeffi-
cients in a nonrotating cascade environment with appropriate pres-
sure distribution on the blade tip and shroud model. They used a
three-blade cascade; however, only the center blade~test blade!
had a variable tip gap clearance. The test airfoil was modeled after
the aerodynamic tip section of a large power generation turbine.
They used a hue detection-based liquid crystal technique to obtain
detailed heat transfer coefficient distributions on the blade tip sur-
face for flat, smooth tip surfaces, with both sharp and rounded
edges.

With the development of efficient numerical codes, some re-
searchers carried out numerical investigations to predict blade tip
heat transfer and flow field. Metzger et al.@11# provided a numeri-
cal model to estimate tip and shroud heat transfer. Ameri and
Steinthorsson@13,14# predicted rotor blade tip and shroud heat
transfer for a SSME~Space Shuttle Main Engine! turbine. Ameri
et al.@15# also predicted flow and heat transfer on the tip of a full
rotating GE-E3 first-stage rotor blade for both a smooth tip and
recessed tip. They found a separation vortex generated by the
incoming flow separating off the inner edge of the pressure side
rim and exiting near the trailing edge of the blade. For the heat
transfer contours on the blade tip, they found a sharp entrance
effect on the pressure side of the tip surface, where the heat trans-
fer rate reached a maximum due to flow reattachment. The heat
transfer contours on the flat tip also showed that a low heat trans-
fer region existed near the leading edge suction side. The heat
transfer rate near the trailing edge was lower, and the suction side
had a lower heat transfer rate than the pressure side. Ameri et al.
@16# also predicted the effects of tip clearance and casing recess
on heat transfer and stage efficiency for several squealer blade-tip
geometries. Most recently, Ameri and Bunker@17# performed a
computational study to investigate detailed heat transfer distribu-
tions on blade tip surfaces for a large power generation turbine.
They compared and validated their model with the experimental
data of Bunker et al.@12# obtained for the same geometry. How-
ever, there are very few experimental data available in the open
literature to compare and validate numerical models. Without re-
liable experimental data, the numerical models could not be prop-
erly employed in the design and analysis of blade tip heat transfer
and flow field.

This study will fulfill the need for additional heat transfer data
on a gas turbine blade tip. The test section used for this study is a
five-bladed linear cascade, with the three middle blades having a
variable tip gap. The tip profile used here represents a first stage
rotor blade tip of a modern aircraft gas turbine engine~GE-E3!.
Systematic pressure measurements in the near-tip region and on
the shroud surface, and heat transfer measurements on the blade-
tip surface are done for a tip gap clearance of 1, 1.5, and 2.5
percent of the blade span. Two inlet free-stream turbulence inten-
sity levels are also considered. The effect of unsteady wakes,
shock waves, and blade rotation, which may be important in real
operating condition, is not considered in this study. This study
provides a complete experimental pressure and heat transfer data
on a gas turbine blade tip profile~GE-E3!, whose profile geometry
is open to the public domain. These data are presented in a stan-

dard format with standardized boundary conditions that could also
be used by numerical people in the gas turbine community.

Experimental Setup
The experimental setup is a stationary blow down facility with

a five-bladed linear cascade. Air from a compressor enters a stor-
age tank at about 280 psig. Then the air enters a high flow pneu-
matic control valve through a pneumatic ball valve. A controller,
regulating the flow rate in downstream of the control valve, is set
manually for the desired pressure. The controller gets feedback of
the downstream pressure through a pressure line connected to the
controller. The controller is capable of maintaining a steady
downstream velocity within63 percent of the desired set value.
Downstream from the control valve, the test loop consists of a
5-m-long circular duct with a 10.16 cm inside diameter and a 3.1
m long rectangular duct of 31.1312.2 cm. A symmetric tapered
section connects the two ducts. A bypass flow path containing a
rupture disk is also connected to the main flow circular duct to
safeguard the test section against over-pressure.

The blade cascade is connected at the end of the rectangular
duct. A small gap is maintained at the junction of the blade cas-
cade and the rectangular duct to trip the boundary layer. This
location for the boundary layer trip is 26.7 cm away from the
center blade leading edge. A turbulence-generating grid of 57 per-
cent porosity is also placed at this location to generate high tur-
bulence for the test cases. The turbulence grid is composed of
12.25-mm-wide square bars with 33.02327.94 mm opening be-
tween bars. Hot-film anemometry measurements, using a TSI
IFA-100 unit, show that the free-stream turbulence intensity level
at a distance of 6 cm upstream from the test-blade leading edge is
6.1 percent without the turbulence grid and 9.7 percent with the
turbulence grid. The turbulence length scale was estimated to be
1.5 cm for the 9.7 percent turbulence case, which is slightly larger
than the grid size.

The test section is a five-bladed linear cascade with 4-flow pas-
sages as shown in Fig. 1. The two far-end blades work as guide
vanes, and the outside wall and the center blade work as a test

Fig. 1 Test section with five-bladed cascade
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blade. The cascade inlet dimensions are 31.1 cm wide and 12.2
cm high ~span!. Each blade has a 12.2 cm span and a 8.61 cm
axial chord length. This dimension is three times~33! the dimen-
sions of a GE-E3 blade profile. The blades are made of aluminum
and are EDM machine finished. The test section’s top, bottom,
and sides are made of 1.27-cm-thick clear Polycarbonate~Lexan!;
however, a 1.2-cm-thick clear acrylic replaces the top cover plate
~shroud! for heat transfer tests, to facilitate the best optical access
to the test blade~center blade!. Two separate but identical blades
are used for both the pressure and heat transfer measurements.

Figure 2 represents the blade tip configuration in the cascade.
Each blade has a constant cross section for the entire span and
represents the tip section of an aerodynamic turbine blade. The
blade leading edge pitch is 9.15 cm and the axial chord length is
8.61 cm. The throat diameter at the point of minimum distance
between two blades is 4.01 cm, which, with a span of 12.2 cm,
gives a throat aspect ratio of about 3. The inlet flow angle to the
test blade is 32.01 deg and the exit angle is 65.7 deg, giving a total
turning of 97.71 deg. A variable tip gap~C! is maintained between
both the tip and shroud surfaces as shown in Fig. 2. The tip gaps
used for this study are 1.31 mm, 1.97 mm, and 3.29 mm, which
correspond to about 1, 1.5, and 2.5 percent of the blade span~12.2
cm!. Hard rubber gaskets of desired thickness are placed on top of
the sidewalls, the trailing edge tailboards, and the two outer guide
blades to create tip gaps of desired height.

Figure 3 shows the pressure tap blade configuration, which is
made of aluminum with a set of pressure taps. Each pressure tap
tubing has an outer and inner diameter of 1.65 mm and 1.35 mm,
respectively. The tap holes are located in the midspan~50 percent
of blade height! of the blade, at a height of 80, 90, and 97 percent
of the span as measured from the base of the blade. The pressure
taps are placed on both the pressure and suction surfaces. Pressure
taps are also placed on the shroud surface, as shown in Fig. 3, to
measure the pressure distribution on the shroud surface, which is
a representative of the tip surface pressure. A total of 52 pressure
taps measure the shroud surface pressure. One set of pressure taps
is located around the tip perimeter and along the mean camber
line, and a second set of taps is located 12.52 mm outside the tip
edge. All these pressure taps are located on the shroud surface

opposite the tip surface. No pressure taps are placed on the tip
surface. These pressure distributions are useful in estimating the
tip leakage flow.

The heat transfer blade, as shown in Fig. 4, is designed with a
specific feature. The lower portion of the blade is made of alumi-
num for structural rigidity against the aerodynamic forces present
during the tests. The upper portion of the blade has an inner alu-
minum core and an outer shell made of black polycarbonate with
a low value of thermal conductivity for transient liquid crystal
test. The base thickness of the polycarbonate shell is 6.35 mm and
the wall thickness is 3.175 mm. It is closely fitted with the inner
aluminum core. The shell is also glued to the inner core through
the rim contact surface for better rigidity. Three cartridge heaters
are embedded into the inner core. The cartridge heater provides
heating to the aluminum core, which in turn, heats the outer poly-
carbonate shell. The blade is fastened to the bottom endwall with
screws.

The usual operating condition for this cascade is set at an inlet
total pressure of 143 kPa, an exit average static pressure of 108.3
kPa, which gives an overall blade pressure ratio of 1.32. The mass
flow rate~up to 60 s! through the cascade is about 5.9 kg/s. Dur-
ing the blow-down test, the inlet air velocity is kept at about 85

Fig. 2 Blade tip and shroud definition

Fig. 3 Pressure tap locations on blade and shroud

Fig. 4 Heat transfer blade
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m/s; the exit air velocity at 199 m/s, and the corresponding Rey-
nolds number of 1.13106 based on axial chord length and exit
flow velocity. The corresponding Mach numbers at the inlet and
exit are 0.25 and 0.59, respectively.

Flow Condition in the Cascade and Pressure Measure-
ment

To check the flow condition in the cascade, the blades next to
the suction and pressure sides of the center~test! blade are instru-
mented with pressure taps with static pressure holes at midspan of
the blades~as shown in Fig. 1!. The suction surface of the inner-
side blade has six pressure taps and the pressure surface of the
outer-side blade has five pressure taps, each at 50 percent height
of blade span. Pressure taps are also instrumented at 13 locations
at the inlet and 11 locations at the exit plane, as shown in Fig. 1.
These inlet and exit plane taps are located at a distance of 25
percent of the blade span upstream from the blade leading edge,
and downstream from the blade trailing edge, respectively. The
cascade has adjustable trailing edge tailboards. A thinner, adjust-
able guide plate is also placed near the inlet between the passage
of the two interior blades in the shorter flow passage side, as
shown in Fig. 1. This guide plate and the adjustable tailboards
help provide an identical flow through the pressure and suction
side passages of the test blade. With no adjustment, a substantially
greater percentage of the total flow would go through the shorter
flow passage. The guide plate is rounded on the leading side and
tapered and rounded on the trailing side to minimize flow distur-
bances. A final position for both the adjustable guide plate and
trailing edge tailboards is selected after many variations have been
tried.

The inlet and exit flow pattern is represented by the coefficient
of pressure (Cp). The coefficient of pressure is defined as:

Cp5
Pt2P

Pt2Pavg

Here,Pavg is the average static pressure as measured by the inlet
~or exit! plane pressure taps,Pt is the total inlet pressure, andP is
the local static pressures as measured by the inlet~or exit! pres-
sure taps. ThisCp actually represents a nondimensional velocity
field, which is important when quickly reviewing the velocity field
pattern. Figure 5~a! represents theCp at the cascade inlet and the
exit plane. The axial distance is measured from the outermost tap
location toward the innermost tap~cascade outer and inner side-
walls are labeled in Fig. 1!. Figure 5~b! shows pressure distribu-
tions at a 50 percent height of the blade span on the center blade
and the two nearby blades. The local axial positions are normal-
ized by the axial chord length. The multiple data points represent
the variation in repeated tests. The result shows that the flow
patterns in the two passages are almost identical.

Static pressure measurements are also made at 80, 90, and 97
percent height of the blade span on both the P/S and S/S, and also
on the shroud surface opposite the blade tip surface. A total of 52
pressure taps measured the shroud surface pressure. One set of
pressure taps is located around the tip perimeter and along the
mean camber line, while a second set of taps is located 12.52 mm
outside the tip edge. All these pressure taps are located on the
shroud surface opposite the tip surface. Pressures are recorded
with a 48-channel Scanivalve System coupled with LabView 5.0
software. LabView discarded all data that fell outside the initial
mean61.5 standard deviation. It then recorded the mean value of
the screened data. The computer steps through each tap and mea-
sures the local static pressure on the blade suction and pressure
surfaces, and the shroud. Every pressure measurement is repeated
at least three times to reduce operating uncertainty and to verify
the repeatability of the data. The blow-down facility is capable of
giving a required flow for about one minute. The control valve
and controller are capable of providing a steady flow condition
~the velocity variation is within63 percent! in this one minute

time period. Figure 6 shows the ratio of the total to local static
pressure distributions on the P/S and the S/S at different blade
span heights for 1.97 mm~1.5 percent of the span! tip gap and
inlet Tu56.1 percent only. The ratio of pressure distribution
(Pt /P) is presented as a function of normalized axial distance
(X/Cx). A higher value ofPt /P corresponds to a lower static
pressure, while a lower value corresponds to a higher static pres-

Fig. 5 „a… Coefficient of pressure at inlet and exit plane; „b…
pressure distribution at midspan on test blade and two nearby
blades

Fig. 6 Pressure distributions from midspan to near-tip loca-
tions for 1.5 percent tip gap at TuÄ6.1 percent
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sure. The static pressure difference between the P/S and the S/S is
the main driving force for the leakage flow. Figure 6 clearly
shows that the maximum static pressure difference occurs at a
distance of 20–30 percent of the axial chord from the leading
edge at 50 percent of the blade span. This location of maximum
pressure difference has shifted toward the TE at 97 percent of the
blade span, and the maximum static pressure difference occurs at
about 50 percent of the axial chord from the LE. This shift is due
to the leakage flow through the tip gap.

Figure 7 shows the total pressure to local static pressure ratio
(Pt /P) contours on the shroud surface for three different tip gaps
at Tu56.1 percent. This contour plot helps explain the heat trans-
fer results on the tip surface. The small circles on the contour
plots represent the pressure tap locations relative to the tip, while
the bold line indicates the tip dimension. A smallerPt /P value
means higher static pressure, while a larger value means a lower
static pressure. This pressure ratio distribution clearly demon-
strates the tip leakage flow path. The lowerPt /P value on the P/S
LE indicates that the leakage flow enters the tip gap at this loca-
tion, while the higherPt/P value on the S/S indicates that the
leakage flow exits the tip through this location. In this flow path,
a separation vortex generates as the incoming flow separates off
the inner edge of the P/S rim and exits near the S/S TE of the
blade. Sjolander and Cao@5# observed this separation vortex and

Ameri et al. @15# also predicted this phenomenon. Due to this
separation vortex, the heat transfer rate increases in this region as
seen in the heat transfer results.

Figure 7 also shows that as the tip gap decreases, thePt /P ratio
increases slightly toward the LE S/S, resulting in a change in the
leakage flow path direction. This means that the tip leakage flow
path direction is shifting towards the LE S/S at a lower tip gap.
This happens because, at lower tip gap, the leakage flow has a
smaller gap to flow through, over the boundary layer that develops
at the P/S and grows toward the S/S. Thus, the leakage flow has to
overcome higher resistance compared to a higher tip gap situation.
As a result, it shifts the flow direction toward a shorter path. This
effect is reflected in the heat transfer results. Pressure measure-
ments are not made on the blade tip surface. However, Bunker
et al. @12# showed that the pressure distribution trends are very
similar at both the blade tip and shroud surfaces.

Heat Transfer Measurement and Results
Heat transfer measurement is made at a preset flow condition at

which the pressure measurement is done. A threshold intensity
method of transient liquid crystal technique is used. The liquid
crystals in this study are wide band 30 to 35°C crystals made by
Hallcrest~R30C5W!. The blade tip surface is initially coated with
a thin layer of thermochromic liquid crystals, and the blade is
fastened in the test cascade. The cartridge heaters are turned on
for three hours. The cartridge heaters heat the inner aluminum
core of the test blade and the aluminum core, in turn, heats the
polycarbonate shell to a desired steady initial temperature of about
60°C. The initial tip surface temperature is measured using 22
thermocouples placed on the blade tip surface at different discrete
locations. Two thermocouples are also placed on the suction and
pressure side near-tip region toward the trailing edge. These two
thermocouples work as a reference to check the initial tip surface
temperature during the heat transfer test. This process of heating
the blade and measuring the initial temperature is repeated several
times before the final heat transfer test to ensure repeatability of
the recorded initial temperature. The initial temperature is very
uniform ~within 2°C! throughout the tip surface, except near the
trailing edge region. These temperatures are then interpolated to
get an initial temperature map on the whole surface.

The thermocouples from the tip surface are removed, the blade
is then washed and re-sprayed with liquid crystals. The blade is
put back in the cascade and the cartridge heaters are turned on for
three hours. A region of interest~ROI! is selected and the blow-
down test is then carried out. This region of interest~ROI! is the
data collection region. The image processing system captures the
liquid crystal color change time from green to the onset of red
during the blow down test. The image system requires a back-
ground intensity correction based upon the lighting conditions on
the ROI. This is called threshold, which ensures that all the points
in the ROI are at a lower intensity than the real green-to-red
transition intensity caused by liquid crystal color change. The sys-
tem is ready for the blow-down test once the lighting, threshold,
and initial temperature are set. Only one test is done per day in a
controlled environment~test cell doors are closed and the room
temperature is controlled!. The reference thermocouples check the
initial surface temperature during a heat transfer test. Precise co-
ordination of the image processing system and the flow is critical,
since the heat transfer experiments are performed at transient con-
ditions. Thermocouples placed at the cascade inlet provide the
free-stream temperature, which is about 24°C. The blade surface
color change is monitored using an image processing system. The
image processing system consists of a high-resolution RGB color
CCD camera, a high-speed PC with a 24-bit true color frame
grabber board~from Imaging Technology!, and a Color Video
Monitor with RGB inputs. The camera captures real-time images
through Optimas 3.0, an image processing software. The same
software translates the captured image into a data file. The test
duration is small enough~;10–30 s! to consider a semi-infinite

Fig. 7 Pressure ratio distribution „Pt ÕP… on shroud surface
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solid assumption. The local heat transfer coefficient on the blade
tip surface is then calculated, assuming a one-dimensional tran-
sient conduction into a semi-infinite solid surface with a convec-
tive boundary condition using the following equation:

Tw2Ti

T`2Ti
512expS h2at

k2 DerfcS hAat

k D .

Here, Tw ~30°C!, Ti ~60°C!, T} ~24°C!, t ~;10–30 s!,
k (0.18 W/m K), anda are known. The local heat transfer coeffi-
cient at any location can then be calculated from the equation
given above. The experimental uncertainty is measured using the
methods of Kline and McClintock@18#. The uncertainty of the
local heat transfer coefficient measured by this method is esti-
mated to be67.9 percent or less. The uncertainty estimation does
not include the effect of two-dimensionality near the edges. Note
that the acrylic blade material~polycarbonate! has a very low
thermal conductivity of 0.18 W/m K. The liquid crystal color
change transition occurs at the surface, which is kept at a uniform
initial temperature. Test duration is also smaller~;10–30 s! than
the time required for the temperature to penetrate the full thick-
ness of the insulating acrylic material. Thus, a one-dimensional
transient, semi-infinite solid assumption is valid throughout the
surface, except near the tip edges. Due to this one-dimensional
assumption, the results at the tip edges are less reliable, and may
suffer more uncertainty than the reported value because of the
existing two-dimensional conduction effect.

The heat transfer coefficient measurements are done for the
three cases of tip gaps and at the two different turbulence intensity
levels. Figure 8~b! shows the tip local heat transfer contour plots
for a tip clearance gap of 1.97 mm~1.5 percent of the blade span!
and an inlet free-stream turbulence intensity level of 6.1 percent.
This is a typical heat transfer coefficient distribution contour plot
for each case tested here. The distribution clearly shows various
regions of low and high heat transfer coefficient on the tip surface.
The magnitude of the heat transfer coefficient varies from 500 to
1700 W/m2 K on the tip surface. A surprisingly important finding
is the development of a low heat transfer region near the LE and
toward the S/S.

The pressure ratio (Pt /P) distributions on the shroud surface
~Fig. 7! show that this low heat transfer region corresponds to the
lowest convective velocity due to a lower static pressure differ-
ence~DP! between the pressure and the suction sides. A gradual

increase in the heat transfer coefficient is observed surrounding
the low heat transfer region. The tip leakage flow originates from
the pressure side near the leading edge and exits through the suc-
tion side, away from the leading edge, as seen in Fig. 7. This
region of maximum tip leakage flow corresponds to a high heat
transfer coefficient, as seen in Fig. 8~b!. This means that the
higher heat transfer coefficient is observed along the tip leakage
flow path. The heat transfer coefficient along this tip leakage flow
path is higher toward the pressure side than the suction side. This
happens because of the flow entrance effect. The leakage flow
enters through the pressure side and exits through the suction side.
A separation vortex generates at the pressure side as the incoming
flow separates off the inner edge of the pressure side rim and exits
near the trailing edge of the blade. Sjolander and Cao@5# observed
this separation vortex and they mentioned about the possibility of
a high heat transfer rate on the pressure side. The lower heat
transfer coefficient toward the suction side may be the result of a
boundary layer that develops at the pressure side edge and grows
toward the suction side. Figure 8~b! also shows a lower heat trans-
fer coefficient near the trailing edge region. This region corre-
sponds to a lower tip leakage flow~lower DP! as seen in Fig. 7,
thus resulting in a lower heat transfer coefficient.

Bunker et al.@12# found a similar trend of low and high heat
transfer region on the tip surface. They termed the low heat trans-
fer region as the ‘‘sweet spot.’’ They found that the low heat
transfer region originates from the airfoil pressure side at about 20
to 30 percent axial chord location, while we found this location
near the LE S/S. This spatial difference may be due to a difference
in the tip model geometric profile, and orientation of the blade
with respect to the flow path. They used a tip model geometry of
a large power generation turbine, while ours is an E3 profile of an
aircraft gas turbine engine. Note that the level of the local heat
transfer coefficient on our E3 blade and on their power generation
turbine is of the same order of magnitude. Ameri et al.@15# pre-
dicted heat transfer rate on the tip of a full rotating E3 blade. The
trend of their predicted result is very similar to our experimental
data. They also predicted a low heat transfer region near the lead-
ing edge suction side, while the heat transfer rate is higher on the
pressure side and lower near the trailing edge as seen in our case.

Figures 8~a! and 8~c! show the tip heat transfer coefficient dis-
tribution for 1.31 mm~1 percent of the span! and 3.29 mm~2.5
percent of the span! tip gaps, respectively at a same inlet turbu-
lence intensity level of 6.1 percent. These figures clearly show
that the tip gap has a significant effect on the local heat transfer
coefficient. A larger tip gap results in an overall higher heat trans-
fer coefficient, while a smaller tip gap results in a lower heat
transfer coefficient. This is because a larger tip gap increases the
amount of tip leakage flow, while a smaller tip gap decreases it.
However, the local heat transfer coefficient changes according to a
change in the leakage flow path direction. Figure 8 shows that a
decrease in the tip gap from 1.5 to 1 percent decreases the tip local
heat transfer coefficient distribution by about 10 percent at high
heat transfer region along the flow path, while slightly increasing
the local heat transfer coefficient in the low heat transfer region.
Similarly, an increase in the tip gap from 1.5 to 2.5 percent in-
creases the local heat transfer coefficient by about 20 percent in
the high heat transfer region, while slightly decreasing it in the
low heat transfer region. It happens, because the tip leakage flow
path changes its direction slightly depending on the gap size. At a
larger tip gap, the leakage flow can easily pass toward the trailing
edge suction side, overcoming the boundary layer thickness.
Whereas, at a smaller tip gap, the leakage flow encounters more
resistance to the flow toward the trailing edge suction side due to
a smaller passage over the boundary layer thickness. Thus, the
flow shifts its direction toward a shorter passage in the leading
edge suction side, which results in a higher heat transfer coeffi-
cient in this region. The shroud pressure distribution in Fig. 7
supports this phenomenon.

Figures 9~a, b, andc! show the heat transfer coefficient distri-

Fig. 8 Heat transfer coefficient at TuÄ6.1 percent
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butions for 1.31 mm~1 percent!, 1.97 mm~1.5 percent!, and 3.29
mm ~2.5 percent!, respectively, at a higher inlet turbulence inten-
sity level of 9.7 percent. The heat transfer distribution trend is the
same as that of Figs. 8~a, b, andc! at a lower turbulence level of
6.1 percent. However, the magnitude of the overall heat transfer
coefficient is about 15–20 percent higher over the low turbulence
case of 6.1 percent intensity level. The increase in heat transfer
coefficient is more prominent along the leakage flow path, be-
cause turbulence does not increase the magnitude of the tip leak-
age flow; however, it increases flow fluctuations.

The averaged tip heat transfer coefficients for the three different
tip gaps and for both the low and high turbulence cases are pre-
sented in Fig. 10. The result shows that, for each case of the tip
gap, the heat transfer coefficient initially decreases along the axial
chord length. It then increases and becomes a maximum at about
70 percent location of the axial chord, and again decreases toward

the trailing edge. Smaller tip gaps produce a lower averaged tip
heat transfer coefficient. Similar effect of the tip gap is observed
at both the lower and higher turbulence levels of 6.1 and 9.7
percent, while the magnitude of heat transfer coefficient is higher
at higher turbulence case of 9.7 percent, compared to the low
turbulence case of 6.1 percent.

Conclusions
This study investigated the effect of tip gap and inlet turbulence

intensity on detailed local heat transfer coefficient distribution on
the plane tip surface of a gas turbine blade. The blade tip model is
a two-dimensional profile of an E3 blade of an aircraft gas turbine
engine. A transient liquid crystal technique is used for detailed
heat transfer measurements. Pressure distributions in the near-tip
region and on the shroud surface provide complementary informa-
tion explaining the local heat transfer behavior on the tip surface
in a five-bladed stationary linear cascade. A typical operating con-
dition having a Reynolds number based on airfoil axial chord and
an exit velocity of 1.13106 and an overall pressure ratio of 1.32 is
used to measure the pressure and heat transfer coefficients. The
major findings are:

1 Detailed measurements provide a better understanding of the
local heat transfer behavior on the blade tip surface.

2 The pressure measurements in the near tip and on the shroud
surface provide complementary information of the tip leakage
flow pattern. This pressure data provides a basis for determining
the tip leakage flow and also explains the heat transfer results.
This detailed pressure and heat transfer measurement also pro-
vides a reference for further experimental or computational study.

3 Different heat transfer regions exist on the tip surface. The
leading edge side contains a low heat transfer region near the
suction side, while a high heat transfer region exists along the
leakage flow path.

4 A higher heat transfer coefficient exists on the tip surface
toward the pressure side because of the entrance effect.

5 Generally, a larger tip gap results in a higher overall heat
transfer coefficient, while a smaller tip gap results in a lower
overall heat transfer coefficient. This is because a larger tip gap
increases the magnitude of the tip leakage flow, while smaller tip
gap decreases it.

6 An increase in the inlet turbulence intensity level from 6.1 to
9.7 percent increases the heat transfer coefficient by about 15–20
percent, along the leakage flow path.
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Nomenclature

C 5 tip clearance gap
Cp 5 coefficient of pressure
Cx 5 axial chord length of the blades5 8.61 cm

h 5 local convective heat transfer coefficient, W/m2 K
k 5 thermal conductivity of blade tip material5 0.18

W/m K
LE 5 leading edge of the blade

P 5 local static pressure
Pavg 5 averaged static pressure

Pt 5 total pressure at the inlet
P/S 5 pressure side of the blade

Fig. 9 Heat transfer coefficient at TuÄ9.7 percent

Fig. 10 Averaged heat transfer coefficient
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S/S 5 suction side of the blade
t 5 transition time for liquid crystal color change

TE 5 trailing edge of the blade
Ti 5 initial temperature of the blade tip surface
T` 5 mainstream temperature of the flow
Tw 5 color change temperature of the liquid crystal, green-

to-red
Tu 5 turbulence intensity level at the inlet
X 5 axial distance, cm
a 5 thermal diffusivity of tip material

51.2531027 m2/s
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Heat Transfer and Flow on the
Squealer Tip of a Gas Turbine
Blade
Experimental investigations are performed to measure the detailed heat transfer coeffi-
cient and static pressure distributions on the squealer tip of a gas turbine blade in a
five-bladed stationary linear cascade. The blade is a two-dimensional model of a modern
first-stage gas turbine rotor blade with a blade tip profile of a GE-E3 aircraft gas turbine
engine rotor blade. A squealer (recessed) tip with a 3.77 percent recess is considered
here. The data on the squealer tip are also compared with a flat tip case. All measure-
ments are made at three different tip gap clearances of about 1, 1.5, and 2.5 percent of
the blade span. Two different turbulence intensities of 6.1 and 9.7 percent at the cascade
inlet are also considered for heat transfer measurements. Static pressure measurements
are made in the midspan and near-tip regions, as well as on the shroud surface opposite
to the blade tip surface. The flow condition in the test cascade corresponds to an overall
pressure ratio of 1.32 and an exit Reynolds number based on the axial chord of 1.1
3106. A transient liquid crystal technique is used to measure the heat transfer coeffi-
cients. Results show that the heat transfer coefficient on the cavity surface and rim
increases with an increase in tip clearance. The heat transfer coefficient on the rim is
higher than the cavity surface. The cavity surface has a higher heat transfer coefficient
near the leading edge region than the trailing edge region. The heat transfer coefficient
on the pressure side rim and trailing edge region is higher at a higher turbulence inten-
sity level of 9.7 over 6.1 percent case. However, no significant difference in local heat
transfer coefficient is observed inside the cavity and the suction side rim for the two
turbulence intensities. The squealer tip blade provides a lower overall heat transfer
coefficient when compared to the flat tip blade.@S0889-504X~00!00504-3#

Introduction
To achieve higher thermal efficiency and thrust, modern gas

turbine engines operate at high combustor outlet temperatures of
1300–1500°C. Turbine blades are exposed to these high-
temperature gases and undergo severe thermal stress and fatigue.
Blade tips are one of the most susceptible regions, because they
are difficult to cool and are subject to potential damage due to the
large thermal load. The hot gases flowing through the gap be-
tween the blade tip and the shroud cause this large thermal load on
the blade tip. This flow, sometimes called tip leakage flow, accel-
erates due to the pressure difference between the pressure and
suction sides of the blade, which causes thin boundary layers and
high heat transfer rates. This tip leakage flow is undesirable be-
cause it chips away the pressure side tip corner from the midchord
to the trailing edge. As the blade tip is chipped away, the tip gap
width increases, allowing more leakage flow through the tip gap
and accelerating blade tip failure. Thus, it increases the losses in
the flow.

It is recognized that the blade tip geometry and subsequent tip
leakage flows significantly affect the aerodynamic efficiency of
turbines. The influence of tip gap on turbine efficiency is so sig-
nificant that designers have a strong desire to improve the effi-
ciency by decreasing the tip-to-shroud operating gaps, or by
implementing more effective tip clearance controls. However, it is
difficult to seal the hot leakage flow through the tip gap com-
pletely. A common technique to reduce the tip leakage flow is to
use a recessed tip, which is known as a squealer tip. A squealer tip
allows a smaller tip clearance, without the risk of a catastrophic
failure, in case the tip rubs against the shroud during turbine op-

eration. The smaller tip gap reduces the flow rate through the tip
gap, resulting in smaller losses and lower heat transfer. It is also
believed that the groove~tip recess! acts as a labyrinth seal to
increase flow resistance. Thus, it is important to know both the
flow field and heat transfer behavior on the squealer tip of a gas
turbine blade. Reliable experimental data are also important to
develop and validate computational codes to predict flow and heat
transfer distributions on turbine blades.

Limited information on the flow field and heat transfer on a
squealer blade tip is available in the existing literature. Metzger
et al. @1# and Chyu et al.@2# studied heat transfer on rectangular
grooved tip models. They performed experiments using cavities of
varying depth-to-width~width of the cavity! and tip gap-to-width
~width of the cavity! ratios, and incorporated the effect of relative
motion by introducing a moving shroud surface over the grooved
tip model. They reported that the local heat transfer coefficient in
the upstream end of the cavity is greatly reduced when compared
with a rectangular flat tip, while in the downstream end of the
cavity, the heat transfer coefficient is higher due to flow reattach-
ment inside the cavity. They concluded that for a given pressure
difference across the gap, there is an optimum value of depth-to-
width ratio beyond which no further flow reduction will occur.
They recommended shallow cavities if overall heat transfer reduc-
tion on the cavity wall is desired.

The above-cited experimental studies provide insight into the
nature of the flow field and heat transfer around the cavity in a
rectangular tip model case. Heyes et al.@3# studied tip leakage on
plane and squealer tips in a linear cascade environment. They
reported leakage flow data on plane tip, suction side squealers,
and pressure side squealers. No heat transfer data was reported.
They concluded that the use of squealers, particularly, suction side
squealers are more beneficial than the flat tip. Yang and Diller@4#
reported local heat transfer coefficient on a turbine blade tip
model with a recessed cavity~squealer tip! in a stationary linear
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cascade environment. Based on the measurement at a single point
on the cavity floor, they reported that the convection coefficients
are insensitive of tip gap height. Ameri et al.@5# numerically in-
vestigated the flow and heat transfer on the squealer tip of a
GE-E3 first-stage gas turbine blade. They considered a smooth tip,
2 percent recess, and 3 percent recess with a 1 percent tip clear-
ance for all cases. They observed higher heat transfer on the bot-
tom of the cavity when compared with the plane tip. The heat
transfer on the pressure side rim is comparable to the plane case
but higher on the suction side rim. They concluded that large heat
transfer on the bottom of the cavity is due to flow impingement
containing hot gas.

No other experimental or numerical studies on squealer tip flow
and heat transfer are available in the current literature. The exist-
ing literature, however, contains many experimental and numeri-
cal investigations on the flow field in and around turbine blade
plane-tip models. Studies by Bindon and Morphus@6# and Bindon
@7# have contributed to the general understanding of tip leakage
flow patterns. Moore et al.@8# also contributed to the understand-
ing of the flow field through tip gaps. Yaras and Sjolander@9#
studied the effect of simulated rotation on tip leakage and found
that rotation causes a significant reduction in the gap mass flow
rate. Sjolander and Cao@10# studied the flow field in an idealized
turbine tip gap. Kaiser and Bindon@11# investigated a quantitative
analysis of the effects of tip clearance, tip geometry, and multiple
stages on turbine stage efficiency in a rotating turbine rig environ-
ment. Other works studied the effect of tip clearances on leakage
and efficiency loss prediction. Several heat transfer studies are
available on turbine blade plane-tip models. Mayle and Metzger
@12# did the earliest study on rectangular plane-tip model heat
transfer. Metzger et al.@13# used several heat flux sensors to mea-
sure local tip heat fluxes on the flat tips at two different tip gaps in
a rotating turbine rig. They also provided a numerical model to
estimate tip and shroud heat transfer. Ameri and Steinthorsson
@14,15# predicted rotor blade tip and shroud heat transfer for a
SSME~Space Shuttle Main Engine! turbine. Ameri et al.@16# also
predicted the effects of tip clearance and casing recess on heat
transfer and stage efficiency for several squealer blade-tip geom-
etries. Most recently, Ameri and Bunker@17# performed a com-
putational study to investigate detailed heat transfer distributions
on the blade tip surfaces of a large power generation turbine.
Bunker et al.@18# studied the flow and heat transfer on the plane-
tip in a three-blade linear cascade. Azad et al.@19# also studied
flow and heat transfer on the plane tip in a five-blade linear cas-
cade. The plane-tip heat transfer results from Azad et al.@19# are
compared with the squealer tip results in this study.

With the development of supercomputers, numerical investiga-
tions are playing an increasingly important role in the study and
design of turbine blade tip flow and heat transfer. Without reliable
experimental data, however, the numerical models could not be
validated and properly employed in the design and analysis of
blade tip heat transfer and flow field. This study will fulfill the
need for experimental heat transfer data on a gas turbine squealer
blade tip. These will be the first experimental data available in the
open literature with complete information on the pressure and heat
transfer on the squealer tip of a gas turbine blade tip profile
(GE-E3) whose profile geometry is open to the public domain.
The test section used for this study is a five-blade linear cascade,
with the three middle blades having a variable tip gap, and the
center blade having a squealer tip. The tip profile used here rep-
resents a first-stage rotor blade tip of a modern aircraft gas turbine
engine (GE-E3). Systematic pressure measurements in the near-
tip region and on the shroud surface, and heat transfer measure-
ments on the blade-tip surface, are done for a 3.77 percent tip
recess and a tip gap clearance of 1, 1.5, and 2.5 percent of the
blade span. Two inlet free-stream turbulence intensity levels are
also considered. The effect of unsteady wakes, shock waves, and
blade rotation, which may be important in real operating condi-
tion, is not considered here. However, it provides a basic infor-

mation of heat transfer and pressure distribution on a gas turbine
squealer blade tip. These data are presented in a standard format
with standardized boundary conditions that could also be used by
numerical people in the gas turbine community.

Experimental Setup
Measurements are done in a stationary blow down facility with

a five-bladed linear cascade. A detailed description of the facility
is given in Azad et al.@19#. The facility is capable of maintaining
a steady flow at the cascade inlet~velocity variation within63
percent! for one-minute period. A small gap is maintained at the
junction of the blade cascade and the inlet flow loop to trip the
boundary layer. This location for the boundary layer trip is 26.7
cm upstream from the center blade leading edge. A turbulence-
generating grid of 57 percent porosity is also placed at this loca-
tion for high turbulence tests. The turbulence grid is composed of
12.25-mm-wide square bars with 33.02327.94 mm opening be-
tween bars. Hot-film anemometry measurements, using a TSI
IFA-100 unit, show that the free-stream turbulence intensity at a
distance of 6 cm upstream from the blade leading edge is 6.1
percent without the turbulence grid and 9.7 percent with the tur-
bulence grid. Turbulence length scale is estimated to be 1.5 cm for
9.7 percent turbulence case, which is slightly larger than the tur-
bulence grid size.

The five-bladed linear cascade has 4-flow passages. The two
far-end blades work as guide vanes and the outside wall, and the
center blade work as a test blade. Figure 1 shows the test cascade
model. The cascade inlet dimensions are 31.1 cm wide and 12.2
cm high ~span!. Each blade has a 12.2 cm span and a 8.61 cm
axial chord length. This dimension is three times~3X! the dimen-
sions of a GE-E3 blade profile. The blades are made of aluminum
and are EDM machine finished. The test section’s top, bottom,
and sides are made of 1.27-cm-thick clear Polycarbonate~Lexan!;
however, a 1.2-cm-thick clear acrylic replaces the top cover plate
~shroud! for heat transfer tests, to facilitate the best optical access
to the test blade~center blade!. Two separate but identical blades
are used for both the pressure and heat transfer measurements.

Fig. 1 Test section with five-bladed cascade
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Each blade has a constant cross section for the entire span and
represents the tip section of an aerodynamic turbine blade. Figure
2 represents the blade tip configuration in the cascade. The blade
leading edge pitch~p! is 9.15 cm and the axial chord length is
8.61 cm. The throat diameter at the point of minimum distance
between two blades is 4.01 cm, which, with a span of 12.2 cm,
gives a throat aspect ratio of about 3. The inlet flow angle to the
test blade is 32.01 deg and the exit angle is 65.7 deg, giving a total
turning of 97.71 deg. The center blade has a 4.6 mm recess~depth
of the cavity, H!, which is 3.77 percent of the blade span~12.2
cm!. A tip gap ~C! is maintained between the tip and shroud
surfaces as shown in Fig. 2. The tip gaps used for this study are
1.31 mm, 1.97 mm, and 3.29 mm, which correspond to about 1,
1.5, and 2.5 percent of the blade span~12.2 cm!. Hard rubber
gaskets of desired thickness are placed on top of the sidewalls, the
trailing edge tailboards, and the two outer guide blades to create
tip gaps of desired height.

The pressure tap blade is made of aluminum with several sets
of pressure taps as shown in Fig. 3. The pressure taps are placed
on both the pressure and suction surfaces. Pressure taps are also
placed on the shroud surface opposite the blade tip surface to
measure the pressure distribution on the shroud surface. Each
pressure tap tubing has an outer and inner diameter of 1.65 mm
and 1.35 mm, respectively. The tap holes~1.35 mm diameter! are
located in the midspan~50 percent of blade height! of the blade, at
a height of 80, 90, and 97 percent of the span as measured from
the base of the blade. A total of 52 pressure taps measure the
shroud surface pressure. One set of pressure taps is located around
the tip perimeter and along the mean camber line, and a second set
of taps is located 12.52 mm outside the tip edge. No pressure taps
are placed on the tip surface. These pressure distributions are
useful in estimating the tip leakage flow.

Figure 4 represents the heat transfer blade. The lower portion of
the blade is made of aluminum for structural rigidity against the
aerodynamic forces present during the tests. The upper portion of
the blade has an inner aluminum core and an outer shell made of
black polycarbonate with a low value of thermal conductivity for
transient liquid crystal test. The polycarbonate tip has a 4.6-mm-

deep cavity and a 2.3-mm-thick rim. The base thickness of the
polycarbonate shell underneath the cavity is 6.35 mm and the wall
that surrounds the inner aluminum core has a thickness of 3.175
mm. The polycarbonate shell is closely fitted with the inner alu-
minum core. The shell is also glued to the inner core through the
rim contact surface for better rigidity. Three cartridge heaters are
embedded into the inner core. The cartridge heaters provide heat-
ing to the aluminum core, which in turn heats the outer polycar-
bonate shell. The blade is fastened to the bottom endwall with
screws.

The usual operating condition for this cascade is set at an inlet
total pressure of 143 kPa, an exit average static pressure of 108.3
kPa, which gives an overall blade pressure ratio of 1.32. The mass
flow rate through the cascade is about 5.9 kg/s. During the blow-
down test, the inlet air velocity is kept at about 85 m/s; the exit air
velocity at 199 m/s, and the corresponding Reynolds number of

Fig. 2 Blade tip and shroud definition

Fig. 3 Pressure tap locations on blade and shroud

Fig. 4 Heat transfer blade
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1.13106 based on axial chord length and exit flow velocity. The
corresponding Mach numbers at the inlet and exit are 0.25 and
0.59, respectively.

Flow Condition in the Cascade and Pressure Measure-
ment

The flow patterns at the cascade inlet and exit plane, and
through the suction and pressure side passages of the test blade
are measured. The detailed measurement is described in Azad
et al. @19#. The inlet and exit flow pattern is represented by the
coefficient of pressure (Cp). The coefficient of pressure is defined
as:

Cp5
Pt2P

Pt2Pavg

Here,Pavg is the average static pressure as measured by the inlet
~or exit! plane pressure taps,Pt is the total inlet pressure, andP is
the local static pressures as measured by the inlet~or exit! pres-
sure taps. ThisCp actually represents a nondimensional velocity
field, which is important for a quick review of the velocity field
pattern. Figure 5~a! represents theCp at the cascade inlet and the
exit plane. The measurement planes are selected upstream from
the leading edge and downstream from the trailing edge at a dis-
tance of 25 percent of the blade span. The axial distance is mea-
sured from the outermost tap location toward the innermost tap
~cascade outer and inner sidewalls are labeled in Fig. 1!. Figure
5~b! shows pressure distributions at a 50 percent height of the
blade span on the center blade and the two nearby blades. For Fig.
5~b!, the local axial position is normalized by the axial chord
length. The multiple data points in Fig. 5~a! and 5~b! represent the
variation in repeated tests. The result shows that the flow patterns
in the two passages are almost identical.

Static pressures are also measured at 80, 90, and 97 percent
height of the blade span on both theP/S andS/S, and also on the
shroud surface. Pressures are recorded with a 48-channel Scani-
valve System coupled with LabView 5.0 software. LabView dis-
carded all data that fell outside the initial mean61.5 standard
deviation. It then recorded the mean value of the screened data.
Every pressure measurement is repeated at least three times to
reduce operating uncertainty and to verify the repeatability of the
data. The blow-down facility is capable of giving a steady flow
~the velocity variation is within63 percent! for about one minute.
The scanivalve can step through all 48 channels in this one minute
to capture the pressure data. Figure 6 shows the ratio of the total
to local static pressure distributions on theP/S and theS/S at
different height of blade span for 1.97 mm~1.5 percent of the
span! tip gap and inlet Tu56.1 percent only. The ratio of pressure
distribution (Pt /P) is presented as a function of normalized axial
distance (X/Cx). A higher value ofPt /P corresponds to a lower
static pressure, while a lower value corresponds to a higher static
pressure. The static pressure difference between theP/S and the
S/S is the main driving force for the leakage flow. Figure 6 clearly
shows that the maximum static pressure-difference occurs at a
distance of 20–30 percent of the axial chord from the leading
edge at 50 percent of the blade span. This location of maximum
pressure difference has shifted toward the TE at 97 percent of the
blade span, and the maximum static pressure difference occurs at
about 40–50 percent of the axial chord from the LE. This shift is
because of the leakage flow through the tip gap.

Figures 7~a!, ~b!, ~c!, and ~d! show the ratio of total to local
static pressures (Pt /P) contours on the shroud surface for three
different tip gaps at Tu56.1 percent. Figures 7~a!, ~b!, and~c! are
for the squealer tip at 1, 1.5, and 2.5 percent tip gap, while 7~d! is
for the flat tip at 1.5 percent tip gap. This contour plot helps
explain the heat transfer results on the tip surface. The small
circles on the contour plots represent the pressure tap locations
relative to the tip. The pressure taps along the tip perimeter are
connected by a line to indicate the tip dimension. A smallerPt /P
value means higher static pressure, while a larger value means a
lower static pressure. This pressure ratio distribution clearly dem-
onstrates the tip leakage flow path. The lowerPt /P value on the
P/S indicates that the leakage flow enters the tip gap at this loca-
tion, while the higherPt /P value on theS/S indicates that the
leakage flow exits the tip through this location. The flow situation
in the squealer tip case represents a flow field inside a cavity. In
the flow path through the tip gap, a separation vortex generates as
the flow separates at the pressure side rim. The flow reattaches
inside the cavity and separates again when it exits through the
suction side rim. Ameri et al.@5# also predicted this phenomenon.

Fig. 5 „a… Coefficient of pressure at inlet and exit plane; „b…
pressure distribution at midspan on the test blade and two
nearby blades

Fig. 6 Pressure distributions from midspan to near-tip loca-
tions for CÄ1.5 percent and Tu Ä6.1 percent
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The flat tip case in Fig. 7~d! shows a higher value ofPt /P near
the midsuction side, which indicates a very low static pressure in
this region. For the same tip gap, the squealer tip in Fig. 7~b!
shows a much higher static pressure. This means that the leakage
flow rate through the flat tip gap is higher than the squealer tip for
the same tip gap. The flat tip case also shows that the lower static
pressure extends toward the trailing edge through the camber line,
thus leading the flow toward the trailing edge. However, the lower
static pressure occurs toward the suction side near the leading
edge in the squealer tip. Thus, the leakage-flow direction shifts
toward the leading edge. This may result in a higher heat transfer
coefficient in the cavity toward the leading edge than the flat tip
case. There is not much apparent difference between the pressure,
distributions at the 1 and 1.5 percent tip gaps as shown in Figs.
7~a! and 7~b!. However, an appreciable difference is observed
between 1 and 2.5 percent tip gaps.

Heat Transfer Measurement and Results
A threshold intensity method of transient liquid crystal tech-

nique is used. The liquid crystals used in this study are wide band
30 to 35°C crystals made by Hallcrest~R30C5W!. The blade tip
surface is initially coated with a thin layer of thermochromic liq-
uid crystals, and the blade is fastened in the test cascade with the
top acrylic cover in place. The cartridge heaters are turned on for
three hours. The cartridge heaters heat the inner aluminum core of
the test blade, and the aluminum core, in turn, heats the polycar-
bonate shell to a desired steady initial temperature of about 60°C.
The tip cavity and rim surface initial temperatures are measured
by thermocouples placed at 25 discrete locations. Two thermo-
couples are also placed on the suction and pressure side near-tip

region toward the trailing edge. These two thermocouples work as
a reference to check the initial tip surface temperature during the
heat transfer test. This process of heating the blade and measuring
the initial temperature is repeated several times before the final
heat transfer test to ensure repeatability of the recorded initial
temperature. The initial temperature is very uniform~within 2°C!
throughout the tip cavity surface, except near the trailing edge
region and the rim. These temperatures are then interpolated to get
an initial temperature map on the whole surface. For heat transfer
test, the thermocouples from the tip surface are removed. The
blade is then washed and resprayed with liquid crystals. The blade
is put back in the cascade and the cartridge heaters are turned on
for three hours as before. A region of interest~ROI! is selected
and a background light intensity is corrected based upon the light-
ing conditions on the ROI. This region of interest~ROI! is the
data collection region. The system is ready for the blow-down test
once the lighting, threshold, and initial temperature are set. One
test is done per day in a controlled environment~test cell doors are
closed and the room temperature is controlled!. The reference
thermocouples check the initial surface temperature during a heat
transfer test. Each heat transfer test is done at a present flow
condition at which the pressure measurement is made. Precise
coordination of the image processing system and the flow is criti-
cal, since the heat transfer experiments are performed at transient
conditions. Thermocouples placed at the cascade inlet provide the
free-stream temperature, which is about 24°C. The blade surface
color change is monitored using an image processing system. The
camera captures the color change transition time from green to the
onset of red through Optimas 3.0, an image processing software.
The same software translates the captured image into a data file.
The test duration is small enough~;10–30 s! to consider a semi-
infinite solid assumption. The local heat transfer coefficient on the
blade tip surface is then calculated, assuming a one-dimensional
transient conduction into a semi-infinite solid surface with a con-
vective boundary condition using the following equation:

Tw2Ti

T`2Ti
512expS h2at

k2 DerfcS hAat

k D
Here, Tw (30°C), Ti (60°C), T} (24°C), t (;10– 30 s),
k (0.18 W/m K), anda are known. The experimental uncertainty
is measured using the methods of Kline and McClintock@20#. The
uncertainty of the local heat transfer coefficient measured by this
method is estimated to be67.9 percent or less. This uncertainty
estimation does not include the effect of two-dimensionality near
the edges. Note that the acrylic blade material~polycarbonate! has
a very low thermal conductivity of 0.18 W/m K. The liquid crystal
color change transition occurs at the surface, which is kept at a
uniform initial temperature. The test duration is also smaller
~;10–30 s! than the time required for the temperature to penetrate
the full thickness of the insulating acrylic material. Thus, a one-
dimensional transient, semi-infinite solid assumption is valid
throughout the surface, except near the edges. Due to this one-
dimensional, assumption, the results at the tip edges are less reli-
able, and may suffer more uncertainty than the reported value
because of the existing two-dimensional conduction effect.

The heat transfer coefficient measurements are done for the
three cases of tip gaps and at two different turbulence intensities.
The local heat transfer coefficient distributions for the squealer tip
are presented in Figs. 8~a!–~c!. For comparison, the result from
Azad et al.@19# for the flat tip case at 1.5 percent tip gap is also
presented in Fig. 8~d!. The distribution clearly shows various re-
gions of low and high heat transfer coefficients on the tip cavity
and rim surface. The magnitude of the heat transfer coefficient
varies from 350 to 1150 W/m2 K inside the cavity and on the
trailing edge portion downstream of the cavity. However, the heat
transfer coefficient on the rim is much higher at about 1100 to
1700 W/m2 K. We present the plots in the range of 400–1100
W/m2 K to clearly distinguish different lower and higher heat
transfer zones inside the cavity. The average heat transfer coeffi-

Fig. 7 Pressure ratio distribution on the shroud surface
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cient values on the rim are presented separately in a line plot to
show the magnitude of the heat transfer coefficient on the rim.
The flat tip result in Fig. 8~d! shows that a very low heat transfer
coefficient region exists near the leading edge suction side. In the
midchord region, the heat transfer coefficient is higher toward the
pressure side than the suction side, while the trailing edge has a
lower heat transfer coefficient. Upon comparison of the flat tip
result of Fig. 8~d! with the squealer tip result in Fig. 8~b! for the
same tip gap, a higher local heat transfer coefficient is observed
on the bottom of the cavity toward the leading edge. The local
heat transfer coefficient in the trailing edge region is also higher
than the flat tip case. The heat transfer coefficient on the pressure
side rim is comparable to the flat tip case, while the suction side
rim shows a higher heat transfer coefficient than the flat tip case.
On the cavity bottom, the heat transfer coefficient is higher in the
upstream-central region; however, it is much lower in the mid-
chord region toward the pressure side and downstream-end of the
cavity toward the trailing edge. A recirculating dead-flow zone is
observed far downstream at the end of the cavity surface. Leakage
flow may be entrapped in this narrow region, which causes the
heat transfer coefficient to be the lowest in this region. The leak-
age flow may have an impingement effect on the cavity surface. It
separates on the pressure side rim and may reattach inside the
cavity surface. Thus, a higher heat transfer coefficient is observed
on the central upstream region of the cavity bottom. The high heat
transfer on the rim may be due to the flow entrance and exit effect.
The leakage spills out of the cavity and exits through the suction
side rim and the trailing edge. This may cause more mixing, re-
sulting in a higher heat transfer coefficient in the suction side rim
and the trailing edge than the flat tip case.

The effect of tip gap from 1.5 to 1 and 2.5 percent is reflected
in Figs. 8~a! and~c!. This figure clearly shows that the tip gap has
a significant effect on the local heat transfer coefficient. A larger
tip gap results in an overall higher heat transfer coefficient, while
a smaller tip gap results in a lower heat transfer coefficient. This is
because a larger tip gap increases the amount of tip leakage flow,
while a smaller tip gap decreases it.

The effect of inlet turbulence intensity from 6.1 to 9.7 percent
is shown in Figs. 9~a!–~d!. The flat tip result in Fig. 9~d! at 9.7
percent turbulence intensity shows a similar trend but a higher
magnitude of heat transfer coefficient than the 6.1 percent turbu-
lence case, as shown in Fig. 8~d!. The squealer-tip results in Figs.
9~a!–~c! at 9.7 percent turbulence intensity show a similar heat
transfer distribution trend as that in Figs. 8~a!–~c! at the low tur-
bulence level of 6.1 percent. The magnitude of the heat transfer
coefficient at the cavity bottom is almost the same as in the low
turbulence case of 6.1 percent. The cavity rim and the trailing
edge region, however, show a higher value. A higher turbulence
does not increase the magnitude of the tip leakage; however, it
increases the flow fluctuations. The tip gap from 1.5 to 1 percent
and 2.5 percent has an effect similar to that in the low turbulence
case. However, the turbulence effect is more prominent at the
larger tip gap of 2.5 percent.

No experimental data are available in the literature to compare
with this result, except for rectangular tip model cavity heat trans-
fer data of Metzger et al.@1#. Metzger et al.@1# found very high
heat transfer coefficient on the rim of the upstream~pressure side!
and downstream wall~suction side!, and these have the same
magnitude as in the rectangular flat tip surface. They reported a
low heat transfer coefficient on the bottom of the cavity compared
to the rectangular flat tip case. The cavity midfloor showed higher
heat transfer coefficient than the upstream and downstream end of
the cavity. Ameri et al.@15# presented a numerical heat transfer
result on the squealer tip of a full rotating GE-E3 blade for a 2 and
3 percent cavity recess with a 1 percent tip gap case. They ob-
served that the heat transfer on the bottom of the cavity is higher
than the flat~smooth! tip case. The pressure side rim showed a
similar level, but the suction side rim showed a higher level of
heat transfer when compared with the flat tip case. The trend of
our experimental data agrees well with results predicted by@5#. It
also agrees somewhat with data of@1#. We observed that at the
bottom of the cavity, toward the central upstream region, the heat
transfer coefficient is higher compared to the flat tip case, while it

Fig. 8 Heat transfer coefficient at Tu Ä6.1 percent
Fig. 9 Heat transfer coefficient at Tu Ä9.7 percent
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is much lower toward the downstream region and pressure side of
the cavity bottom. The pressure side of the cavity rim shows a
similar level of heat transfer coefficient compared with the flat tip
case, while the suction side rim and the blade trailing edge region
show higher heat transfer coefficients when compared with the flat
tip case. The heat transfer coefficient in the front-central portion
of the cavity is higher than the surrounding area and the trailing
side of the cavity.

The averaged heat transfer coefficients are presented in Figs.
10~a! and ~b! for the three different tip gaps and at 6.1 and 9.7
percent turbulence intensities, respectively. The averaged heat
transfer coefficient is calculated and plotted as a function of nor-
malized axial distance from the leading edge. The result shows
that the heat transfer coefficient inside the cavity and on the rim
increases with tip clearance. For each tip gap case, the heat trans-
fer coefficient inside the cavity initially increases slightly along
the axial chord, then levels off and decreases toward the down-
stream edge. The highest heat transfer coefficient is observed on
the rim at the leading edge. The heat transfer coefficient on the
suction side rim is higher up to the midchord than the pressure
side rim, the pressure side rim then shows a higher heat transfer
coefficient than the suction side rim. Turbulence has a greater
effect on the pressure side rim and the trailing edge than the
cavity. As seen in Fig. 10~b!, this effect is prominent at larger tip
clearances.

Conclusions
This study investigated the effect of tip gap and inlet turbulence

intensity on detailed local heat transfer coefficient on the squealer
tip surface of a gas turbine blade. The result is also compared with
the flat tip case. The blade tip model is a two-dimensional profile
of an E3 blade of an aircraft gas turbine engine with a 3.77 percent
cavity recess. A transient liquid crystal technique is used to detail
heat transfer measurements. Pressure distributions in the near-tip
region and on the shroud surface provide complementary informa-
tion explaining the local heat transfer behavior on the tip surface
in a five-blade stationary linear cascade. A typical operating con-
dition having a Reynolds number based on airfoil axial chord and
an exit velocity of 1.13106 and an overall pressure ratio of 1.32 is
used to measure the pressure and heat transfer coefficients. The
major findings are:

1 Detailed measurements provide a better understanding of the
local heat transfer behavior on the blade tip surface.

2 The pressure measurements in the near tip and on the shroud
surface provide complementary information of the tip leakage
flow pattern. These pressure data provide a basis for determining
the tip leakage flow, and they also explain the heat transfer results.
This detailed pressure and heat transfer measurement also pro-
vides a reference for further experimental or computational study.

3 Different heat transfer regions exist on the cavity surface.
The front-central portion of the cavity surface contains a high heat
transfer region, while a low heat transfer region exists around this
region and toward the downstream of the cavity.

4 A higher heat transfer coefficient exists on the rim surface
because of the entrance and exit effect. The trailing edge region
also contains a high heat transfer coefficient.

5 A larger tip gap results in a higher heat transfer coefficient,
while a smaller tip gap results in a lower heat transfer coefficient.
This is because a larger tip gap increases the magnitude of the tip
leakage flow, while a smaller tip gap decreases it.

6 An increase in the inlet turbulence intensity level from 6.1
percent to 9.7 percent slightly increases the heat transfer coeffi-
cient along the pressure side rim and the trailing edge region.

7 The heat transfer coefficient in a squealer tip is higher near
the central upstream end of the cavity and the trailing edge region,
while it is much lower in the midchord toward the pressure side
and downstream end of the cavity when compared to the flat tip
case. The squealer tip cavity rim has the same level of heat trans-
fer coefficient on the pressure side but a higher heat transfer co-
efficient on the suction side when compared to the flat tip case.
However, the squealer tip provides an overall lower heat transfer
coefficient when compared to the flat tip case.
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Nomenclature

C 5 tip clearance gap
Cp 5 coefficient of pressure
Cx 5 axial chord length of the blade58.61 cm

h 5 local convective heat transfer coefficient, W/m2 K
H 5 cavity depth~recess!, mm
k 5 thermal conductivity of blade tip material50.18 W/m K

LE 5 leading edge of the blade
P 5 local static pressure

Fig. 10 Averaged heat transfer coefficient at: „a… TuÄ6.1 per-
cent; „b… TuÄ9.7 percent
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Pavg 5 averaged static pressure
Pt 5 total pressure at the inlet

P/S 5 pressure side of the blade
S/S 5 suction side of the blade

t 5 transition time for liquid crystal color change
T 5 thickness of the rim, mm

TE 5 trailing edge of the blade
Ti 5 initial temperature of the blade tip surface
T` 5 mainstream temperature of the flow
Tw 5 color change temperature of the liquid crystal, green-to-

red
Tu 5 turbulence intensity level at the inlet
X 5 axial distance, cm
a 5 thermal diffusivity of tip material51.2531027 m2/s
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Recommendations for Achieving
Accurate Numerical Simulation of
Tip Clearance Flows in Transonic
Compressor Rotors
The tip clearance flows of transonic compressor rotors are important because they have
a significant impact on rotor and stage performance. A wall-bounded shear layer formed
by the relative motion between the overtip leakage flow and the shroud wall is found to
have a major influence on the development of the tip clearance flow field. This shear
layer, which has not been recognized by earlier investigators, impacts the stable operat-
ing range of the rotor. Simulation accuracy is dependent on the ability of the numerical
code to resolve this layer. While numerical simulations of these flows are quite sophisti-
cated, they are seldom verified through rigorous comparisons of numerical and measured
data because these kinds of measurements are rare in the detail necessary to be useful in
high-speed machines. In this paper we compare measured tip-clearance flow details (e.g.,
trajectory and radial extent) with corresponding data obtained from a numerical simula-
tion. Laser-Doppler Velocimeter (LDV) measurements acquired in a transonic compres-
sor rotor, NASA Rotor 35, are used. The tip clearance flow field of this transonic rotor is
simulated using a Navier–Stokes turbomachinery solver that incorporates an advanced
k–« turbulence model derived for flows that are not in local equilibrium. A simple method
is presented for determining when the wall-bounded shear layer is an important compo-
nent of the tip clearance flow field.@S0889-504X~00!02504-6#

Introduction
Tip clearance flows are of great engineering importance when

designing modern axial fans and compressors because of their
large impact on pressure rise, efficiency, and stability@1–3#. In
recent years Navier–Stokes~NS! codes have become a common
component of most modern design systems and attention has
turned toward obtaining accurate clearance flow simulations using
these codes. Detailed measurements obtained in 1994 on NASA
Rotor 37 provided the turbomachine flow simulation community
with the data necessary for CFD code assessment in the blade tip
region of transonic compressors. These measurements have been
used in code assessment efforts organized by ASME@4# and
AGARD @5,6#. Suder and Celestina@7#, Chima @8#, Gerolymos
and Vallet @9#, and others have also used these measurements
specifically to assess the accuracy of rotor tip clearance flow
predictions.

A general recommendation coming from these exercises is that
turbulent transport models result in more accurate clearance flow
simulations than algebraic mixing length turbulence models be-
cause of the multiple length scales that exist in the clearance flow
region. However, no clear recommendations about the grid topol-
ogy or grid resolution required for accurate simulation of the tip
clearance flow have yet emerged.

Whether or not accurate clearance flow simulations require
gridding of the tip clearance gap at all, and if so how much grid-
ding, is still an open issue. Currently there are three general meth-
ods for treating the tip clearance gap:~i! assuming flow periodic-
ity across a nongridded region above the blade tip@10#; ~ii !
rounding the blade tip by distorting an H-type grid to fill the gap
over the blade@11#; ~iii ! fully gridding the gap with a separate grid
block. The ability to obtain accurate simulations with minimal or

no gridding is desirable because gridding the gap requires in-
creased computational resources due to the added complexity of
multiple grid blocks and also increases the total number of grid
points ~30,000 additional grid points by Chima and 270,000 by
Gerolymos and Vallet!.

The objectives of the present effort are as follows:

• Determine the grid topology and density that result in an
accurate simulation of the tip clearance flow.

• Assess the impact of grid topology on rotor operating range
and performance predictions.

These objectives are met using a three-dimensional Navier–
Stokes solver that incorporates an advancedk–« turbulence
model derived for flows that are not in local equilibrium. Predic-
tions are compared to laser anemometer data acquired at several
axial locations within the blade passage of a transonic compressor.
The laser data used in the present investigation provide a more
complete view of clearance flow development than possible with
the NASA Rotor 37 data used by previous investigators.

Experiment
LDV measurements were acquired in the NASA Lewis single-

stage axial-flow compressor facility using NASA Rotor 35 oper-
ating in a rotor-only~no stator! configuration. The rotor has 36
blades, a hub–tip radius ratio of 0.70, an aspect ratio of 1.19, a tip
solidity of 1.3, and an axial chord of 4.12 cm at the hub. The
design and blade coordinates are found in@12#. Data were ac-
quired at a tip speed of 363 m/s~80 percent design speed! at the
near-peak efficiency operating condition. The total pressure ratio
and efficiency at this operating condition are 1.44 and 92 percent,
respectively. This operating condition was dictated by require-
ments for rotor/stator matching in a follow-on stage investigation
as reported by Van Zante et al.@13#.

The nominal tip clearance as measured with touch probes was
0.74 mm, which corresponds to 1.3 percent of rotor tip chord and
1 percent of rotor leading edge span. The touch probes only mea-
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sure the ‘‘tallest’’ blade and provide no information about how
similar the tallest blade is to the majority of blades or about the
magnitude of variations in blade height. Blade heights for Rotor
37 were measured at the completion of testing as part of the
ASME test case geometry documentation. In the present investi-
gation, blade height uniformity is most important at the rotor lead-
ing edge, since this is the region that most influences the clearance
flow. For Rotor 37, 21 of the 36 blade heights were within 0.051
mm ~7 percent nominal gap height! of each other at the leading
edge, which indicates good blade-to-blade uniformity. The differ-
ence in height between the tallest blade and the average of the
group of 21 was 0.076 mm~10 percent nominal gap height!. This
indicates that the clearance value determined from the tallest
blade is representative of that for the majority of blades for Rotor
37. Since Rotors 37 and 35 were designed and manufactured at
the same time, the results of the Rotor 37 blade height measure-
ments are considered representative for Rotor 35. In addition, de-
tailed analysis of LDV measurements from individual blade pas-
sages~which is not presented herein! indicates no strong passage-
to-passage flow field variations near the blade tip. The results
presented herein, which are based on measurements and predic-
tions for an ‘‘average’’ blade passage, are therefore considered to
be representative of individual blade passages as well.

The compressor rotor massflow was measured using a cali-
brated orifice plate located far upstream of the compressor. Per-
formance measurements were acquired using conventional static
pressure and total pressure/temperature probes located upstream
and downstream of the rotor. Overall performance was calculated
by mass-averaging total temperature and energy-averaging total
pressure across the annulus@12,13#. Measurement uncertainties
are: massflow60.3 kg/s, flow angle60.5 deg, total pressure
6100 Pa, total temperature60.6 K.

A large window, which conformed to the three-dimensional
shroud contour, provided optical access to the flowfield from one
rotor chord upstream of the rotor to two rotor chords downstream.
LDV measurements were made in detail in the outer 20 percent of
span; see Fig. 1. Streamsurface surveys~1 symbols! were ac-
quired at 73, 83, and 92 percent span. Cross-channel surveys~dia-
mond symbols! were acquired near the leading edge, and at 33,
53, 72, and 92 percent rotor chord. Although the stator was not
installed, measurements were also acquired at the axial locations
corresponding to mid-rotor/stator gap and to the stator leading
edge to assess what the tip flow field would be at these locations
in the stage environment. The uncertainty in the LDV measure-
ments is approximately61.0 m/s for absolute velocity and60.5
deg in absolute flow angle.

The LDV was configured as a two-channel laser system that

acquired axial and tangential velocities simultaneously. For each
velocity measurement the rotor position was determined from a
shaft angle encoder and the data placed into the window corre-
sponding to that shaft angle position. There were 184 windows
across one rotor blade pitch. Typically 40,000 to 60,000 indi-
vidual velocity measurements were acquired for each survey
point. Since the measurements were not evenly distributed over all
of the windows, the total number of measurements was chosen so
as to insure that there was a minimum of 30 measurements in any
window. The LDV data were ensemble averaged using one rotor
blade pitch as the length scale. See Strazisar et al.@14# for more
detail on the LDV data acquisition and reduction technique.

LDV Data
Figure 2 shows contours of axial velocity for the 92 percent

span streamsurface, which illustrate the lower extent of the flow-
field region impacted by the tip clearance flow. Axial velocity is
chosen here since the footprint of the clearance flow shows most
clearly as gradients in axial velocity on this streamsurface. The
projection of the clearance flow trajectory as determined from a
detailed analysis of the measurements acquired across the blade
pitch at different axial locations is superimposed on the contours
as a dashed line. A passage shock can clearly be seen in the figure.
Although the rotor is operating near peak efficiency, the shock is
spilled forward of the leading edge because the rotor is operating
at a part-speed condition.

Cross-channel contour plots of the absolute tangential velocity
over the outer 20 percent of the blade span, Fig. 3, provide a more
quantitative view of the trajectory and radial extent of the clear-
ance flow. The clearance flow appears as a region of high absolute
tangential velocity.

The clearance flow pattern immediately downstream of the
clearance flow/shock interaction that occurs near midpitch is
shown on the cross-channel plane at 33 percent rotor chord. The
tip clearance flow extends radially to 92 percent span. This radial
extent remains relatively constant as the clearance flow convects
downstream. Farther downstream the clearance flow migrates to-
ward the pressure surface of the adjacent blade, but does not ac-
cumulate on the pressure surface, as shown by the data at 92
percent chord. The tip clearance flow then merges with the rotor
wake downstream of the rotor as shown by the data acquired at
the mid-rotor/stator gap location in Fig. 3~note the color scale
change!.

Also visible at 92 percent chord is a second region of elevated
tangential velocity adjacent to the suction surface of the blade at
the tip. This region is formed when clearance flow fluid from the
adjacent passage leaks across the blade tip. We will refer to this
feature as the secondary clearance flow to distinguish it from the
primary clearance flow that accumulates in the pressure-surface/
shroud corner of the passage. The secondary clearance flow is also
visible at the mid-rotor/stator gap axial location and has migrated
toward the pressure side of the adjacent blade passage. The sec-
ondary clearance flow was first identified by Suder and Celestina
@7# in measurements and simulations of part-speed operating con-
ditions in NASA Rotor 37. They attributed its presence to the
entrainment of radially migrating suction surface boundary layer
fluid by the overtip leakage flow in the rear of the blade passage.
This secondary clearance flow is also present in the Rotor 37
design-speed simulation of Gerolymos and Vallet@9#, who also
predicted suction surface boundary layer migration near the tip of
the blade. However, blade boundary layer migration is not pre-
dicted by any of our simulations. The secondary clearance flow
therefore appears to be generic, is due to overtip leakage flow in
the rear portion of the blade passage, and is not dependent on
migration of suction surface boundary layer fluid.

Navier–Stokes Simulations
Three-dimensional time-averaged Navier–Stokes simulations

of the flow through the compressor rotor were generated using theFig. 1 LDV measurement locations for Rotor 35
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Average Passage code~APNASA Version 1.11! developed by
Adamczyk @15#. The turbulence model used in the simulations
was developed by the Center for Modeling of Turbulence and
Transition~CMOTT! at NASA Lewis and is a refinement of the
standardk–« model. This refined model overcomes some of the
deficiencies of the standardk–« model for flows that are not in
local equilibrium. Details of the model and its implementation in
the Average Passage code are discussed in@16#.

A NASTRAN analysis of the rotor was performed for the 80
percent speed peak efficiency operating condition at which the
LDV data were acquired so that the cold blade coordinates could
be corrected for pressure, temperature, and centrifugal load de-
flections. This corrected ‘‘as running’’ geometry was used for all
the Navier–Stokes simulations.

Shabbir et al.@17# showed that leakage flow from an axial gap
between the rotor disk and the nonrotating hub flowpath upstream
of the rotor can impact the axisymmetric flow over the entire span
of this rotor. This effect arises from pumping of the blind cavity
beneath this gap and is present even for zero net leakage flow
through the gap. This effect was therefore modeled in the present
work using Shabbir’s scheme with the assumption of a net leakage
of 0.25 percent of the throughflow, which Shabbir found to give
the best agreement between simulated and measured performance
at 80 percent speed.

While several grid methodologies are explored in this work, the
overall character of the grids is similar for each method with
variations between grids confined to the tip clearance region. A
sheared H-grid topology is used. The blade-to-blade grid, shown
in Fig. 4, is aligned with the blade camber angle near the leading
edge and slowly turns to axial far upstream of the blade. This grid
approximately follows the blade camber angle downstream of the
blade. The grid has 71 nodes along the blade chord, which in-
cludes 10 nodes each on leading and trailing edge circles, 67–75

Fig. 2 Contours of axial velocity „mÕs… on the 92 percent span
streamsurface from the LDV measurements. The clearance
flow trajectory is marked by the dashed line.

Fig. 3 Contours of tangential velocity „mÕs… at 33, 53, 72, and
92 percent rotor chord and midgap from the LDV measure-
ments

Fig. 8 Visualization of primary and induced clearance vortices
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nodes radially from the hub to the blade tip, and 51 nodes pitch-
wise. The axial grid density is doubled in the first 50 percent of
rotor chord~to an average node spacing of 1.32 percent chord! to
define the passage shock better.

Tip Grid Topology
Simulations were generated using several different grids in the

clearance gap region to determine the most accurate simulation
methodology. The grids and variations are summarized in Table 1
and Fig. 5. A uniform clearance of 1.3 percent chord is used for
all grids. These grids were designed to help resolve the following
issues:

• the effect of modeling versus gridding the tip clearance gap
• the effect of the near-shroud grid cell size in the radial direc-

tion

The baseline tip gridding scheme used in the present work is
that proposed by Kirtley et al.@10#. A view of this type of tip grid,
used in Configurations 1 and 3~see Table 1!, is shown in Fig.
5~a!. This efficient scheme uses a periodic boundary across a non-

gridded region over the top of the blade tip to treat the clearance
flow as an orifice flow with no change in mass, momentum, or
energy across the blade tip. The region from the blade tip to the
shroud is constructed by extending the grid from below the blade
tip to the shroud while maintaining the tangential thickness of the
blade. A benefit of this method is that it is simple to implement,
since it does not require a multiblock grid topology or solver.
Drawbacks include that the blade tip is implicitly assumed to be
square edged, the overtip leakage flow direction is assumed nor-
mal to the blade pressure surface~no chordwise movement of
clearance flow is allowed!, and a discharge coefficient must be
chosen to account for any vena contracta in the overtip leakage
flow.

Tip grid Configuration 2, shown in Fig. 5~b!, was generated to
investigate differences between a fully gridded tip gap and the
modeled gap treatment. This grid employs the same radial spacing
in the clearance gap as that used for Configuration 1. The blade
corners are rounded in this grid to avoid using a multiblock topol-
ogy. The blade corner radius used was approximately 0.1 mm.
This radius was measured on NASA Rotor 37@6#, which has the
same aspect ratio, blade chord, tip speed, and flowpath as Rotor
35. Since Rotors 35 and 37 are so similar in design, they can be
expected to exhibit the same blade tip erosion characteristics. The
Rotor 37 blade corner radius is therefore considered to be a good
approximation to the Rotor 35 corner radius.

To investigate the effect of the near-shroud grid density, a third

Fig. 4 Detail of rotor mesh at 50 percent span „every other grid
line is shown …

Fig. 5 Detail of mesh in the blade tip region

Table 1 Summary of clearance gap and grid topology varia-
tions investigated

Configuration
Number of
cells in gap

Gap gridded
or modeled

Radial grid spacing
in the clearance gap

1 8 modeled Constant cell size

2 8 gridded Same as Configuration 1

3 12 modeled Clustered at the shroud

4 12 gridded Same as Configuration 3
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grid ~Configuration 3! was generated with 12 grid cells nonuni-
formly spaced in the tip gap. This grid is shown in Fig. 5~c!. Grid
cells in the tip gap are clustered at the shroud and stretched toward
the blade tip to maintain nearly the same number of cells on the
blade span without violating standard grid stretching rules. This
results in a cell size in the radial direction at the shroud which is
only one-fourth of that used in Configuration 1 and a smooth
stretching ratio variation from the tip gap to the blade. The pitch-
wise and chordwise grid spacings remained identical to those used
previously. A fourth grid configuration~not shown! was generated
using the gap-grid topology of Configuration 2 with the 12 cell
nonuniform spacing of Configuration 3.

Chima@8# compared a fully gridded simulation of the tip gap to
a modeled simulation for Rotor 37 at design speed. The fully
gridded simulation indicated an expansion of the overtip leakage
flow around the pressure surface/blade tip corner which caused
the leakage flow to entirely fill the clearance gap. Gerolymos and
Vallet @9# found a similar result. Based on these studies, we as-
sume that a vena contracta does not exist in the overtip leakage
flow. A discharge coefficient of 1.0 is therefore used for all simu-
lations in which the gap is modeled.

Results

Near-Wall Grid Spacing Effects. Simulations generated
with tip grid Configurations 1 and 3 were compared to assess the
impact of the near-shroud grid spacing on simulation fidelity. So-
lutions for these two cases were converged to the same operating
condition near peak efficiency. The predicted tip clearance flow
trajectory and penetration are shown in Figs. 6 and 7, respectively.
The trajectory of the clearance flow is illustrated in Fig. 6 using
contour plots of the axial velocity on the grid plane corresponding
to the blade tip. The clearance flow is indicated by two areas of
low axial velocity: The shaded region denotes where the axial
velocity is less than zero in the primary clearance flow, while the
secondary clearance flow is identified as a locus of low axial
velocity near the blade trailing edge. Comparison between Figs.
6~a! and 6~b! indicates that the clearance flow trajectory is more
inclined in the streamwise direction when the near-shroud grid

spacing is reduced. The clearance flow no longer impacts the pres-
sure surface of the blade near midchord, but rather turns to be
more parallel to the pressure surface, which is in closer agreement
with the measured result shown in Fig. 2. This change in trajec-
tory is explained in a later section.

The radial penetration of the clearance flow is shown in Fig. 7.
Fluid from the primary clearance flow appears as a region of high
tangential velocity near the corner formed by the shroud and the
pressure surface in the rear of the rotor blade passage. Fluid from
the secondary clearance flow can also be seen in the suction sur-
face shroud corner. For Configuration 1~Fig. 7~a!!, the primary

Fig. 6 Axial velocity contours „starting at 0 m Õs with 20 m Õs
intervals … for the blade tip grid plane for configurations 1 and 3

Fig. 7 Tangential velocity contours „10 mÕs interval … for the outer 20 percent
of span on the cross-channel surface at 92 percent rotor chord for configura-
tions 1 and 3
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clearance flow fluid appears closer to the blade pressure surface
and has penetrated to lower immersions than shown by the mea-
surements in Fig. 3. Predicted results downstream of the rotor
~which are not shown here! indicate that the clearance flow
merges with the pressure side of the blade wake for Configuration
1 and mixes quite slowly downstream of the rotor. This behavior
does not agree with that observed in the measurements since the
data shown in Fig. 3 at the mid-rotor/stator gap location show
little indication of a well-defined clearance flow region.

Comparison between the simulations shown in Fig. 7 and the
measurements shown at 92 percent chord in Fig. 3 indicates that a
reduction in near-shroud grid spacing brings the simulation closer
to the data. This is consistent with the conclusion drawn from Fig.
6 for the blade-to-blade plane at the blade tip.

Modeled Versus Gridded Clearance Gap. The solutions
generated with tip grid Configurations 2 and 4 were used to assess
the accuracy of the modeling methodology proposed by Kirtley
et al. @10# and also the impact of rounded blade corners on the
amount of overtip leakage flow. Calculation of the mass flow
through the clearance gap indicates that the gridded gap cases
allowed 30 percent more flow through the gap than the modeled
cases. However, the trajectory and radial penetration of the clear-
ance flow for Configurations 1 and 2 were not significantly differ-
ent. The same was true when results from Configurations 3 and 4
were compared. We therefore conclude that rounding the blade tip
and gridding the tip gap are not primary influences on solution
fidelity.

Clearance Flow Development. The results presented above
indicate that the increase in near-shroud grid resolution between
Configurations 1 and 3 significantly alters the predicted trajectory
of the clearance flow. Furthermore, the simulation generated with
Configuration 3 agrees much more closely with the LDV data than
that generated with Configuration 1. The increased resolution of
Configuration 3 places four grid cells across the same distance
from the wall as covered by the first grid cell in Configuration 1
while leaving the grid cell size at the blade tip virtually un-
changed. A case with higher near-shroud grid resolution than
Configuration 3 was also run but showed no further change in the
clearance flow trajectory, indicating that the grid resolution of
Configuration 3 is sufficient to achieve a grid-independent solu-
tion. The incoming boundary layer on the shroud and the com-
puted wall shear stress are nearly identical in the Configuration 1
and 3 solutions, indicating that changes in the clearance flow tra-
jectory are not due to different inlet conditions. The solutions
were examined closely for any indication of numerical problems
in the tip clearance region. No evidence of odd–even decoupling
or inconsistencies in the wall shear stress calculated by the turbu-
lence model was found. To understand why the increased spatial
resolution of Configuration 3 has such a marked impact on the
clearance flow trajectory, we therefore need to consider the fluid
mechanic processes at work in the early development of the clear-
ance flow.

Dean@18#, Storer and Cumpsty@19#, Chen et al.@20#, and oth-
ers have proposed that the formation of the clearance flow jet is
predominantly an inviscid phenomenon driven by the pressure
difference across the blade tip, wherein the overtip leakage jet and
its associated free shear layer roll up into the main clearance vor-
tex. While this is a good approximation in most cases, it neglects
the fact that the tip leakage flow consists of two shear layers:~i!
the free shear layer formed between the overtip leakage jet and the
main through flow; ~ii ! a wall-bounded shear layer~WBSL!
formed between the leakage jet and the shroud. The wall-bounded
shear layer will be present whenever there is a velocity difference
between the overtip leakage jet and the shroud in the relative
frame of reference. Chima@8# alluded to the presence of the wall-
bounded shear layer based on the trajectory of flow tracers he

released at midheight in the clearance gap, but did not investigate
the interaction between this shear layer and the free shear layer at
the blade tip.

The role played by the wall-bounded shear layer in determining
the trajectory of the main clearance vortex is illustrated in Fig. 8
using results generated with tip grid Configuration 3. The axial
velocity distribution in a blade-to-blade plane that is two grid cells
from the shroud is shown in the upper half of Fig. 8. This plane is
located just 6 percent of the clearance gap height from the shroud
~99.95 percent of the annulus height!. Blue regions denote areas in
which fluid is moving upstream~negative axial velocity!. This
fluid is the overtip leakage flow and its upstream motion has been
well-documented by previous investigators. The red region de-
notes an area in which fluid is moving downstream with an axial
velocity that is appreciably higher than that in the incoming
boundary layer at this immersion. The origin of this high positive
axial velocity can be understood by viewing the flow field on a
z–r cutting plane denoted by the white line. The projection of the
relative velocity vectors onto this plane is shown in the lower half
of Fig. 8 as viewed in the positiveu direction. The blade suction
surface appears on the right edge of the plot. The velocity vectors
are colored by theiru-component of vorticity. The overtip leakage
jet forms a vortex centered at the pointP. The sign of the
u-component of vorticity is negative~rotation in the counterclock-
wise direction in Fig. 8~b!!. The wall bounded shear layer appears
as the color red in Fig. 8~b!. In the present case the sign of the
vorticity in this shear layer is positive~clockwise rotation in Fig.
8~b!!. This shear layer initially occupies only about 20 percent of
the clearance height, but is then pulled away from the shroud by
the vortex centered atP and forms a vortex centered at pointI,
which we will call the ‘‘induced vortex.’’ The paths of the pri-
mary clearance vortex~centered atP! and the induced vortex
~centered atI! are shown in the blade-to-blade view in the upper
half of Fig. 8.

The Configuration 1 solution~not shown here! indicates that the
wall-bounded shear layer is not adequately resolved by the near-
shroud grid spacing used in Configuration 1, while the results
shown in Fig. 8 indicate that it is adequately resolved by that used
in Configuration 3. Simulations were also done using the standard
k–« turbulence model with Configuration 1 and 3 grids. The tip
clearance flow trajectory in these solutions showed the same de-
pendence on the near wall grid resolution. The standardk–«
model responded differently than the CMOTT model to the large
pressure gradients in the endwall region, which resulted in differ-
ences in the fine details of the flow field. However, the WBSL did
not roll up into an induced vortex but instead created a stagnation
point at the clearance jet/incoming flow interface. The clearance
flow trajectory was still accurately predicted. Therefore, for both
turbulence models, the WBSL is the most important feature to
capture. Whether the WBSL rolls up into an induced vortex is of
secondary importance.

One might ask, ‘‘Does the WBSL-induced vortexcause a
change in the clearance flow trajectory or is it merely aneffectof
the increased grid resolution?’’ This issue was addressed by per-
forming a numerical experiment using tip grid Configuration 3 in
which the induced vortex was removed without making any other
changes to the flow field. This was accomplished by removing the
no-slip boundary condition at the shroud over the small region in
which the induced vortex forms. This region is located from 2.5–
18.5 percent chord and from 0–50 percent of the blade pitch from
the suction surface. The wall-bounded shear layer that feeds the
induced vortex cannot form without the no-slip boundary condi-
tion in this region. The results from this simulation are shown in
Fig. 9 along with the region over which the no-slip boundary
condition was altered. A detailed examination of the solution in-
dicated that the incoming shroud boundary layer and the forma-
tion of the primary clearance flow were unchanged in these two
simulations; only the WBSL was altered. With the WBSL re-
moved the primary clearance flow moves forward in the blade
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passage, clearly demonstrating that the WBSL is responsible for
altering the tip clearance flow trajectory. Furthermore, a compari-
son of Figs. 9 and 6~a! suggests that the vortex trajectory pre-
dicted with tip grid Configuration 1 results from the fact that the
wall-bounded shear layer is not adequately captured by the near-
wall grid spacing used in Configuration 1. Inspection of cross-
channel vector plots similar to Fig. 8 confirm that the induced
vortex is not present in the Configuration 1 simulation.

If we consider the vorticity in the WBSL to be concentrated
into the induced vortex, then the following kinematic argument
can be used to understand why a change in the strength of the
WBSL alters the trajectory of the main clearance flow. Both the
primary and induced vortices require an image vortex in the
shroud to satisfy the condition of zero normal velocity at the
shroud. The mutual interaction between the primary vortex and its
image acts to move the primary vortex axially upstream and away
from the blade suction surface~to the left in the lower half of Fig.
8!. Conversely, the mutual interaction between the induced vortex
and its image acts to move the induced vortex axially downstream
toward the blade suction surface. The circulation in each vortex
will determine the equilibrium position of the primary and in-
duced vortices. The circulation for each vortex was calculated for
the solutions generated using Configuration 1 and 3 tip grids and
for the solution with the slip boundary condition. The vortex
strengths~in arbitrary units! are:

Configuration 1 3 3
~no-slip b.c.! ~slip b.c.!

Primary vortex 199,200 223,800 238,400
circulation,P
Induced vortex 14,200 77,300 0.0
circulation,I
Ratio, I /P 7 percent 35 percent 0 percent

The circulation of the primary vortex increases by about 10 per-
cent in Configuration 3 relative to Configuration 1. Taken by it-
self, this change would act to move the primary vortex farther

upstream, away from the suction surface. However, this change is
more than offset by the increased strength of the induced vortex in
Configuration 3. The net effect of the changes in vortex strength
between Configurations 1 and 3 is therefore a movement of the
primary/induced vortex pair downstream toward the suction sur-
face, which alters the trajectory of the primary clearance flow.

Operating Range Predictions. Hoying et al.@3# and Adam-
czyk et al.@2# suggest that rotor stall occurs when the tip clear-
ance vortex spills forward of the leading edge, thereby linking the
clearance vortex path to rotor stability. Since our tip grid topology
impacts the clearance trajectory, this also implies a link between
our grid topology and the predicted stability. Figure 10 shows the
80 percent speed line for Rotor 35 calculated with configuration 1
and 3 grids. The stall point for both simulations and the experi-
ment are marked with arrows. The results confirm a large effect
on predicted operating range with configuration 3 showing a much
better match to experiment.

Fig. 9 Axial velocity contours „starting at 0 m Õs with 20 m Õs
intervals … for the blade tip grid plane for configuration 3 with a
slip boundary condition applied over the region shown

Fig. 10 Comparison of computed and measured operating
range for Rotor 35 at 80 percent speed

Fig. 11 Axial velocity contours „starting at 0 m Õs with 20 m Õs
intervals … for the blade tip plane for design speed with a grid
similar to configuration 3
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Simulations of Rotor 35 at design speed also show a sensitivity
to grid spacing near the wall. Figure 11 shows the clearance flow
trajectory for a calculation done with a mesh similar to Configu-
ration 3. Note that the clearance flow does not reach the pressure
surface of the adjacent blade until near the exit of the blade pas-
sage. This trajectory is a good match to LDV data@21#. In simu-
lations with a mesh similar to configuration 1, the clearance flow
moves quickly across the passage~similar to Fig. 6~a!! indicating
that the presence of a wall bounded shear layer is still important at
design speed.

As at part speed, the position of the clearance flow has an
influence on the calculated stable operating range. Figure 12
shows the 100 percent speed line which confirms the effect of the
clearance flow trajectory on operating range.

The simulation results in Figs. 10 and 12 indicate that the in-
duced vortex has a strong impact on the rotor stability. This indi-
cates that rotor stability can be enhanced by increasing the
strength of the induced vortex. As discussed in the next section,
the strength of the induced vortex is directly proportional to the
speed of the overtip leakage jet.

Velocity Difference Parameter. It is instructive to consider
under what conditions the wall-bounded shear layer plays a deter-
mining role in the development of the tip clearance flow. The
relationship between the leakage jet velocity and the shroud ve-
locity in the relative frame is shown in Fig. 13. The velocity
vector lengths and leakage flow angle are drawn to scale, using
the blade tip speed and the leakage velocity at midheight in the

clearance gap from the Configuration 3 simulation. Let us define a
normalized velocity difference between the shroud and leakage jet
by the parameter:

VD5~Vjet2Vwall•cosg!/~Vwall! (1)

whereVwall is the blade tip speed andg is the difference between
the relative flow angle of the leakage jet and the tangential direc-
tion. Evaluating this parameter for Rotor 35 at the 80 percent
speed, peak efficiency operating condition simulated herein we
find VD50.40. The sign of this velocity difference determines the
sign of the vorticity in the wall-bounded shear layer. When the
velocity difference is greater than zero, as in the present case, the
u-component of vorticity is positive and is of opposite sense to
that in the free shear layer and the incoming shroud boundary
layer. When the velocity difference is less than zero, the
u-component of vorticity in the wall shear layer will be of the
same sense as that in the free shear layer. When this velocity
difference is small, the wall-bounded shear layer will be weak and
will not exert a strong influence on the primary leakage flow. In
such cases an inviscid approximation can be used for the leakage
jet and a computational grid with relatively few points in the
clearance gap will yield an accurate leakage flow simulation.

To check the generality of the criteria set forth above, two
additional compressor rotors were simulated. In each case solu-
tions were generated with near-shroud grid spacings representa-
tive of those used in Configurations 1 and 3 of the present work,
and the results were analyzed for both the presence of the induced
vortex and for changes in the primary clearance flow trajectory as
near-shroud grid resolution was increased. The first additional
case is Rotor 35 at the design speed, near the peak efficiency
operating condition. The total pressure ratio, efficiency, and tip
speed for this case are 1.90, 86 percent, and 454 m/s, respectively.
The velocity difference parameter for this case isVD50.2 and the
solutions show the presence of an induced vortex, which alters the
clearance flow trajectory when adequate near-shroud grid resolu-
tion is used. Simulations performed close to stall further indicate
that the induced vortex impacts the predicted stall point at design
speed to nearly the same degree as at 80 percent speed as shown
in Figs. 10 and 12. The second additional case is the rotor in the
NASA-Lewis LowSpeed Axial Compressor~LSAC!, which is a
low-speed four-stage model of the General Electric Energy Effi-
cient Engine compressor rear stages@22#. The total pressure ratio
and tip speed for this case are 1.042 and 61 m/s, respectively. The
velocity difference parameter for the LSAC isVD50.05, and
refining the grid in the tip gap had no significant impact on the
clearance flow. Based on these limited cases, values of the veloc-
ity difference parameter on the order of 0.2 or higher indicate the
presence of a wall-bounded shear layer of sufficient strength to
impact the primary clearance flow trajectory. A wider range of
rotors needs to be investigated before a more general conclusion
can be reached.

In the preceding discussion, the velocity difference parameter,
VD, was evaluated using information obtained from the CFD so-
lution itself. When starting the analysis of a new rotor, it would be
useful to have an a priori estimate ofVD to serve as guidance in
selecting the proper near-shroud grid resolution. Such an estimate
can be obtained using the leakage jet velocity approximation pro-
vided by Khalsa@23#. Based on the formula of Khalsa written in
the relative reference frame, the leakage flow angle relative to the
blade stagger angle for incompressible flow is:

a5tan21S Vl

VswD5tan21SA~PT rel2PSS!

~PT rel2PPS!
D (2)

where
Vl 5 leakage velocity normal to blade surface

Vsw 5 leakage velocity tangent to blade surface
Pt rel 5 relative total pressure on pressure surface
PSS 5 static pressure on suction surface
PPS 5 static pressure on pressure surface

Fig. 12 Comparison of computed and measured operating
range for Rotor 35 at design speed

Fig. 13 Relation of the clearance jet velocity and the shroud-
wall velocity in the relative reference frame
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Noting thatVjet andVwall in Eq. ~1! are equal toVl/sina and
Utip ~the blade speed! respectively, one can obtain the following
expression forVD involving only blade geometry and surface
loading parameters:

VD5~Vl2Utip sin~b1a!sina!/~Utip sina! (3)

whereb is the stagger angle. For incompressible flow the leakage
velocity can be computed as (r is density!:

Vl5A~2~PT rel2PSS!!/rSS (4)

Equations~2!–~4! can be evaluated with information obtained
from the blade design process so that the value of the velocity
difference parameter is known prior to grid generation for a
Navier–Stokes simulation.

Conclusions
The tip clearance flow field of NASA Rotor 35 was simulated

using a Navier–Stokes turbomachinery solver to determine the
impact of grid topology and tip gap treatment on solution fidelity.
Detailed laser anemometer measurements of the rotor tip clear-
ance flow field were used as a basis for comparison between the
measured and predicted clearance flow trajectory and radial
extent. The following conclusions are drawn from these
comparisons:

• Gridding the tip gap does not yield any significant advantages
in solution accuracy compared to using a simple tip clearance
model. Accurate clearance flow predictions can be generated
without gridding the gap and we recommend that the computa-
tionally efficient tip clearance model of Kirtley et al.@10# be used
for thin blades typical of most compressors.

• When the relative velocity difference between the leakage jet
and shroud is large, a wall-bounded shear layer is an important
component of the tip clearance flow. Because this shear layer
impacts the trajectory of the primary clearance flow, adequate
resolution of the wall- bounded shear layer is critical to achieving
accurate clearance flow predictions.

• The wall-bounded shear layer can have a major impact on the
rotor stability depending on its strength. Therefore, accurate pre-
diction of stable operating range requires careful attention to grid
resolution near the casing. Increasing the relative velocity differ-
ence between the leakage jet and shroud strengthens the shear
layer and increases the stable operating range. Rotor designs that
enhance this velocity difference should demonstrate increased
stability.

Appendix: Total Temperature Distributions in the Tip
Region

CFD simulations of tip clearance flow generated during the
ASME and AGARD CFD assessment exercises on NASA Rotor
37 display a temperature excess in the blade tip region compared
to temperatures measured downstream of the rotor with thermo-
couple probes, as summarized by Dunham and Meauze@5#,
AGARD @6#, and Denton@4#. This overshoot has been attributed
to an inability to model the tip clearance flow correctly and results
in a significant underestimation of the efficiency in the outer
10–20 percent of blade span. It is therefore important to deter-
mine whether the predicted temperature excess is ‘‘real’’ or rep-
resents a deficiency in the CFD modeling. The Rotor 37 tempera-
ture measurements were acquired far downstream~almost two
chords! of the blade trailing edge. While thermocouple measure-
ments of temperature can be acquired closer to the rotor trailing
edge, conventional instrumentation often yields questionable re-
sults within one chord of the rotor due to the highly unsteady
flowfield. Additionally any measurement made downstream of the
rotor will be impacted by mixing, which is difficult to accurately
predict with CFD.

The LDV data acquired within the rotor during this investiga-
tion provide more detailed measurements in the tip clearance flow

region then were available for Rotor 37 and thus provide a unique
opportunity to assess the accuracy of CFD predictions of tempera-
ture rise in the rotor tip region. To address this issue, the tangen-
tial velocity measured by the LDV system is used to calculate the
total temperature within the tip clearance flow field using the Eu-
ler turbine equation. This derived fluid temperature is then used to
provide a more accurate assessment of the simulation fidelity than
is possible using temperature measured far downstream.

One normally obtains the temperature predicted by a CFD
simulation from the energy equation. However, in order to pro-
vide a back-to-back comparison with the derived fluid temperature
as measured by the LDV system, we will obtain the CFD-
predicted temperature using the predicted tangential velocity and
the Euler turbine equation. This Euler-derived temperature will be
slightly different near the shroud than that obtained from the en-
ergy equation. This is due to the fact that the Euler turbine equa-
tion assumes that rothalpy is conserved, an assumption that is not
valid near the wall because of the shear work done on the fluid by
the moving shroud wall in the relative frame of reference.

A quantitative comparison between the measured and predicted
total temperature is obtained by displaying the results along a
radial line that cuts through the center of the primary clearance
flow at 92 percent blade chord. The Euler-derived measured tem-
perature distribution is compared to the predicted~Configuration
3! temperature distribution in Fig. 14. Predicted temperatures ob-
tained from the energy equation and derived through the Euler
equation are both shown. The survey line for these results is
shown in the inset of Fig. 14. The local levels of the measured and
predicted temperatures are somewhat different over the outer 20
percent of the blade span. All temperatures are therefore shifted
such that the Euler-derived measured and predicted temperatures
match at 80 percent span. The abscissa in Fig. 14 is therefore the
normalized temperature excess:

~T~r !2T80!/Tstd (5)

whereT(r ) is the temperature at radiusr along the survey line,
T80 is the temperature at 80 percent span along the survey line,
andTstd5288.2 K.

The comparison shown in Fig. 14 confirms for the first time that
a CFD simulation accurately predicts the local temperature excess
associated with the increased turning in the clearance flow. The
radial penetration of the clearance flow is also reasonably pre-
dicted. Other comparisons to simulations with nonuniform tip
clearance are shown in Van Zante@21#. The overall temperature
rise of the rotor is 12 percent of the inlet total temperature for the
operating condition considered here. The temperature excess
within the clearance flow is therefore significant since its magni-

Fig. 14 Total temperature excess of the clearance flow at 92
percent rotor chord along the survey line shown
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tude corresponds to 25–35 percent of the overall temperature rise.
The results shown here suggest that temperature measurements
derived from velocities measured within the rotor may provide the
most reliable data for future assessments of CFD simulation
accuracy.

The results presented indicate that the choice of near-wall grid
spacing has a significant impact on accurate prediction of the non-
uniform temperature distribution that exists in the rotor as a result
of the clearance flow. When the WBSL is not adequately resolved,
the primary clearance flow accumulates on the adjacent blade
pressure surface before reaching the rear of the blade passage, as
shown in Fig. 6~a!. The low axial momentum fluid of the clear-
ance flow is then worked on by the adjacent rotor blade, further
increasing its total temperature. This results in overprediction of
the temperature rise in the tip region. Additionally, when the pri-
mary clearance flow accumulates on the adjacent blade pressure
surface, the clearance flow merges with the pressure side of the
blade wake and the total temperature excess in the clearance flow
mixes very slowly downstream of the rotor. For axial blade spac-
ings representative of those in modern multistage compressors,
this results in a temperature excess entering the stator. These er-
rors result from an inaccurate prediction of the primary clearance
flow trajectory and will contribute to an underprediction of rotor
efficiency. In a multistage environment these errors can build in
successive stages possibly resulting in a large overprediction of
temperature at the blade tip and casing at the exit of the
compressor.
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Experimental Investigation
of the Blade-to-Blade Flow
in a Compressor Rotor by Digital
Particle Image Velocimetry
The purpose of this study is to investigate the blade-to-blade flow in an axial compressor,
providing a detailed description of the entire flow-field on multiple layers through the use
of Particle Image Velocimetry (PIV). Typical problems that relate to flow seeding, light-
sheet generation, and camera-laser timing control are successfully dealt with, bringing
additional knowledge in the domain. An extensive data set is analyzed to obtain statistical
flow information (mean and fluctuating quantities). Spatial data reconstruction proce-
dures allow the complete planar flow distributions to be determined. The multiplanar
mean velocity field constitutes the final result of a three-dimensional reconstruction of
the domain geometry and the proper introduction of the available planar measurements.
@S0889-504X~00!00304-4#

Introduction
Rotor performance depends strongly on the blade-to-blade flow

behavior, which in turn is strictly connected with the efficiency of
a turbomachine. A better understanding of this flow is required to
improve design and analysis computations. The requirement for
experimental data in rotational flow increases with the develop-
ment of advanced tools for numerical investigations.

Currently the range of flow measurement techniques, which can
be used for turbomachinery, can be classified as intrusive, par-
tially intrusive, and completely nonintrusive@1#. PIV works with
seeding, which is an intrusive component: The application of this
measurement technique in the study of rotating components of a
turbomachine is very attractive because of all the difficulties en-
countered in these environments~centrifugal force acting on mea-
surement probes, complex data acquisition and transmission! @2#.

Currently stereo viewing optical configurations and holography
present difficult implementations and constraints not suitable for
turbomachinery environments.

Since the flow in the rotor of an axial compressor is mostly
axisymmetric and defining axisymmetric streamsurfaces, it can be
investigated through the use of a two-dimensional technique, such
as PIV.

Particle Image Velocimetry is a nonintrusive measurement
technique, which provides the simultaneous measurement of the
velocity distribution over a planar domain. Small tracer particles
are added to the flow and illuminated twice by a light-sheet pro-
duced by a laser. The orientation of the light-sheet plane is such
that it contains the dominant flow direction. The light scattered
from the particles is collected at 90 deg and recorded either on a
single frame or on two different frames. After processing the
double-exposed image or the two single-exposed images recorded,
the displacement of particles is determined. From the time interval
between the two exposures the magnitude of the velocity vector
can be computed.

Since this technique measures the velocity of the tracers
added to the flow, it is essential to achieve a uniform flow seeding
with an optimum concentration. This difficulty becomes even
more critical in a rotating environment. The main consequence

of a nonuniform seeding is the spatial loss of data and conse-
quently a low confidence level in the whole instantaneous mea-
surement, losing one of the most important advantages provided
by the technique.

The technique is not yet routinely applied in turbomachinery.
Major reasons include difficult setup installations and the flexibil-
ity needed for the environment encountered.

The purpose of this work is to apply this technique for mea-
surement on multiple layers, from the hub to the tip, in order to
get the flow distribution in the three-dimensional geometry de-
fined by the blade-to-blade channel. It is therefore of fundamental
importance for this work to have a flexible setup, which provides
improved performance of the PIV technique.

The high velocities encountered in rotating parts of a turboma-
chine and the request of highest spatial resolution image measure-
ments has led in recent years to the use of the photographic tech-
nique as fully optical PIV or opto-digital PIV configuration. The
consequence is very difficult and long image processing@3#, not
suitable for extensive measurement sessions. Recent technology
developments have led to modern cross-correlation video cameras
that allow the use of a frame straddling technique. This technique
allows the time interval between single exposures to be decreased,
increasing the range of velocity that can be analyzed. This opens
an interesting possibility of applying electronic image acquisition
systems to fast flow phenomena with an acceptable resolution and
with an improved robustness for whole-field velocimetry in turbo-
machinery. Wernet@4# applied a complete digital system success-
fully in a transonic compressor. This work proposes and tests a
setup developed in order to make possible the acquisition of data
on multiple layers and fast image processing.

Measurements have been carried out in the axial compressor
facility ~R2! at von Karman Institute for Fluid Dynamics~VKI !.
The measurement planes investigated extend from the hub to tip
every 10 mm at a rotational speed of 4000 rpm. For each plane the
periodic blade-to-blade flow is deduced from the recorded set of
PIV pictures of different blade passages with a random blade po-
sition. The optical periscope probe, proposed by Tisserant and
Breugelmans@2# and already applied by Bryanston-Cross et al.
@5# and Wernet@4#, is successfully applied in the current investi-
gation to generate and introduce the light sheet at different
heights. A specific solution is proposed for the seeding supply
system in order to meet the uniformity constraint. A description of
the experimental setup and of the results obtained is presented.

Contributed by the International Gas Turbine Institute and presented at the 45th
International Gas Turbine and Aeroengine Congress and Exhibition, Munich, Ger-
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Experimental Setup
The compressor facility R2 at VKI is a semi-closed-loop sys-

tem for the testing of different axial-flow rotors. This experimen-
tal work is performed in a single-stage configuration and it con-
cerns a single stage axial-flow rotor characterized by a tip
diameter of 400 mm and a hub diameter of 200 mm. It consists of
24 subsonic blades of the NACA 65 family. The tip chord is 49
mm while the hub chord is 40 mm. The inlet provides an almost
axial flow, while a stator mounted behind the rotor turns the exit
flow axial and allows increasing the pressure rise in the compres-
sor. The total–total compressor ratio is 1.1. The facility is char-
acterized by a flat optical access window of 40 mm340 mm in-
stalled in the casing. Its axis is inclined at 45 deg with respect to
the horizontal plane, as shown in the sketch in Fig. 1 representing
the cross section of the rotor.

The light sheet is introduced upstream of the optical access
using the periscope probe, shown in Fig. 2. The advantage of this
probe is the possibility to change and control the height of the
light-sheet plane independently of the laser optics placement. The
laser beam is deflected by two prisms, P, and meanwhile goes
through a cylindrical negative lens~focal length of219 mm! that
generates the diverging light sheet from the incident beam.

Prism supports are manufactured with nylon. Recessed holes
have been made to avoid local accumulation of energy in glass
during the laser impact. One part is fixed on the casing; a nut
allows the translating of the part containing the lens and the sec-
ond prism with respect to the second part. As shown in Fig. 2, the
outer prism remains always at the same height from the casing,
while it is the inner one that goes up and down. Hence, there is no
constraint affecting the location of the laser device: Moving the
laser sheet at different locations in the blade channel, the laser
device does not need to be moved. The periscope probe is inserted
through the compressor casing upstream the measurement loca-
tion. In Fig. 3 it can be noticed that the insert location of the probe

is moved in the longitudinal direction along the casing with re-
spect to the optical access port: This ensures that the probe wake
does not interfere with the flow in the measurement plane.

From Fig. 2 it is also clear that with this kind of probe it is not
possible to control the light-sheet thickness. To overcome this
problem, a collimator is inserted in the optical path between the
laser outlet and the inlet prism of the probe. This collimator is
characterized by a convergent lens~focal length 200 mm! and a
divergent one~focal length2100 mm! as shown in Fig. 4. The
resulting light sheet is 40 mm wide32 mm thick. The laser beam
converges toward the focal point F1 of the first convergent lens.
Placing a divergent lens on the optical path just before F1, it is
possible to have a straight beam of a smaller diameter. The second
divergent lens has to be placed upstream of the focal point F1 at a
distance from F1 equal to the focal lengthf 2 of the second lens.
The laser used is a double cavity Nd:Yag laser. It produces short
duration ~10 ns! high-energy~200 mJ! pulses of green coherent
light ~532 nm!. The pulses are fired at 10 Hz. Using the PIV
technique, a critical parameter for an accurate velocity measure-
ment is the flow seeding. A uniform concentration is the optimal
condition in order to achieve a high confidence level. Neverthe-
less, instantaneous and local loss of seeding can bring undesired
loss of data~intermittence!. Within a rotating environment, it is
particularly difficult to achieve a uniform seeding with an optimal
concentration.

In the present experiment, glycerine oil vapor mixed with air is
used. The seed injection tube is located several tube diameters
upstream of the measurement plane and externally to the inlet,
adding a negligible disturbance to the test section. A smoke sup-
ply system~sketched in Fig. 5! provides particles that are injected
into the flow through a diffuser placed on the front left side with
respect to the compressor inlet, in such a way the seeded flow
goes into the test section following inlet streamlines. The outflow
from the smoke generator is first mixed with air before entering
the diffuser. This solution allows the control of the smoke mass
flow to be maintained and a better condensation of the smoke
particles into droplets is observed. Since the seeded flow is not
visible at the outlet of the diffuser~due to the low concentration
for optimal PIV images!, the correct placement of the smoke sup-

Fig. 1 Cut section of rotor

Fig. 2 Light-sheet forming probe

Fig. 3 Optical port and insert location of the periscope probe

Fig. 4 Convergent–divergent lens system
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ply is particularly difficult. Thus a low power laser pointer is used
to visualize the smoke stream ensuring the exact location of the
seeded flow.

Moreover, the large contraction ratio of the facility induces a
significant reduction of the seeded stream tube, meaning that the
smoke outlet extent and the outlet concentration is not the same as
in the measurement section. This makes the setting of particle
concentration very difficult, underlying the necessity of working
with an ‘‘on-line’’ technique. This last consideration introduces
the choice of the recording device. It can be either a photographic
or a video camera. The photographic film offers the highest spatial
resolution for image measurements, although one has to keep in
mind that the real particle image size does not correspond to the
recorded one, due to the diffraction-limited imaging and to the
optics between the recording device and the measurement loca-
tion. Considering this effect and the resolution of modern video
cameras, it is possible to obtain very similar performance with
both devices@6#.

In addition, the use of a video camera brings many other ad-
vantages compared with photographic film: namely, the immedi-
ate access to the recorded picture; this gives a real-time feedback
of the flow seeding conditions and, more generally, of the mea-
surement quality~exposure, focusing!. Indeed, the photographic
film needs to be developed, rinsed, and dried. Only after this may
the film negatives be analyzed. Also, the analysis process~auto-
correlation! is quite long~Young’s fringes approach! unless one
transfers the film into a digital form and processes it by autocor-
relation, introducing a further step before obtaining the velocity
field. The video mode directly provides an image in digital form,
ready for immediate processing. The video method also has a very
high sensitivity; usually it allows less laser energy to be used than
with the photographic one.

Another very important factor should definitively influence the
choice of a video camera. Indeed, while a photographic camera
only allows the recording of multiple exposed pictures, a video
camera allows single exposures to be recorded. The first advan-
tage of this method of recording is that it enables a cross-
correlation of successive corresponding interrogation cells to be
carried out. Using cross-correlation algorithms, unlike autocorre-
lation ones, the evaluation yields the direction of the tracer dis-
placements. It is also possible to cover a larger range of velocities,
since there is no longer the limitation for the tracers to move
sufficiently between two exposures in such a way that they do not
overlap. Moreover, the signal-to-noise ratio obtained is usually
higher than that obtained with autocorrelation algorithms.

At this point only one further question needs to be discussed.
The usual working frequency of video cameras is 30 Hz. If the
laser was pulsed once at the start of each video frame, the time
between pulses would be 33 ms. High-speed flows cannot be mea-
sured on the basis of this time interval, which should be of the
order ofms.

The architecture and the read-out electronics of modern cross-
correlation cameras@7# give peculiar characteristics that make
them useful for fast sequential acquisitions. At the end of the first

exposure, all the pixel charges are moved to a buffer array simul-
taneously in the camera~shift register!. The time for complete
transfer of the charge is between 100 ns to somems. Since the
camera is always light sensitive and the charge representing the
image is transferred shortly after the exposure, it is possible to
obtain two separate frames illuminated in quick succession by
exposing the camera a second time after the charge transfer is
completed and during the read-out process. This can be achieved
through the use of the so-called ‘‘frame straddling’’ approach
~Fig. 6!.

After the start of a video frame, the first laser pulse is delayed
until just before the end of the frame exposure time. The second
laser pulse happens just after the next frame exposure has
started. When the time interval decreases to values comparable
with the charge transfer time, the synchronization process be-
comes much more critical and a very accurate synchronizer is
required. In this work the RS-170 cross-correlation camera is
used. It is a camera having a CCD captor of 6403480 pixels. This
camera has been equipped with a focusing lens~Micro Nikkor!
having a focal length equal to 55 mm. The F-number is adjusted
to 3.5. The time interval is fixed to 25ms. This choice is imposed
by the synchronizer.

To facilitate the camera positioning, it is mounted on a rigid rail
support fixed on the viewing port and centered on the window
axis. Since the camera belongs to a fixed reference frame, the
measured velocity is the absolute one.

At 4000 rpm the smoke particles condense on the window of
the optical access degrading it. To avoid this problem the shutter
system designed by Tisserant and Breugelmans@8# is used
~Fig. 7!.

Data Processing and Averaging Velocity Vector Maps
The maximum expected velocity is evaluated around 95 m/s;

these data are deduced from pressure measurements and con-
firmed by previous measurements done in the same facility con-

Fig. 5 Seeding system and laser pointer

Fig. 6 Frame straddling approach

Fig. 7 Shutter system
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figuration by Tisserant and Breugelmans@2#. The inter-frame time
and the maximum expected velocity would not respect the ‘‘one-
quarter rule’’ needed to apply cross-correlation successfully@9#.

WIDIM ~window displacement iterative multigrid! is used to
process each image. It is a PIV evaluation method developed at
VKI by Scarano and Riethmuller@10#. This software performs the
cross-correlation analysis of PIV pictures by means of an im-
proved cross-correlation method that allows de-coupling space-
resolution and accuracy. It computes the two-dimensional and
two-component velocity field distribution from pairs of pictures
appropriately stored in digital form. At the current state of devel-
opment, the program allows the cross-correlation technique to be
applied to a pair of images by the window displacement and win-
dow distortion technique. Using this program, all recorded images
have been processed successfully using interrogation areas of 32
332 pixels with 75 percent overlap.

The check for the validity of measured vectors is made evalu-
ating the signal-to-noise ratio~highest correlation peak versus sec-
ond highest peak! for each correlation map. Additionally, a local
median operator is applied@11#; the deviation of the velocity from
the local median is compared with the local rms; if their ratio
exceeds the user threshold, the vector is considered erroneous
@12#.

The application of PIV, with an electronic image acquisition
system, results in an extensive amount of data acquired for each
radial station of interest. About 50 pairs of pictures are acquired
for each station. The optical access does not allow the complete
picture of the blade channel to be obtained: It is then necessary to
superimpose all the different images acquired to obtain it. More-
over, some information is lost in instantaneous pictures due to
seeding intermittence. The periodicity and steady flow conditions
are the underlying hypotheses to superimpose different images at
a given height.

Since the blade position is different from picture to picture, and
considering the large number of instantaneous pictures acquired
for each height, a fully automatic algorithm is needed to get the
average flow. The algorithm developed for this application uses
the flare light from the blade suction surface to calculate the offset
between images recorded at the same height. Let us suppose that
we are calculating the offset between the two images, recorded at
different times, reported in Figs. 8~a! and 8~b!. Plotting the light
intensity profile along a vertical line at the same X1 location for

both images, one obtains the profiles on the right sides of Figs.
8~a! and 8~b!. The peaks are in correspondence with the light
impingement on the blade suction surface. Then the offset can be
simply found as:

Offset5Y P52Y P3

whereY P5 andY P6 are corresponding light impingement points
on the blade suction surface, respectively, in Figs. 8~a! and 8~b!.
This offset detection procedure has been automated and it enables
the superposition of all measured grids and computation of the
average of data points located in the same position.

Results
From inlet pressure measurements~two chords before the lead-

ing edge! it is possible to evaluate the Reynolds number based on
the chord and the inlet relative velocity. It is 1.663105 at the hub
and 2.433105 at the tip for the rotational speed 4000 rpm.

The camera is fixed on the carriage support in such a way that
the field of view covers most of the blade passage in the circum-
ferential direction for all the measurement planes. An example of
a single exposed picture is shown in Fig. 9. In the following
pictures the flow direction is from right to left and the rotational
speed is from bottom to top. In Figs. 10 and 11 a processed in-
stantaneous velocity vector map at 50 mm from the hub is shown.
Absolute velocity vectors are directed toward the blade suction
surface.

Adding the rotor speed, the relative velocity field is obtained
~Fig. 11! and the relative velocity magnitude is color coded. Vec-
tors are represented with different spacing between Figs. 10 and
11 for a clear display. In particular, Fig. 11 shows the final grid
spacing achieved with WIDIM.

Fig. 8 „a… Image taken at time t 1 ; „b… image taken at time t 2

Fig. 9 Single exposed recorded plate

Fig. 10 Instantaneous absolute velocity field
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The average velocity contour map~Fig. 12! and the average
relative flow angle contour~Fig. 13! are obtained averaging the
sets of the instantaneous velocity fields. The relative velocity field
streamlines in the blade-to-blade channel visualizes the turning
flow ~Fig. 14!. The following analysis is done at a height of 30
mm from the hub, performing the statistics over 65 field samples.
Analogous considerations can be deduced for other heights.

It can be noticed from Figs. 12 and 13 that the periodicity
condition is satisfied. The information found in neighbors’ chan-
nels is obtained with the relative offset between pictures in the
data reduction procedure. The mean velocity magnitude distribu-

tion is shown in Fig. 12, while the corresponding flow angle dis-
tribution is given in Fig. 13. The flow distribution exhibits a clear
diffusion occurring in the channel. In the region just after the
leading edge on the suction side, the flow reaches the maximum
velocity and from there on it starts decelerating~Fig. 12!. A
higher flow turning on the suction surface is observed, as shown
by the flow angle spatial distribution.

It is possible to analyze in detail the blade-to-blade channel
flow, plotting the evolution of the relative Mach number and of
the relative flow angle along two streamlines~one nearer to the
blade suction surface and the other nearer to the blade pressure
surface! ~Figs. 15 and 16!. Information along two vertical lines,
crossing the channel behind the leading edge and behind the trail-
ing edge respectively, is shown in Figs. 17 and 18.

The Mach number distribution versus the percentage of chord
~Fig. 15! highlights a strong acceleration located at about 15 per-
cent of the blade profile and a subsequent deceleration. This cor-
responds to a higher turning on the suction surface than on the
pressure surface, shown in the relative flow angle distribution ver-
sus the percentage of chord~Fig. 16!. A smaller relative flow
angle is observed on the suction surface than on the pressure
surface where the blade suction surface starts to be tilted. This
explains the crossing point between the two profiles in Fig. 16.

The relative Mach number and relative flow angle evolution is
confirmed by profiles plotted along vertical lines crossing the
channel~Figs. 17 and 18!. Here the parameter is plotted versus the
percentage of the pitch. At the location measured behind the trail-
ing edge, 20 percent chord from the trailing edge, it can be noticed
that the flow is not completely mixed.

Fig. 11 Instantaneous velocity field

Fig. 12 Relative velocity contours at 30 mm from the hub, av-
eraging 65 pair images

Fig. 13 Relative flow angle contours at 30 mm from the hub,
averaging 65 pair images

Fig. 14 Relative velocity field at 30 mm from the hub, averag-
ing 65 pair images

Fig. 15 Relative Mach number distribution from Fig. 12
„suction Õpressure side …
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The uncertainty of the presented results is evaluated taking into
account the most important errors affecting the measurement.
These errors arise mainly from the uncertainty related to the rota-
tional speed~10 rpm!, to the light-sheet positioning~1 mm! and to
the camera field of view calibration. The statistical analysis is
performed introducing these uncertainties directly into the averag-
ing procedure. The standard deviation found also contains the
effect of flow turbulence, estimated from hot-wire measurements
at around 1 percent, and the error related to the data shift-and-
average.

With a 95 percent confidence interval, the uncertainty affecting
the relative velocity measurement is less than 5 percent in most of
the measurement domain. This result is obtained also in other
measurement planes. However, an uncertainty increase near the
blade suction side and from tip to hub is observed. This trend is
caused mainly by light reflection phenomena and is larger on the
blade suction surface than on the hub. As an example is presented
in Fig. 19, the uncertainty affecting the measurement at 30 mm
from the hub as a two-dimensional distribution.

Errors due to the three-dimensional flow motion~radial shift
affecting streamlines and noncoincidence between the illumina-
tion plane and the stream surface! @2# and due to the image pro-
cessing~0.1 pixel! @10# are found to be negligible with respect to
the previous ones. Finally, there is an additional error from the
averaging procedure that calculates the relative offset between
two blades. The relative displacement is considered to lie on a
plane. In reality, blades move in the circumferential direction.
This error increases going from the tip to the hub; however, it is
negligible with respect to the main errors.

Fig. 16 Relative flow angle distribution from Fig. 13 „suction Õ
pressure side …

Fig. 17 Relative Mach number distribution from Fig. 12
„traverses crossing the channel …

Fig. 18 Relative flow angle distribution from Fig. 13 „traverses
crossing the channel …

Fig. 19 Uncertainty evaluation of the relative velocity at 30
mm from the hub

Fig. 20 Outlet relative velocity magnitude

Fig. 21 Outlet relative flow angle magnitude
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The comparison between PIV measurements and pressure mea-
surements is done behind the trailing edge. Outlet relative velocity
profile and outlet relative flow angle measured by means of PIV
~averaged values! and by means of conventional pressure mea-
surements are compared~Figs. 20 and 21!. The parameters are
plotted versus the distance from the hub. Good agreement be-
tween the two techniques is observed. The little difference is jus-
tified by the fact that the outlet probe is located at about one chord
downstream the leading edge, while PIV measurements are taken
at a distance equal to 20 percent chord from the trailing edge,
where incomplete flow-mixing is observed. Applying the whole
processing procedure for the measurement planes investigated at
different heights and defining the three-dimensional domain ge-
ometry, each measurement plane can be placed correctly in the
three-dimensional geometry. This allows the multiplanar flow dis-
tribution of the blade-to-blade channel to be obtained. In Fig. 22
the relative velocity contours in the three-dimensional geometry
are presented. Measurement planes from 10 mm to 60 mm far
from the hub are shown.

The relative velocity magnitude increases going from hub to
tip. The maximum relative velocity is reached in the region after
the leading edge between 15–20 percent of the blade chord. It
extends from 65 m/s up to 90 m/s, meaning that the flow increases
its relative velocity by about 20 percent with respect to inlet rela-
tive velocity ~detected by pressure measurements!.

Conclusion
The blade-to-blade flow in an axial compressor is investigated

on multiple layers through the use of a digital PIV.
This measurement technique shows its adequacy for this kind

of investigation due to the ‘‘on-line’’ aspect that allows high flex-
ibility and fast user feedback. Moreover, the electronic image re-

cording allowed the use of an advanced image-processing algo-
rithm yielding a significant improvement with respect to the
predecessor photographic-optical PIV technique.

The periscope probe has been demonstrated to be a suitable tool
for such applications, making the setup implementation easy and
flexible. The main problem of controlling the light sheet thick-
ness, related to the use of the available periscope probe, is solved
by adding a light beam collimator, consisting of a convergent and
a divergent lens, in the optical path.

As far as the seeding uniformity and concentration is con-
cerned, the premixing chamber added to the smoke generator, the
use of a laser pointer, and the ‘‘on-line’’ technique make it pos-
sible to achieve favorable seeding conditions.

An extensive data set has been analyzed obtaining statistical
flow information ~mean and fluctuating quantities!. Spatial data
reconstruction procedures allow complete planar flow distribu-
tions to be obtained. The multiplanar mean velocity field consti-
tutes the final result of a three-dimensional reconstruction of the
domain geometry and the proper introduction of the available pla-
nar measurements.

These experiments have demonstrated that digital PIV is well
suited for turbomachinery applications; improvements expected in
the hardware domain will allow even better synchronization of the
laser, camera, and rotor. Moreover, the possibility of reducing the
time interval between laser pulses will make it possible to analyze
the flow field at higher speeds.
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Nonuniform Flow in a Compressor
Due to Asymmetric Tip Clearance
This paper presents an analytical study of flow redistribution in a compressor stage due
to asymmetric tip clearance distribution. The entire stage is modeled as an actuator disk
and it is assumed that upstream and downstream flow fields are determined by the local
tip clearance. The flow is assumed to be inviscid and incompressible. First, an axisym-
metric flow model is used to connect upstream and downstream flows. Second, a linear
perturbation approximation is used for nonaxisymmetric analysis in which each flow
variable is assumed to consist of a mean (axisymmetric value) plus a small perturbation
(asymmetric value). Thus, the perturbations in velocity and pressure induced by the tip
clearance asymmetry are predicted. Furthermore, rotordynamic effects of such flow non-
uniformity are examined as well.@S0889-504X~00!01404-5#

1 Introduction
Nonaxisymmetric tip clearance degrades both aerodynamic and

structural performance of turbomachinery, and the tip clearance
asymmetry can have many causes, such as rotor shaft bending,
whirling, casing asymmetry, and deformation of components. The
effects of rotor tip clearance asymmetry on turbine rotors were
initially suggested by Thomas@1# and Alford @2#. They suggested
that the variation in efficiency with local clearance would lead to
a destabilizing forward whirl-inducing force. This suggestion was
experimentally verified by Urlichs@3#, Wohlrab @4#, and
Martinez-Sanchez et al.@5#. Martinez-Sanchez et al. also identi-
fied nonaxisymmetric pressure acting radially on the turbine hub
as a second source of forcing mechanism in addition to the non-
axisymmetric torque initially hypothesized by Thomas and Al-
ford. Analytically, Song and Martinez-Sanchez@6,7# developed an
actuator disk model that could accurately predict both nonaxisym-
metric torque and pressure effects in turbines.

To examine the effects of compressor tip clearance asymmetry,
Horlock and Greitzer@8# and Colding-Jorgensen@9# formulated
actuator disk models. Also, Ehrich@10# and Graf et al.@11# de-
veloped parallel compressor models. All of these models require
compressor performance data as inputs. Therefore, Park@12# de-
veloped an analytical model to predict the effects of nonaxisym-
metric rotor tip clearance in a single-stage compressor without
empiricism. All the models predict a backward whirl-inducing
force due to torque asymmetry at the design point. In addition,
Park @12# predicts a forward whirl-inducing cross force due to
pressure asymmetry.

Until now, attention has been focused only on the effects of
rotor tip clearance asymmetry. However, real machines operate
with tip clearances in both rotors and stators. Furthermore, the
results from a recent experiment conducted in the Low Speed
Research Compressor~LSRC! at GE@13# strongly suggest contri-
butions from the stator tip clearance asymmetry.

Therefore, this investigation aims to understand the flow fields
and rotordynamic effects in compressors caused by nonaxisym-
metry in both rotor and stator tip clearances. The scope of current
investigation is limited to the effects of static tip clearance asym-
metry in a single stage compressor. An analytical actuator disk
approach is used in this investigation.

2 Analytical Model
The modeling approach is similar to the approach of Song and

Martinez-Sanchez@6,7#. A two-step process is used to solve for

the flow through a compressor stage. First step is an axisymmet-
ric, two-dimensional, meridional plane analysis, or the blade scale
analysis. This analysis examines radial redistribution of flow due
to axisymmetric rotor and stator tip clearances. The top part of
Fig. 1 shows the blade scale view of the stage. Due to tip clear-
ance flows, the radially uniform upstream flow is assumed to split
into three streams–‘‘a,’’ ‘‘ b,’’ and ‘‘ c’’–upon going through the
inlet guide vane~IGV!, rotor, and stator. Streams ‘‘a’’ and ‘‘ c’’
are associated with the rotor and stator tip clearances, respec-
tively. Stream ‘‘b’’ is the rest of the passage flow, which has
passed through the bladed part of both rotor and stator rows.

The second step is a nonaxisymmetric, two-dimensional, radial
plane analysis. The tip clearance asymmetry is a nonuniformity
with a length scale on the order of the compressor radius. There-
fore, this latter analysis is referred to as the radius scale analysis.
It examines the flow redistribution in the azimuthal direction
caused by nonaxisymmetric tip clearance distribution. This view
is shown schematically in the bottom part of Fig. 1. This analysis
is a small perturbation~tip clearance asymmetry! analysis about
the mean~axisymmetric! solution provided by the blade scale
analysis. Therefore, the results from the blade scale analysis are
perturbed to provide connecting conditions across the actuator
disk.

The actuator disk in this study consists of an inlet guide vane
~IGV! row, a rotor blade row, and a stator blade row. The IGV has
full-span blades while rotor and stator have partial span blades.
Axial, tangential, and radial directions are denoted byx, y, andz,
respectively. On the blade scale,2` refers to a location far up-
stream of the IGV. Near upstream of the IGV is referred to as
Station 0. Inlet to the rotor is referred to as Station 1, and the rotor
exit is called Station 2. Downstream of the stator row is called
Station 3. Far downstream is referred to as1`. On the radius
scalex502 and x501 are equivalent to2` and 1` at the
blade scale, respectively. The compressor’s rotational speed, ab-
solute velocity, and relative velocity areU, C, and W, respec-
tively. a is the absolute flow angle, andb is the relative flow
angle.

The model assumes an inviscid, incompressible flow. The com-
pressor geometry is assumed to be two dimensional at the mean
radius values. Also, the flow is assumed to follow the blades per-
fectly. Thus, effects such as blockage and deviation are not ac-
counted for in this model.

2.1 Tip Scale Analysis. Martinez-Sanchez@14# developed
an inviscid tip clearance flow model~Fig. 2! whose predictions
agreed with the theory and data of Chen@15#. The tip clearance
flow ~‘‘jet’’ in Fig. 2 ! is modeled as a jet driven by the pressure
difference between the pressure and suction sides. This jet then
collides with an equal amount of passage~‘‘pass’’ in Fig. 2! flow
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before rolling up into a vortex. Finally, this tip vortex forms a
layer that is underturned relative to the passage flow. For example,
at the rotor exit, Stream ‘‘b’’ is the passage flow and Stream ‘‘a’’
is the underturned flow due to the rotor tip clearance.

The turbine tip clearance flow model has been modified for
compressors@16#, and the compressor tip clearance flow model is
shown schematically in Fig. 3. The flow velocities on suction and
pressure sides are obtained from the Bernoulli equation

Wps5AW1
222

pps2p1

r
(1)

Wss5AW1
222

pss2p1

r
(2)

where the subscript 1 refers to the rotor inlet condition. Also,

WG5A2
pps2pss

r
(3)

Since the flow is assumed to be inviscid, the two streams~‘‘jet’’
and ‘‘ss’’ in Fig. 3! that collide have same total pressure, tempera-
ture, and also equal static pressures along their contact line.
Therefore, these two streams must have equal velocity magni-
tudes, and the line OP bisects the angle made byWW jet and WW ss
~Fig. 3!. Then

tan 2u5
WG

Wps
5ACpps

2Cpss

12Cpps

(4)

whereCp5(p2p1)/(rW1
2/2). Notice thatCl85Cpps

2Cpss
, and it

can be shown that the degree of underturning of the vortex rela-
tive to the passage flow can be obtained as

u5cos21A 4

41Cl8
(5)

where

Cl85ZWS cosb1

cosb2
D 2

(6)

andZW refers to the Zweifel coefficient

ZW52
~s/c!

~H/c!
cos2 b2~ tanb12tanb2! (7)

2.2 Blade Scale Analysis. The azimuthal momentum equa-
tion for the flow is

CW '•¹Cy50 (8)

whereCW '5 ıWCx1kWCz is the meridional velocity decoupled from
the azimuthal velocity. The azimuthal component of vorticityvy
5(]Cx /]z)2(]Cz /]x) can be described in terms of the stream
function C as

vy~C!5¹'
2 CS ¹'

2 5
]2

]x2 1
]2

]z2D (9)

The upstream flow is irrotational (vy50). Therefore,C obeys
the Laplace equation. Downstream,vy is concentrated at the in-
terfaces between Streams ‘‘a,’’ ‘‘ b,’’ and ‘‘ c’’ ~QR andQS in Fig.
1!.

Defining the Bernoulli constant asB'5P/r1(1/2)C'
2 ,

vy5
dB'

dC
(10)

From the definition ofB' , with the continuity constraint and the
assumption of spanwise uniform blading,

B'32B'1 5
P32P1

r
(11)

Upstream of the stage,dB'1 /dC50 due to the flow’s irrotation-
ality. Then, Eq.~10! becomes

vy35
dB'3

dC
5

d~B'32B'1!

dC
5

d

dC S P32P1

r D (12)

Fig. 1 Blade and radius scale views of a compressor stage

Fig. 2 Schematic of the tip clearance flow model of Martinez-
Sanchez †14‡

Fig. 3 Geometry of compressor tip vortex roll up
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and vy can be determined from the static enthalpy addition (P3
2P1)/r by the compressor. From Euler’s equation, the static en-
thalpy rise is given by

S P32P1

r D5U~Cy22Cy1!2
1

2
~C3

22C1
2! (13)

At the IGV exit, tangential velocity is given as

Cy15Cx1 tana1 (14)

At the rotor exit, the flow has split into two streams. For the
bladed stream~Stream ‘‘b’’ !, the tangential velocities at the rotor
exit ~2! and stator exit~3! are

Cy2
b 5U2Cx2

b tanb2 (15)

Cy3
b 5Cx3

b tana3 (16)

Thus, the pressure rise for Stream ‘‘b’’ is

S P32P1

r D b

5U~Cy2
b 2Cy1!2

1

2
@Cx3

b21Cy3
b22~Cx1

2 1Cy1
2 !#

(17)

For Stream ‘‘a,’’ the tip scale analysis predicts its rotor exit azi-
muthal velocity to be

Cy2
a 5U2Cx2

a
cos~uR!sin~bm1uR!

cos~bm!
(18)

wherebm is the mean flow angle through the rotor anduR is the
underturning of the Stream ‘‘a’’ relative to the Stream ‘‘b.’’ Also
at the stator exit,

Cy3
a 5Cx3

a tana3 (19)

Similarly, for Stream ‘‘c,’’ the tangential velocities at the rotor
exit ~2! and stator exit~3! are given as

Cy2
c 5Cy2

b (20)

Cy3
c 5Cx3

c
cosus sin~am1us!

cosam
(21)

Thus, the pressure rises for Streams ‘‘a’’ and ‘‘ c’’ are

S P32P1

r D a

5U~Cy2
a 2Cy1!2

1

2
~Cx3

a21Cy3
a2!2S Cx2

a
sin~uR!

cos~bm! D
2

1~Cx1
2 1Cy1

2 ! (22)

and

S P32P1

r D c

5U~Cy2
b 2Cy1!2

1

2
~Cx3

c21Cy3
c2!2S Cx3

c
sin~uS!

cos~am! D
2

1~Cx1
2 1Cy1

2 ! (23)

The third terms on the right-hand side of Eqs.~22! and ~23! are
the kinetic energy dissipated when the leakage through the tip
gaps collides with the passage flow before rolling up into vortices.

To focus on the tip clearance effects, the coordinate system is
transformed to the streamline coordinate from thez coordinate.
Then, the equation forC becomes

Upstream~x,0! ¹'
2 C50 (24)

Downstream~x.0!

¹'
2 C5QRd~C2C rotortip!1Qsd~C2Cstatortip! (25)

whereQ5* i
jvydC5B'3

j 2B'3
i is the strength of thevy between

streamsi and j, andd is Dirac’s delta function.
The boundary conditions are

C~x, 0!50 C~x,H !5Cx0H

C~x502, z!5Cx0z
]C

]x
~x501, z!50 (26)

C1~z!5C3~z!
]C1~z!

]z
5

]C3~z!

]z

From the definition ofB' and Eqs.~17!, ~22!, and ~23!, the
strengths of vorticity,QR andQS , in the shear layers~Fig. 1! are

QR5U~Cy2
a 2Cy1!2U~Cy2

b 2Cy1!

2
1

2 S Cy3
a21S Cx2

a
sin~uR!

cos~bm! D
2

2Cy3
b2D (27)

QS5U~Cy2
b 2Cy1!2U~Cy2

c 2Cy1!

2
1

2 S Cy3
b22S Cx3

c
sin~uS!

cos~am! D
2

2Cy3
c2D (28)

Subsequently, the velocities at various axial locations can be
determined. At the rotor exit, axial velocities for Streams ‘‘a’’ and
‘‘ b’’ are

Cx2
a 5Cx1S 11

qR

2
~12lR! D (29)

Cx2
b 5Cx1S 12

qR

2
lRD (30)

whereqR5QR /Cx1
2 andlR is the nondimentional mass fraction of

Stream ‘‘a.’’ Tangential velocities are given in Eqs.~15! and~18!.
At the stator exit, the axial velocities are

Cx3
a 5Cx1S 11

qR

2
~12lR!1

qS

2
lSD (31)

Cx3
b 5Cx1S 12

qR

2
lR1

qS

2
lSD (32)

Cx3
c 5Cx1S 12

qs

2
~12lS!2

qR

2
lRD (33)

and tangential velocities are given in Eqs.~16!, ~19!, and~21!.
Far downstream of the stator, the axial velocities are

Cx1`
a 5Cx1~11qR~12lR!1qSlS! (34)

Cx1`
b 5Cx1~12qRlR1qsls! (35)

Cx1`
c 5Cx1~12qs~12ls!2qRlR! (36)

and tangential velocities are equivalent to those at the stator exit
given in Eqs.~16!, ~19!, and~21!.

Substituting for velocities in Eqs.~27! and~28! yields two qua-
dratic equations forQR and QS as functions of blade geometry
and mass fractions of Streams ‘‘a’’ and ‘‘ c,’’ lR andlS .

@~122lR!tan2 a3#S qR

2 D 2

12F21tan2 a3S 11
lsqs

2 D G S qR

2 D
1F S 11

qR

2
~12lR! D 2S sinuR

cosbm
D 2

1
2

F S 11
qR

2
~12lR! DT

2
2

F S 12
qRlR

2 D tanb2G50 (37)

where T5@cos~uR!sin~bm 1uR!#/cos~bm!

and for the stator
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@lS
2~ tan2 a32GS!2~122ls!GS#S qS

2 D 2

12F21S 12
qRlR

2 D $lS~ tan2 a32GS!1GS%G S qS

2 D
1S 12

qRlR

2 D 2

~ tan2 a32GS!50 (38)

where GS5S sin~us!

cos~am! D
2

1S cos~uS!sin~am1uS!

cos~am! D 2

.

Next, the mass fractions,lR andlS , can be determined from
the given tip clearances as

lR5
4~ tR /H !

S 12
qR

2
2

qS

2

lS

2
D 1AS 12

qR

2
2

qS

2

lS

2
D 2

24
qR

2

tR

H
(39)

and

lS5
4~ tS /H !

S 11
qS

2
1

qR

2

lR

2
D 1AS 11

qS

2
1

qR

2

lR

2
D 2

24
qS

2

tS

H
(40)

Thus, from the prescribed tip clearancestR /H and tS /H, Eqs.
~37!–~40! can be solved forQR , QS , lR , andlS .

Far downstream, after the completion of flow readjustment, the
thicknesses of Streams ‘‘a’’ and ‘‘ c’’ can be determined as

DR

H
5lRF12

qR

2 S 12
lR

2 D2
qS

2

lS

2 G 11
qR

2
~12lR!1

qS

2
lS

11qR~12lR!1qSlS
(41)

DS

H
5lSF11

qS

2 S 12
lS

2 D1
qR

2

lR

2 G 12
qs

2
~12lS!2

qR

2
lR

12qs~12ls!2qRlR
(42)

Also, the pressure rise across the compressor stage can be de-
termined as

P2`2P1`

r
5U~Cy12Cy2

b !1
1

2
Cx1`

b 22
1

2
Cx2`

21
1

2
Cy3

b 2

(43)

2.3 Radius Scale Analysis. The rotor offset, e, is assumed
to be much smaller than the blade span. Therefore, the tip clear-
ance distribution is given by

t5 t̄ 1Re@ êei ~y/R!# (44)

where t̄ is the mean rotor tip gap, andy is the distance from the
maximum tip gap in the azimuthal direction~Fig. 4!.

2.3.1 Upstream Flow. The irrotational upstream flow is
given by

¹2f50 (45)

where f is the velocity potential. Far upstream,Cx(2`)
5C̄x2` . Near upstream of the stage atx502, the axial and
tangential velocities are

Cx~02,y,t !5Re@C̄x2`1K̂0ei ~y/R!# (46)

Cy~x,y,t !5Re@ iK̂ 0ex/R1 i ~y/R!# (47)

whereK̂0 is the complex amplitude of axial velocity perturbation
as the flow approaches the disk. Therefore, the upstream pressure
is given by

P~x,y,t !5P~2`!2Re@r~C̄x2`!K̂0ex/R1 i ~y/R!# (48)

2.3.2 Downstream Flow. Downstream of the stage, the flow
consists of three regions: Streams ‘‘a,’’ ‘‘ b,’’ and ‘‘ c.’’ The con-
tinuity equation for each stream can be written as

]DR

]t
1

]~Cx
aDR!

]x
1

]~Cy
aDR!

]y
50 (49)

]DS

]t
1

]~Cx
cDS!

]x
1

]~Cy
cDS!

]y
50 (50)

]~H2DR2DS!

]t
1

]~Cx
c~H2DR2DS!!

]x
1

]~Cy
c~H2DR2DS!!

]y

50 (51)

whereH is annulus height andDR andDS are given by Eqs.~41!
and ~42!. The momentum equations for the three streams can be
written as

]CW a,b,c

]t
1~CW a,b,c

•¹!CW a,b,c1
1

r
¹P50 (52)

whereCW is a two-dimensional velocity with axial and tangential
components. Now, each flow parameter can be expressed as

C5C̄1C8 (53)

and

C85Re@Ĉeax1 i ~y/R!# (54)

is a small perturbation about the mean. A homogeneous set of
equations for eigenvalues is obtained by substituting for each flow
variable and linearizing.

Fig. 4 Coordinate system for the model
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3
aD̄R i D̄R /R 0 0 0 0 A 0 0

0 0 aD̄S i D̄S /R 0 0 0 C 0

0 0 0 0 D E 2B 2B 0

A 0 0 0 0 0 0 0 a

0 A 0 0 0 0 0 0 i /R

0 0 C 0 0 0 0 0 a

0 0 0 C 0 0 0 0 i /R

0 0 0 0 B 0 0 0 a

0 0 0 0 0 B 0 0 i /R

4 3
Ĉx

a

Ĉy
a

Ĉx
c

Ĉy
c

Ĉx
b

Ĉy
b

D̂R

D̂S

P̂/r

4 50 (55)

where A5aC̄x
a1 i (C̄y

a/R), B5aC̄x
b1 i (C̄y

b/R), C5aC̄x
c

1 i (C̄y
c/R), D5a(H2D̄R2D̄S ), E5 i (H2D̄R2D̄S)/R.

Then, the nontrivial homogeneous solution is

S Ĉx
a ,Ĉy

a ,Ĉx
b ,Ĉy

b ,Ĉx
c ,Ĉy

c ,D̂R ,D̂S ,
P̂

r
D 5(

i 51

8

K̂ iEi (56)

where Ei ’s are eigenvectors, and the complex constantsK̂ i ’s are to
be determined from matching.

2.3.3 The Upstream–Downstream Coupling. To connect up-
stream and downstream flows, the results from the blade scale
analysis are used. According to the blade scale analysis, the flow
variables depend on the local nondimensional tip clearances,

tR /H & tS /H, and flow coefficient,F. For example,

Cx4
a

U
5

Cx4
a

U S tR

H
,
tS

H
,F D (57)

The downstream and upstream perturbation quantities are deter-
mined from the blade scale results as shown below. The axisym-
metric blade scale results on the right-hand side of Eq.~58! are
perturbed to account for the given geometric nonaxisymmetry.
The perturbation solutions then become nonaxisymmetric radius
scale results on the left-hand side of Eq.~58!. The local flow
coefficient, F, is also determined from matching upstream and
downstream flows.

Radius Scale Blade Scale

1
Ĉx

a

Ĉx
b

Ĉx
c

Ĉy
a

Ĉy
b

Ĉy
c

D̂R

D̂S

P̂/r

2
x501

Perturbation

5F F̂
]

]F
1S e

H D
R

]

]S tR

H D 1S e

H D
S

]

]S tS

H D G 1
Cx

a

Cx
b

Cx
c

Cy
a

Cy
b

Cy
c

DR

DS

P/r

2 5(
i 51

8

Ki$Ei% (58)

2.4 Calculation of Rotordynamic Coefficients. From the
perturbations in flow variables, rotordynamic excitation forces can
be predicted. The tangential force exerted on the compressor by
the fluid per azimuthal length is defined as

f y5lRq~Cy12Cy2
b !1~12lR!q~Cy12Cy2

b ! (59)

whereq is the local mass flux. The mean and the perturbation of
f y are, respectively

f̄ y5l̄Rq̄~C̄y12C̄y2
a !1~12l̄R!q̄~C̄y12C̄y2

b ! (60)

f y85l̄Rq̄~C̄y12C̄y2
a !FlR8

l̄R

1
q8

q̄
1

Cy18 2Cy2
a8

C̄y12C̄y2
a G

1~12l̄R!q̄~C̄y12C̄y2
b !F 2lR8

12l̄R

1
q8

q̄
1

Cy18 2Cy2
b8

C̄y12C̄y2
b G

(61)

The perturbation inf y is almost like the torque variation envi-
sioned by Thomas and Alford. However, they assumed that the
flow remains axisymmetric upstream and downstream of the com-
pressor, and, thus, ignored the effects of mass flux perturbation,
q8/q̄. However, as Eq.~48! shows, rotor and stator tip clearances
do indeed induce azimuthal flow redistribution, and this flow re-
distribution results in a nonaxisymmetric pressure distribution.
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The pressure acting on the rotor hub is approximated as the
average of pressures at the inlet and the exit of the rotor,^P&.

^P&5
P11P2

2
5P12

P12P2

2

5P12
1

2

r

2
@~Cx2

b !2tan2 b22~U2Cy1!2# (62)

^P&85P182
r

2
@C̄x2

b Cx28
b tan2 b21~U2C̄y1!Cy18 # (63)

Nonuniform tangential force and nonuniform pressure can thus
be obtained from Eqs.~61! and~63!. Upon projection onto theX,
Y axes, the total excitation force coefficients, or the rotordynamic
stiffness coefficients, are

~aY1 iaX!~total!5
2 f̂ y1 iL ^P̂&

u f̄ y~e/H !u
(64)

The total coefficientsa~total! , are composed of contributions from
tangential force asymmetrya (wd) , and pressure asymmetrya (p) .
Forces along the rotor offset are called direct forces and are de-
noted with a subscriptX. Forces perpendicular to the rotor offset
are called cross forces and are denoted with a subscriptY.

3 Model Predictions
This section presents the model predictions for the selected

baseline compressor and other compressors. Initially, the ‘‘base-
line’’ compressor chosen for this study is explained, and the pre-
dictions for this compressor are given in the following order. First,
the radial flow redistribution induced by axisymmetric rotor and
stator tip clearances is presented. Second, the azimuthal flow re-
distribution due to nonaxisymmetric tip clearances is shown. For
both, differences and similarities between the predictions of the
new model with rotor and stator clearances~RSC model! and
those of the model with only the rotor clearance~RC model! @12#
are brought out. Third, rotordynamic coefficients at the design
point and off-design points are discussed. Finally, the effects of
various compressor designs on rotordynamic stiffness coefficients
are presented

The characteristics of the ‘‘baseline’’ compressor are given in
Table 1. The design flow coefficient, reaction, and work coeffi-
cient have all been set to 0.5 because they are representative of
modern compressors. The tip clearance values of 2 percent of the
annulus height have been selected because such value is common
in research experiments.

3.1 Blade Scale Predictions. Figure 5 shows the radial pro-
files of axial velocity, absolute tangential velocity, and relative
flow angle at the rotor exit after the flow has split into two
streams. The hub and endwall are atz/H50.0 andz/H51.0,
respectively. Stream ‘‘a’’ is retarded in the axial direction and
underturned in the tangential direction relative to Stream ‘‘b.’’
Figure 6 shows the absolute velocity and flow angle profiles at the
stator exit. Now, the flow has split into three streams. Relative to
Stream ‘‘b,’’ which goes through both rotor and stator blades,
Stream ‘‘c’’ shows characteristics similar to those of Stream ‘‘a.’’
Such results agree with the corresponding predictions from the

RC model of Park@12# shown in Figs. 7 and 8. Underturning is
due to the effects of the tip leakage flow. The axial momentum
defect is caused by flow migration away from the tip clearance
where the pressure rise across the compressor stage is sensed
more. Such effects increase with increasing tip clearance, and this

Fig. 5 Radial distributions of axial velocity, absolute tangen-
tial velocity, and relative flow angle at rotor exit predicted by
the new RSC model

Fig. 6 Radial distributions of axial velocity, absolute tangen-
tial velocity, and absolute flow angle at stator exit predicted by
the new RSC model

Fig. 7 Radial distributions of axial velocity, absolute tangen-
tial velocity, and relative flow angle at rotor exit predicted by
the RC model of Park †12‡

Table 1 Baseline compressor specifications at the design
point

Parameter Value

FD 0.50
CD 0.50
RD 0.50

t̄ R /H 0.02
t̄ S /H 0.02
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trend agrees with the experimental findings of Hunter and Cump-
sty @17#.

Comparing Figs. 6 and 8, the obvious difference between the
new RSC model and the RC model is Stream ‘‘c,’’ which does not
exist in Fig. 8. Thus, the new model can incorporate the effects of
stator gap on the flow field. Focusing on Stream ‘‘a,’’ the stream’s
mass fraction, degree of axial momentum defect, and underturning
in Figs. 6 and 8 are virtually identical. This is because the down-
stream stator tip clearance effect occurs over a length scale on the
order of the tip clearance. However, the axial blade spacing is on
the order of the blade chord, which is at least a couple of orders of
magnitude larger than the tip clearance. Thus, Streams ‘‘a’’ and
‘‘ c’’ are practically decoupled from each other.

3.2 Radius Scale Predictions

3.2.1 Azimuthal Flow Redistribution.First, the upstream
azimuthal flow redistribution induced by tip clearance asymmetry
is discussed. Nondimensional velocity and pressure perturbations
upstream of the compressor predicted by the RC model and the
new RSC model are plotted versus azimuthal locationu in Figs. 9
and 10, respectively. The minimum gap is atu50 deg and maxi-
mum gap is atu5180 deg. Roughly, the mass flux is higher near
the minimum gap in both cases. Again, the higher downstream
pressure is ‘‘felt’’ more near the maximum gap (u5180 deg).
The result is a tangential flow migration away from the larger gap
toward the smaller gap. Then from the Bernoulli relation, the pres-
sure decreases as flow accelerates. The magnitudes of both per-

turbations increase significantly when the stator clearance is intro-
duced. As Eq.~58! shows, the clearance asymmetry acts as the
forcing term, which induces azimuthal flow redistribution. There-
fore, imposing stator tip clearance asymmetry in addition to the
rotor tip clearance asymmetry strengthens the forcing effect. Thus,
the flow becomes more nonuniform with rotor and stator tip
clearances.

Next, the rotordynamic consequences of such flow redistribu-
tion are presented. Tangential force perturbation~also referred to
as the torque asymmetry or blade loading variation! is plotted
versusu in Fig. 11. Since the force on the compressor by the fluid
acts in a direction opposite to the direction of rotation, the mean
value of tangential force.f̄ y /ṁU, is negative. Therefore, accord-
ing to Fig. 11, the compressor rotor blade is loaded less near the
maximum gap. The unloading near the maximum gap occurs
mainly because the tip leakage flow rate is higher there. Such
prediction has been verified by the experimental data from the GE
LSRC @18#. Also, introducing stator clearance asymmetry hardly
changes the perturbation in blade loading because the rotor tip
leakage flow is practically decoupled from the stator tip clearance.

The perturbation in the rotor region static pressure is plotted
versusu in Fig. 12. The pressure has its maximum near the maxi-
mum gap (u5180 deg). Although a similar trend is suggested by
the GE’s LSRC data, the corresponding experimental data do not
exist yet to confirm this effect in compressors. Unlike the blade
loading perturbation, the pressure perturbation is more sensitive to

Fig. 8 Radial distributions of axial velocity, absolute tangen-
tial velocity, and absolute flow angle at stator exit predicted by
the RC model of Park †12‡

Fig. 9 Upstream axial velocity perturbation versus azimuthal
angle

Fig. 10 Upstream pressure perturbation versus azimuthal
angle

Fig. 11 Rotor blade loading perturbation versus azimuthal
angle
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the addition of stator clearance asymmetry~Fig. 10!. In turbines,
the pressure asymmetry, predicted by a similar actuator disk
model, matched well with experimental data@7#.

3.2.2 Design Point Rotordynamic Coefficients.The pre-
dicted excitation coefficients from the new RSC model are listed
in Table 2 and those from the RC model are given in Table 3. The
coefficients due to blade loading variation area (wd)’s and those
due to pressure variation area (p)’s. Both models predict the fol-
lowing: The blade loading variation induces a negative cross
force, which promotes a backward whirl, and a negligible direct
force. The pressure effect leads to a positive cross force, which
induces a forward whirl, and a positive direct force. However, the
models predict different total coefficients. The new model predicts
that theaY~total! , is positive becauseaY(p) is bigger thanaY(wd) .
Thus, a net positive cross force is predicted. However, the RC
model predicts a negligible cross force because the blade loading
and pressure effects cancel each other out inY direction. Both
models predict a positiveaX~total! between 0.4 and 0.6.

In comparison, the parallel compressor model of Ehrich@10#
can predict onlyaY(wd) . The model uses the difference between
compressor characteristics at different axisymmetric tip clearances
to predict torque asymmetry, which is assumed to be in phase with
the clearance distribution. However, no pressure information is
available for the parallel compressor model to predict pressure
asymmetry. Nevertheless, like the new RSC model, the parallel
compressor model predicts a negative cross force due torque
asymmetry.

3.2.3 Off-Design Point Rotordynamic Coefficients.Figure
13 shows a graph of excitation force coefficients versus the oper-
ating flow coefficient. In this case, to model an embedded stage,
the IGV has been replaced with a stator row. If a compressor
operates below its design flow coefficient, excitation force coeffi-
cients increase in magnitude because the amplitudes of flow per-
turbations are magnified at lowF̄. These trends are similar to
those predicted and measured in turbines@7#. Figure 14 shows a
graph of the cross force excitation coefficient due to blade loading
variation,aY(wd) , plotted versusF̄. aY(wd) remains negative but
decreases slightly in magnitude asF̄ increases. This trend has
been verified experimentally in the LSRC at General Electric@18#.

3.3 Parametric Analysis Predictions. This section presents
the predicted effects of compressor design parameters on the ex-
citation force coefficients. The selected parameters are the design
flow coefficient,FD , the design work coefficient,cD , and the
design reaction,RD . They determine compressor blade angles as
shown below.

RD5
1

2
2S tana12tanb2

2 DFD (65)

cD512FD~ tana11tanb2! (66)

Thus, a change in the value of one of the parameters changes both
rotor and stator blade shapes~i.e., angles!, and the effects of vari-

Fig. 12 Perturbation in the average pressure on rotor hub ver-
sus azimuthal angle

Fig. 13 Predicted total and pressure rotordynamic coefficients
versus operating flow coefficient

Fig. 14 Predicted cross rotordynamic coefficients due to
blade loading perturbation versus operating flow coefficient

Table 2 Excitation force coefficients for the baseline com-
pressor „FDÄ0.50, CDÄ0.50, RDÄ0.50… predicted from the new
model „RSC…

Direction a (wd) a (p) a total

X 0 10.4 10.4
Y 20.7 12.1 11.4

Table 3 Excitation force coefficients for the baseline com-
pressor „FDÄ0.50, CDÄ0.50, RDÄ0.50… predicted from the ro-
tor clearance-only „RC… model of Park †12‡

Direction a (wd) a (p) a~total!

X 0 10.6 10.6
Y 20.7 10.6 20.1
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ous compressor designs can be examined. For parametric analysis,
one of the three variables is changed while the other two are held
constant at the ‘‘baseline’’ values.

Figure 15 shows variation ofa~total! anda (p) as the design flow
coefficient is increased.a (wd) is the difference betweena~total! and
a (p) . For the cross force,aY~total! decreases with increasingFD
primarily becauseaY(p) decreases as the magnitude of azimuthal
flow nonuniformity is decreased. Also,aY(wd) remains negative
and its magnitude increases withFD . For the direct force,aX(p)
dominates overaX(wd) and changes sign as the phase of pressure
non-uniformity relative to tip clearance distribution shifts. These
trends are similar to those predicted for turbines in Song and
Martinez-Sanchez@7#.

Figure 16 shows variation of excitation force coefficients as the
design work coefficient is increased. In theY direction, aY~total!
increases primarily becauseaY(p) increases in magnitude. In theX
direction,aX~total! does not change much whileaX(wd) increases.
Overall, increasing the work coefficient is equivalent to strength-
ening the intensity of discontinuity across the actuator disk. Thus,
for a given imposed tip clearance asymmetry, the perturbations in
the flow field increase. In addition, the phases of the flow pertur-
bations relative to the clearance distribution also shift.

Figure 17 shows the variation of excitation force coefficients
versus the design reaction. AsRD increases,aX(p) does not
change much, butaY(p) is reduced significantly. This change is

due to the decrease in the magnitude of azimuthal flow nonaxi-
symmetry.a (wd) is relatively insensitive toRD . Thus, at low de-
sign reactions,aY~total! is increased.

4 Conclusions
The new conclusions of this study can be summarized as

follows:
1 A new analytical model has been developed to examine the

effects of nonaxisymmetry in rotor and stator tip clearances on the
compressor flow field.

2 The new model has reconfirmed the following previously
found trends:~a! radial flow migration away from the tip clear-
ance;~b! azimuthal flow migration towards smaller gap area; and
~c! direction of rotordynamic forces that arise due to pressure and
torque~i.e., blade loading! asymmetry.

In addition, for the baseline compressor, the following conclu-
sions can be drawn.

3 Direct force is mostly due to the pressure asymmetry and is
positive.

4 Torque asymmetry results in a negative cross force that, with-
out damping, would promote a backward whirl. However, pres-
sure asymmetry results in a positive cross force, which would
promote a forward whirl. The net result is a positive cross force.

5 The dominance of pressure asymmetry effects over those of
blade loading asymmetry is due to the introduction of stator clear-
ance asymmetry.

6 The flow associated with the rotor tip clearance is hardly
affected by the existence of the downstream stator tip clearance.

7 The pressure asymmetry induced by azimuthal flow redistri-
bution increases significantly in magnitude with the addition of
stator tip clearance asymmetry.

8 Operating at below the design flow coefficient increases the
magnitude of excitation force coefficients.

Finally, from the results of parametric variation about the base-
line compressor, the following conclusions can be drawn.

9 High design flow coefficient and high design reaction de-
crease the magnitudes of excitation force coefficients.

10 High design work coefficient increase the excitation force
coefficients’ magnitudes.
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Fig. 15 Predicted total and pressure rotordynamic coefficients
versus design flow coefficient

Fig. 16 Predicted total and pressure rotordynamic coefficients
versus design work coefficient

Fig. 17 Predicted total and pressure rotordynamic coefficients
versus design reaction

Journal of Turbomachinery OCTOBER 2000, Vol. 122 Õ 759

Downloaded 01 Jun 2010 to 171.66.16.63. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Nomenclature

B 5 Bernoulli constant, m2/s2

C 5 absolute flow velocity, m/s
c 5 axial blade chord, m

Cl8 5 lift coefficient per unit span
Cp 5 pressure coefficient

e 5 magnitude of rotor offset, m
Ei 5 eigenvector for downstream perturbations
FX 5 lateral force in the direction of the offset, N
FY 5 lateral force perpendicular to the direction of the offset,

N
H 5 annulus height, m

Hb 5 rotor blade span, m
K̂ j 5 complex amplitude of flow perturbations
L 5 axial rotor hub thickness, m
ṁ 5 mass flux, kg/s
P 5 pressure, Pa
Q 5 strength of shear layer, m2/s2

q 5 nondimensional vorticity strength; local mass flux
R 5 mean compressor radius, m
s 5 blade pitch, m
t 5 radial tip clearance, m

U 5 vR 5 compressor rotational speed at the mean radius,
m/s

W 5 relative velocity, m/s
X 5 direction along the rotor offset
x 5 axial direction
Y 5 direction perpendicular to rotor offset
y 5 tangential direction
z 5 radial direction

ZW 5 Zweifel coefficient
a 5 absolute flow angle, deg; eigenvalue

aX 5 direct excitation force coefficient
aY 5 cross excitation force coefficient
b 5 relative flow angle, deg
D 5 thickness of underturned layer downstream of actuator

disk, m
f 5 upstream velocity potential
F 5 Cx /U 5 flow coefficient
l 5 nondimensional mass fraction of underturned flow
u 5 azimuthal angle measured in the direction of rotation

from the minimum gap location, deg; angle of under-
turning relative to passage flow, deg

r 5 density, kg/m3

v 5 angular velocity of rotor shaft rotation, s21

c 5 meridional stream function; work coefficient

Subscripts

D 5 design value
G 5 gap
m 5 mean
p 5 indicates effect due to nonuniform pressure

ps 5 pressure side
R 5 rotor
S 5 stator
ss 5 suction side
t 5 stagnation condition

wd 5 indicates effect due to variation of torque or tangen-
tial force

02 5 near upstream of the actuator disk on the radius scale

01 5 near downstream of the actuator disk on the radius
scale

2` 5 far upstream on the blade scale
0 5 IGV inlet on the blade scale
1 5 rotor inlet on the blade scale
2 5 stator inlet on the blade scale
3 5 stator outlet on the blade scale

1` 5 far downstream on the blade scale
' 5 meridional component

Superscripts

a 5 the part of downstream flow associated with the rotor
tip gap

b 5 the part of downstream flow that has crossed the
bladed part of compressor

c 5 the part of downstream flow associated with the sta-
tor tip gap

8 5 nonaxisymmetric perturbation
- 5 azimuthal mean, or axisymmetric value
^ 5 complex amplitude
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Analysis of Aerodynamically
Induced Whirling Forces in Axial
Flow Compressors
A new analytical model to predict the aerodynamic forces in axial flow compressors due
to asymmetric tip-clearance is introduced. The model captures the effects of tip-clearance
induced distortion (i.e., forced shaft whirl), unsteady momentum-induced tangential blade
forces, and pressure-induced forces on the spool. Pressure forces are shown to lag the
tip-clearance asymmetry, resulting in a tangential (i.e., whirl-inducing) force due to spool
pressure. This force can be of comparable magnitude to the classical Alford force. Pre-
diction and elucidation of the Alford force is also presented. In particular, a new param-
eter denoted as the blade loading indicator is deduced. This parameter depends only on
stage geometry and mean flow and determines the direction of whirl tendency due to
tangential blade loading forces in both compressors and turbines. All findings are suit-
able for incorporation into an overall dynamic system analysis and integration into ex-
isting engine design tools.@S0889-504X~00!01604-4#

1 Introduction
Nonuniform engine tip-clearance distributions, due for example

to a compressor shaft offset from its casing centerline or whirling
in its bearing journal, can induce destabilizing rotordynamic
forces. These forces stem from the strong influence of the tip-
clearance on the local performance of the compressor. As first
reported by Smith@1#, reduced compressor tip-clearance yields
increased compressor pressure rise. In the case of an offset com-
pressor shaft, the blades passing through regions of small tip-
clearance will experience higher blade loading and generate more
lift than the blades operating in the large tip-clearance region.
This results in a net tangential force acting perpendicular to the
direction of the shaft offset and is referred to as the aerodynami-
cally induced cross-coupled force.

Early studies conducted by Thomas@2# and Alford @3# on axial
flow turbines with statically deflected rotors resulted in the postu-
lation of a purely tangential destabilizing reaction force. The so-
called Alford or Thomas force model is based on a cross-coupled
stiffness coefficientKru ~tangential forceFu induced on the rotor
per unit radial deflectionDe! of the form

Kru5
Fu

De
5

bT

Dl
, (1)

whereT denotes the stage torque,D the mean wheel diameter and
l the blade span. The Alfordb parameter was originally conceived
as the change in thermodynamic efficiency per unit change in
normalized clearance. In practiceb has become an empirical fac-
tor to match computational predictions to experimental data. Ifb
is positive, the net tangential force on the rotorFu is in the direc-
tion of shaft rotation inducing forward whirl. Similarly, a negative
b indicates backward whirl tendency. It is recognized that axial
flow turbines tend to generate forward rotor whirl. The early
analysis for turbines set the foundation for new research and cre-
ated an important empirical factor that is considered in the design
of modern jet engines and gas turbines.

Several modeling efforts have been undertaken by many re-
searchers@4–7# to address the issues of whirl-inducing forces in
both compressors and turbines. The disparity between the findings
and the lack of definitive measurements of cross-coupled excita-

tion forces in axial compressors have led to an experimental and
analytical program in the GE Aircraft Engines Low-Speed Re-
search Compressor@8,9#. Two important effects, which could not
be evaluated in the experimental program and have not yet been
modeled in compressors, motivated the work presented here. In
the actual case of a whirling shaft~only static shaft deflections
could be simulated in the experiment!, the unstable rotor would be
whirling at the offset radius at the natural frequency of the system.
It has been suggested that this whirling might have some signifi-
cant effect on the value of the Alfordb coefficients. Second,
nonaxisymmetric pressure distributions on the rotor spool were
identified as a separate forcing source in turbines and its effects
were analyzed by Song and Martinez-Sanchez@7#. It is important
to assess the nature and magnitude of nonaxisymmetric pressure
effects in compressors as well. More specifically, the following
research questions are of interest and are addressed in this paper:

• What level of modeling detail is needed to capture the experi-
mental observations in axial flow compressors?

• How are compressors different from turbines regarding rotor
whirl tendency?

• Can one construct a simple analytical model from first prin-
ciples to determine the whirl tendency in compressorsand in
turbines?

• What drives the destabilizing spool pressure loading and how
important is this effect compared to the Alford force?

• How does rotor whirl frequency affect the aerodynamically
induced destabilizing forces?

The new model presented here was developed under these thrusts
and applied in the GE Aircraft Engines LSRC test program@9#. In
addition a simple, analytical model from first principles is pre-
sented, which predicts the cross-coupled whirl tendency in com-
pressors and turbines.

2 Model Derivation
The new approach consists of two parts: a modified version of

an existing two-dimensional, incompressible tip-clearance com-
pressor stability model reported by Gordon@10# and an aerody-
namically induced force model.

2.1 Unsteady Compressor Tip-Clearance Model. Hynes
and Greitzer@11# present a compressor stability model to assess
the effect of inlet flow distortion. Based on this conceptual frame-
work Graf et al.@12# extended this model to account for steady

Contributed by the International Gas Turbine Institute and presented at the 45th
International Gas Turbine and Aeroengine Congress and Exhibition, Munich, Ger-
many, May 8–11, 2000. Manuscript received by the International Gas Turbine Insti-
tute February 2000. Paper No. 2000-GT-418. Review Chair: D. Ballal.
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nonaxisymmetric tip-clearances. Gordon@10# further modified
this approach to investigate the effect of rotating~unsteady! clear-
ance asymmetries on compressor performance and stability. The
unsteady reduced order force model presented in this paper uses a
modified version of Gordon’s model. The derivation of the com-
pressor model equations is omitted here and a short description of
the modified model is given instead.

The overall analysis consists of models of the inlet and exit
ducts, the blade rows, the downstream plenum and throttle. The
hub-to-tip ratio is assumed high enough to neglect radial varia-
tions of the flow quantities. Thus the model is two-dimensional
with axial and circumferential unsteady flow field variations. Ef-
fects of viscosity and heat transfer outside of the blade rows are
also neglected. The rotor and stator blade rows are modeled as
semi-actuator disks with unsteady inertia and loss terms. Unsteady
deviation effects are not modeled and the relevant Mach numbers
are assumed to be low enough that compressibility effects can be
neglected.

The inputs to the model are the compressor geometry, an axi-
symmetric compressor characteristic, and its sensitivity to changes
in axisymmetric rotor tip-clearance. Assuming linear sensitivity, a
family of compressor characteristics can be generated that is
bounded by the maximum and minimum rotor tip clearance char-
acteristics. In addition, any steady or unsteady tip-clearance dis-
tribution can be prescribed, e.g., shaft offsets, whirling shafts, etc.
The compressor operating point is set by the throttle area.

The model assumes that the background flow is steady in the
reference frame locked to the~rotating! tip-clearance asymmetry.
Hence the steady, nonlinear flow field equations are solved in the
asymmetry frame~see Fig. 3! to obtain the nonuniform back-
ground flow. The model outputs the two-dimensional, nonuniform
distribution of flow coefficient, which is steady in the reference
frame locked to the tip-clearance asymmetry. In the modified ver-
sion of the model the entire distorted flow field~axial and tangen-
tial velocity and static pressure distributions through the compres-
sion system! is reconstructed and transformed back to the absolute
frame. This flow field~now unsteady! will be used to determine
the aerodynamically induced forces on the rotor.

In this paper, the model will be demonstrated using data@5#
from a low-speed compressor with four repeating stages. Figure 1
depicts the experimentally measured axisymmetric compressor
characteristics fore51.4 and 2.8 percent, along with the charac-
teristics used as inputs to the model~solid!. It also shows the
computed mean operating point~1! and the corresponding locus
of local operating points around the circumference~lightly
dashed! for a steady shaft offset ofDe50.7 percent. The mea-
surement of mean operating points for a steady shaft offset in the
same compressor and comparison to the tip-clearance model pre-
dictions is reported in Ehrich et al.@9#.

2.2 Aerodynamically Induced Force Model. Once the un-
steady, two-dimensional flow field has been computed as de-
scribed above, the aerodynamically induced forces can be com-
puted. These forces consist of a spool pressure loading and a
tangential force due to asymmetric turning. Simplified expressions
for these quantities are derived here, and integrated to get the net
forces acting on the rotor.

The spool pressure loading in the rotor frame is readily ob-
tained from the flow field solution. Since the compressor blade
rows have been modeled as semi-actuator disks, only the static
pressure distribution between the blade rows can be directly com-
puted. The unsteady spool pressure loadingpspool(u8,t) ~where
u85(u2Vt) is the tangential coordinate in the rotor frame! is
estimated by averaging the static pressures upstream and down-
stream of the rotor:

pspool~u8,t !5
p1~u8,t !1p2~u8,t !

2
. (2)

This approach assumes that the blade pitch is much smaller than

the wavelength of the circumferential pressure distribution and
makes use of the high hub-to-tip ratio assumption.

To determine the local, unsteady tangential blade loading
f u(u8,t), an unsteadycontrol volume analysis is conducted lo-
cally in the rotor frame. The advantage of this approach is that any
unsteady flow regime~whirling shaft, rotating stall, etc.! can be
considered. A control volume is defined in the rotor frame bound-
ing one blade along the steady streamlines as sketched in Fig. 2,
where the relative velocity vectors are labeled withw. The blade
pitch, blade span, blade chord, mean wheel radius and the stagger
angle are denoted bys, l, c, R, andg, respectively. Generally the
vector momentum equation in integral form is written for inviscid
flows as

]

]t R
V
rv dV1 R

]V
~rv•n dS!v52 R

]V
pn dS1 R

V
rfb dV,

(3)

wherev is the velocity field vector,p the static pressure field, and
fb the elemental body force vector per unit mass. Assuming in-
compressible flow through a constant height annulus, applying Eq.
~3! to the control volume in Fig. 2 in the tangential direction, and
replacing the body force integral by thetotal blade loadingFlu of
opposite sign~the body force acting on the fluid is equal to the
negative of the fluid force on the body:fb52Flu) yields

2rsl cosgc
]

]t
wu121rsl•wx•~wu12wu2!1Dfss5Dpss1Flu .

(4)

The contributions of the net momentum flux and net pressure
force across the streamwise surface boundaries are denoted by
Dfss and Dpss, respectively. Note that the only pressure terms
arise from the streamwise surface boundaries since the pitchwise
surface normaln is perpendicular to the tangential directionu8. It
is assumed for the unsteady term that the velocity inside the con-
trol volume is equal to the average of the velocities at stations 1
and 2.1 The projection of this average velocity in theu direction is
denoted bywu12.

The expression obtained is fairly complicated and needs to be
simplified. Intuitively one can argue that if the wavelength of the
flow nonuniformity is large compared to the blade pitchs, then
Dfss and Dpss across the streamwise surfaces should vanish in

1Using this particular tip-clearance compressor model the flow fieldinside the
blade rows cannot be reconstructed~actuator disk approach!.

Fig. 1 Compressor performance prediction for a steady shaft
offset of D«Ä0.7 percent in the four repeating stage compres-
sor reported in †5‡
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magnitude compared to the unsteady and tangential momentum
flux terms. In fact, if the control volume width set by blade pitch
s is taken to the limitR•du, it can be shown that the streamwise
surface terms are negligible to first order. Thelocal ~per unit
circumferential angle!, unsteady, tangential blade loadingf u can
then be written as

f u~u8,t !5rRl•wx•~wu12wu2!2
rRl cosgc

2

]

]t
$wu11wu2%.

(5)

The next step is to integrate the spool pressure loading and
tangential blade loading distributions defined in Eqs.~2! and ~5!
around the circumference. This is done in the rotor reference
frame (x8,y8) shown in Fig. 3 to obtain the unsteady forces on the
rotor:

f x8
s

~ t !52E
0

2p

pspool~u8,t !•cos~u8!•cspR•du8

f y8
s

~ t !52E
0

2p

pspool~u8,t !•sin~u8!•cspR•du8 (6)

f x8
b

~ t !51E
0

2p

f u~u8,t !•sin~u8!•du8

f y8
b

~ t !52E
0

2p

f u~u8,t !•cos~u8!•du8

where the superscriptss and b denotespool loading andblade
loading, respectively. The spool pressure load acts on the spool
surface of axial lengthcsp, which includes the interblade row
gaps upstream and downstream of the rotor. Finally, these un-
steady forces are transformed back to the reference frame locked
to the tip-clearance asymmetry using the transformation given in
Eq. ~7! to get the aerodynamically induced forcesFx

s , Fy
s , Fx

b and
Fy

b :

FFx

Fy
G5Fcos~~V2v!t ! 2sin~~V2v!t !

sin~~V2v!t ! cos~~V2v!t !
G•F f x8~ t !

f y8~ t !G . (7)

Note that, since the model assumed steady flow in the reference
frame of rotating tip-clearances, the aerodynamically induced
forces are steady in the asymmetry frame.

The magnitude and direction of the four aerodynamically in-
duced rotor forcesFx

s , Fy
s , Fx

b and Fy
b are discussed next. The

main focus will be on the sign ofFy
b , Fy

s , and their sum, since
they determine the tendency of shaft whirl. Two parameters will
be used in the analysis, the Alfordb parameter~nondimensional
Fy

b) and a new parameter denoted as the spool loading parameter
bspool ~nondimensionalFy

s).

3 Analysis and Modeling Results
The model is implemented in a sample analysis for the second

stage of the four repeating stage axial compressor reported in
Ehrich @5#.

3.1 Importance of the Alford b Parameter. In the case of
a steady shaft offset, the tip-clearance asymmetry frame is identi-
cal to the absolute frame. The aerodynamic force model is imple-
mented for the example compressor with a shaft offset ofDe
50.7 percent. To analyze the destabilizing effect of a net tangen-
tial blade loading, onlyFy

b is considered here. The Alfordb pa-
rameter~Eq. ~1!! is computed using the same mean stage torqueT
as in Ehrich@5# in order to compare the model predictions to the
experimentally driven results of Ehrich. The direction of whirl
depends on the direction of the net tangential forceFy

b with re-
spect to shaft rotation. IfFy

b is positive~in the direction of rota-
tion! b is positive and the rotor will tend to forward whirl. Simi-
larly, a negativeb indicates backward whirl tendency. The Alford
b parameter is plotted for different flow coefficients in Fig. 4
~solid line!. The magnitude of the Alfordb parameter and the
dependence of the whirl direction on the flow coefficient agrees
well with the experimentally based predictions by Ehrich@5#
~dashed line!. For low flow coefficients a strong backward whirl
tendency is predicted whereas forward whirl is induced for high
flow coefficients. It should be mentioned that three-dimensional
phenomena such as stator hub clearance and seal leakage effects
can alter the Alfordb parameter and are not accounted for in the
two-dimensional approach. A comparison of the modeling results
to experimental blade force data obtained in the GE Aircraft En-
gines LSRC facility and a discussion of the stator clearance and
seal leakage effects are given in Ehrich et al.@9#.

The two-dimensional unsteady modeling approach seems to
capture the observed compressor phenomena well. The following
questions arise from the result given above: What determines the
direction of whirl tendency in compressors and how do compres-
sors differ from turbines in this regard?

Fig. 2 Unsteady momentum control volume analysis locked to
rotor frame

Fig. 3 Definition of reference frames: rotor frame „x 8,y 8…, ro-
tating asymmetry frame „x ,y …, and absolute frame „ x̃ , ỹ …
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3.2 Blade Loading Indicator Parameter. In order to as-
sess the difference between the whirl tendency in compressors and
the whirl tendency in turbines, one would like to construct a gen-
eral, simple analytical model from first principles. Simplifying Eq.
~5! by neglecting unsteady effects and again assuming constant
axial velocity through the stage, the tangential momentum balance
can be written for both compressors and turbines as shown in
Figs. 5~a, b!, wheref u

comp and f u
turb denote compressor and turbine

tangential blade loading,f is the flow coefficient, andW5w/U is
the nondimensional relative velocity. Using kinematic relations
and the velocity triangles the tangential blade loading can be writ-
ten in general as

f u;f•@12~ tana1tanb!•f#5f•ch
I . (8)

Note that f u points in the negativeu direction in Fig. 5. This
expression holds for both compressors and turbines wherech

I is
the ideal static enthalpy rise for compressors or the ideal static
enthalpy drop for turbines,a is the absolute inlet swirl angle and
b denotes the relative exit swirl angle. Since only variations in
tangential blade loading distribution contribute to the net tangen-
tial rotor force Fy

b , Eq. ~8! can be expanded to first order and
written as

d f u;2@2~ tana1tanb!•f̄21#•df. (9)

Let the bracketed expression be denoted as theblade loading in-
dicator Lb, which only depends on the stage geometry and the
mean value of the flow coefficientf̄. If the tip-clearance is in-
creased the blockage increases and yields a decrease in flow co-

efficient (de;2df). Combining this with Eq.~9!, the following
simple relation holds between the tip-clearance distribution and
the distribution of the local tangential blade loading:

d f u;Lb
•de. (10)

Let us assume that the variation in flow coefficient is purely sinu-
soidal and flow inertia effects are neglected. IfLb is positive,d f u
is in phase with the tip-clearance distribution, and integration
around the annulus yields a positive net tangential blade loading
Fy

b ~in the direction of rotation!. The opposite holds for a negative
blade loading indicator inducingFy

b in the negative direction as
sketched in Fig. 6 at the top. Hence the blade loading indicator is
conjectured to determine the whirl direction for compressors and
turbines.2

This simple model is applied to the four-stage compressor re-
ported in Ehrich@5#. The inlet and exit swirl angles are known at
midspan and assumed to be constant over the compressor operat-
ing range, yielding tana1tanb51.16. Setting the blade loading
indicatorLb to zero one can solve for the mean flow coefficientf̄
for which the net tangential force should vanish. For this particu-
lar compressor iff̄50.431 the net tangential rotor force is zero, if
f̄.0.431 thenLb is positive, inducing forward whirl, and iff̄
,0.431 the compressor tends to backward whirl due to a negative
blade loading indicatorLb. This situation is sketched in Fig. 6
together with the ideal compressor characteristicc̄h

I . Comparison
of this result to the experimentally based Alfordb predictions by
Ehrich @5# in Fig. 4 shows that theb curve crosses zero at a flow
coefficient of 0.435. This agrees well with the simple model result
of f̄50.431 and the predictions of whirl direction tendency. In
order to give more generality to the assessment, two other com-
pressors reported in Ehrich@5# are analyzed. The predictions by
the simple, first principles approach and experimentally based re-
sults by Ehrich@5# are summarized for all three compressors in
Table 1.

The simple model can also be applied to turbines. Turbines
inherently exhibit much higher flow turning than compressors,
especially if they are of impulse type with a degree of reaction
close to zero. Hence, the absolute inlet and relative exit swirl
angles will be much higher than in a compressor rotor. Therefore,

2This analysis is limited to the sign of the Alfordb only and does not include the
effect of spool pressure loading.

Fig. 4 Alford b parameter for four stage compressor reported
in †5‡ and model prediction

Fig. 5 Simplified blade loading analysis for compressors and
turbines

Fig. 6 Simplified whirl analysis of four-stage compressor
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the blade loading indicatorLb is always positive and its sign is
independent of the mean flow coefficient, unlessf̄ is very small
or the degree of reaction is relatively high~less turning!. This
leads to the conjecture that, in turbines, the net tangential blade
loading induces forward whirl over the entire operating range.
This is in agreement with Alford’s hypothesis and observations
reported in literature.

3.3 Effects of Spool Pressure Loading. Nonaxisymmetric
pressure distributions on the rotor spool were identified as a sepa-
rate forcing source in turbines, and its effects were analyzed by
Song and Martinez-Sanchez@7#. It is suggested that this effect is
also important in compressors and its nature and magnitude are
assessed in this section.

To quantify the destabilizing effect of spool pressure loading, a
parameter similar to the Alfordb coefficient is defined:

bspool5
Fy

sDl

TDe
. (11)

The bspool parameter is computed for different flow coefficients
and plotted in Fig. 7. Forward whirl (bspool.0) is induced, with a
maximum value ofbspoolnear compressor stall. This is mostly due
to the fact that the flow field is more distorted for flow coefficients
less than 0.41~the family of compressor characteristics are further
apart at low flows in Fig. 1!. The magnitude ofbspool is about half
the magnitude of the Alfordb parameter for low-flow coefficients.
Note that the forward whirl induced by spool pressure loading
mitigates the backward whirl tendency due to the net tangential
blade loading~Fig. 4!. The nature of the forward whirl tendency
due to spool pressure effects is discussed next.

First let us consider a family of axisymmetric tip-clearance
compressor characteristics with no curvature and neglect unsteady
losses and flow inertia effects in the blade rows and ducts. In this
case the flow instantaneously responds to the distortion induced

by the asymmetric tip-clearance. Regions with tight tip-clearance
yield high total-to-static pressure rise, less blockage, and therefore
a higher flow coefficient. Conserving total pressure in the up-
stream duct~potential flow! and matching the uniform pressure
distribution at the compressor exit yields a lower spool pressure in
the tight tip-clearance region. The opposite holds for regions of
large tip-clearance. The variation in total-to-static pressure rise
dc ts , the variation in flow coefficientdf, and the variation in
non-dimensional spool pressuredpspool/rU2 are plotted in Fig. 8
as dashed lines for the given shaft offset~the tip-clearance distri-
bution is shown as the dotted line in the top plot!. Evaluation of
the first two integrals in Eq.~6! and transformation to the frame of
the shaft offset using Eq.~7! yields Fx

s.0 and Fy
s50 for this

sinusoidal spool pressure distribution. In other words, the aerody-
namically induced rotor force due to spool loading is a purely
radial destabilizing force, as sketched in Fig. 9~a!. The purely
sinusoidal spool pressure loading distribution does not induce
whirl since the aerodynamic rotor force has no tangential compo-
nent (Fy

s50).
Now let us consider the family of compressor characteristics

shown in Fig. 1 and assume that unsteady losses and unsteady
flow inertia effects are present. The total-to-static pressure rise
distributiondc ts is now distorted due to the curvature of the com-
pressor characteristics as depicted in the top plot of Fig. 8~solid
line!. A part of the compressor pressure rise is now devoted to
acceleration of the fluid in the blade row passages. Assuming
quasi-steady flow and no exit swirl, it can be shown that the
following pressure balance across the compressor must hold:

Fig. 7 Spool loading parameter bspool for four repeating stage
compressor reported in †5‡

Fig. 8 Compressor flow field with inertia effects included
„solid … and inertia effects neglected „dashed … for a given tip-
clearance distribution d« „dotted …

Fig. 9 Effect of flow inertia on rotor forces due to spool pres-
sure loading

Table 1 Experimentally based predictions †5‡ and Lb ap-
proach for three axial flow compressors reported in †5‡: back-
ward whirl tendency for f̄Ëf̄0 , forward whirl tendency for f̄
Ìf̄0
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pdn2pt
up

rU2 5c ts2l•
]f

]u
, (12)

wherel denotes the nondimensional fluid inertia in the rotor blade
rows @13#

l5 (
rotors

cx/R

cos2 g
. (13)

In steady flow, the compressor upstream total pressurept
up and

compressor downstream static pressurepdn are uniform, so cir-
cumferential variations inc ts must be directly balanced by varia-
tions in the gradient of flow coefficient

05dc ts2l•
]df

]u
. (14)

This explains why the flow coefficient variation lags the clearance
distribution in Fig. 8. Including flow inertia in the compressor
model results in a relative phase shift in the flow coefficient and
spool pressure distributions, denotedgf andgp in Fig. 8. Due to
this positive phase shift, the spool pressure loading now also
yields a force component in the tangential directionFy

s and in-
duces forward whirl as shown in Fig. 9~b!.

3.4 Effects of Forced Shaft Whirl. In the case of a whirl-
ing shaft, the rotor would be whirling at the offset radius at the
natural frequency of the system. It is therefore important to assess
the effects of this whirling on theb parameters.

The following parameter study is conducted to assess the ef-
fects of forced shaft whirl on the destabilizing rotor forces. The
whirl frequencyv is varied from synchronous backward whirl
(v52V) to synchronous forward whirl (v5V) for a shaft off-
set ofDe50.7 percent. The aerodynamically induced forces act-
ing in the rotating asymmetry frame are computed using Eqs.~6!
and~7!. In order to examine the whirl tendency due to unbalanced
blade and spool loading effects, the Alfordb parameter and the
spool loading parameterbspool are determined. Figure 10 depicts
the b parameters for different flow coefficients and nondimen-
sional whirl frequenciesv/V. The tip-clearance compressor model
can also be used to determine compressor stability. Due to the
flow distortion, which is affected by the shaft whirl, the rotating
stall frequency varies slightly with the forced whirl frequency. For
the four-stage compressor discussed here, rotating stall is pre-
dicted to occur between 22 and 46 percent of rotor frequency.
This rotating stall frequency range is indicated byVRS.

Notice that for low flow coefficients, the Alfordb parameter is
amplified and the spool loadingbspool changes sign close to zero
forced whirl frequency. A detailed analysis of the flow field shows
that the rotating tip-clearance asymmetry induces an enhanced
distortion of the flow near rotating stall. Consider an observer
sitting on the rotating asymmetry frame at the location of the
smallest tip-clearance. The observer will then perceive a steady,
nonuniform flow field, which will have a certain orientation rela-
tive to the observer’s location. The phase and the magnitude of the
fundamental wave form~a single lobed sinusoid indicated by sub-
script 1! of the flow coefficient and the nondimensional spool
pressure are analyzed for different forced whirl frequencies. The
results for a compressor operating point close to stall are shown in
Fig. 11 and the rotating stall frequency range is again indicated by
VRS.

If shaft motion occurs at negative whirl frequencies, the flow
field lags the clearance asymmetry and the relative phase between
the clearance asymmetry and the spool pressure distributiongp is
positive. This translates to a spool loading induced forward whirl,
as described in Fig. 9. The opposite holds for positive whirl fre-
quencies higher than 0.1 and yields backward whirling forces, as
shown in the bottom plot of Fig. 10. Similar arguments hold for
the blade loading distribution since the relative phase between the
net tangential blade loadingFy

b and the rotating clearance asym-

metry can be related to the phase of the flow coefficient~see Eq.
~5!!. Notice thatgf never exceeds690 deg so thatFy

b does not
change sign. This yields a whirl frequency independence of the
sign of the Alfordb parameter as shown in the top plot of Fig. 10.
The enhanced flow field distortion and the zero phasegf near the

Fig. 10 Alford b parameter and spool loading parameter bspool
for forced rotor whirl

Fig. 11 Magnitude and phase of fundamental wave form of
flow coefficient „solid … and nondimensional spool pressure
„dashed … for fÄ0.391
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rotating stall frequency~see Fig. 11! are felt in the net tangential
blade loading and reflected in an amplification ofb nearVRS.

It is important to note the following results from Fig. 10:~1!
The spool loading parameterbspool acts in the direction against
whirl for both large positive and negative forced whirl frequen-
cies. ~2! bspool is of comparable magnitude to the Alfordb. ~3!
bspool opposes the effects of the Alfordb for two cases: for nega-
tive whirl frequencies and low flow coefficients and for positive
whirl frequencies and high flow coefficients.~4! The net effect of
bspool and the Alfordb yields backward whirl for forced whirl
frequencies ranging from20.5 to11. To the author’s knowledge
no rotor whirl experiment has been reported in literature in order
to compare the modeling results to data. Spakovszky et al.@14#
report a feasibility study of a magnetic bearing servo-actuator for
a high-speed compressor stall control experiment. The described
experiment could be used to whirl and precess the compressor
shaft actively to investigate rotordynamic–aerodynamic coupling
effects.

Note also that the frequency coincidence between enhanced
whirl tendency and rotating stall leads to the conjecture that in an
engine, where the rotordynamics and compressor aerodynamics
form one dynamic system, shaft whirl can interact and reso-
nate with flow instability patterns such as rotating stall. The cur-
rent uncoupled modeling results are an important piece of an
overall dynamic system analysis since they separate the basic ef-
fects of whirl inducing forces. A nonlinear, coupled system
analysis is suggested to investigate the dynamic behavior of
the compressor–rotor system. Current research on rotordynamic–
aerodynamic interaction in axial compression systems is reported
by Al-Nahwi @15#.

4 Conclusions and Summary
This paper reports a new unsteady low-order model to predict

aerodynamically induced whirling forces in axial flow compres-
sors. The model consists of two parts: a tip-clearance induced
distortion model and an aerodynamically induced force model.
The distortion model predicts the flow response to given~rotating!
tip-clearance asymmetries. The force model then uses this dis-
torted unsteady flow field to deduce the forces on the rotor. The
force model is not limited to this particular compressor model;
any prediction of the compressor flow field can be used~i.e., CFD,
experimental data, etc.!. The model computes destabilizing rotor
forces due to nonuniform tangential blade loading and nonuniform
spool pressure loading effects for steadily deflected and whirling
shafts.

The model is implemented in a sample analysis for the four
repeating stage axial compressor reported in Ehrich@5#. A steady
shaft offset ofDe50.7 percent tip-clearance over span is consid-
ered first and the computed Alfordb parameter is in good agree-
ment with the results reported in Ehrich@15#.

In addition, a simple model from first principles is presented.
This analytical approach introduces a simple parameter denoted as
the blade loading indicator. The blade loading indicator depends
only on the stage geometry and the mean flow coefficient and
determines the direction of whirl tendency due to tangential blade
loading forces in both compressors and turbines.

A spool loading parameterbspool, analogous to the Alfordb
parameter, is introduced and predicts forward whirl for steady
shaft offsets. The effect of flow inertia on the spool pressure load-
ing is investigated and the modeling results show that the flow
field lags the clearance distribution due to the fluid inertia. This
phase shift induces destabilizing rotor forces, due to spool pres-
sure loading effects, which add to the forces predicted by Alford.

Forced shaft whirl is simulated to assess the effects of shaft
motion on the destabilizing rotor forces. Thebspool parameter
acts in the direction against whirl and is of comparable magni-
tude to the Alfordb. It opposes the effects of the Alfordb
for negative whirl frequencies and low flow coefficients and for
positive whirl frequencies and high flow coefficients. Also, the

frequency coincidence between shaft whirl and rotating stall
suggests nonlinear coupling effects between the aerodynamics
and the rotordynamics.

An important element in the design of rotordynamically stable
jet engines is the accurate prediction of the aerodynamically in-
duced forces. The reported results are compared to experimental
blade force data obtained from the GE Aircraft Engines LSRC test
facility in Ehrich et al. @9#. The presented aerodynamically in-
duced force model forms an important basis for an overall dy-
namic system analysis and is suggested as an integral part of
engine design tools.
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Nomenclature

a 5 absolute inlet swirl angle
b 5 relative exit swirl angle, Alford parameter
c 5 chord

D 5 mean wheel diameter
f ,F,f 5 loading, force, momentum flux

f 5 flow coefficient
e,De 5 tip-clearance/span, shaft offset/span

g 5 stagger angle, phase angle
Kru 5 cross-coupled stiffness coefficient

l 5 blade span
l 5 rotor blade row inertia

Lb 5 blade loading indicator
n 5 surface normal

p,p 5 static pressure, pressure force
c,ch 5 pressure rise, enthalpy rise

R,r 5 mean wheel radius, density
s 5 blade pitch

t,T 5 time, stage torque
u,u8 5 circumferential angle~absolute and rotor frame!

U 5 mean wheel speed
v,v 5 absolute velocity~vector!

w,w 5 relative velocity~vector!
v,V 5 whirl frequency, rotor frequency
x,y 5 coordinates in asymmetry frame

x8,y8 5 coordinates in rotor frame
x̃,ỹ 5 coordinates in absolute frame
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A Navier–Stokes Analysis of the
Stall Flutter Characteristics of the
Buffum Cascade
Numerical stall flutter prediction methods are much needed, as modern jet engines re-
quire blade designs close to the stability boundaries of the performance map. A Quasi-3D
Navier–Stokes code is used to analyze the flow over the oscillating cascade designed and
manufactured by Pratt & Whitney, and studied at the NASA Glenn Research Center by
Buffum et al. The numerical method solves for the governing equations with a fully
implicit time-marching technique in a single passage by making use of a direct-store,
periodic boundary condition. For turbulence modeling, the Baldwin–Lomax model is
used. To account for transition, the criterion to predict the onset location suggested by
Baldwin and Lomax is incorporated. Buffum et al. investigated two incidence cases for
three different Mach numbers. The low-incidence case at a Mach number of 0.5 exhibited
the formation of small separation bubbles at reduced oscillation frequencies of 0.8 and
1.2. For this case the present approach yielded good agreement with the steady and
oscillatory measurements. At high incidence at the same Mach number of 0.5 the mea-
sured steady-state pressure distribution and the separation bubble on the upper surface
was also found in good agreement with the experiment. But computations for oscillations
at high incidence failed to predict the negative damping contribution caused by the
leading edge separation.@S0889-504X~00!01304-0#

Introduction
A review of aeroelastic prediction methods for axial-flow tur-

bomachinery@1# showed that the commonly used unsteady flow
models were limited to two-dimensional linearized methods. Dur-
ing the past twelve years, tremendous advances in CFD have
made it possible to replace some of these models by nonlinear
three-dimensional flow models. However, the simulation of strong
viscous flow effects is still fraught with many uncertainties, mak-
ing it difficult to predict some important aeroelastic phenomena.
One of these phenomena is stall flutter, where the currently used
empirical correlations for the stall flutter boundary prediction of
compressor and fan blades have yet to be replaced by ‘‘rational’’
computational methods based on the solution of the Navier–
Stokes equations. These uncertainties are caused by the well-
recognized difficulties to model laminar-to-turbulent flow transi-
tion and turbulent flow in the presence of strong flow oscillations.
Furthermore, it is likely that stall flutter cannot be modeled by
purely two-dimensional methods because separated flows tend to
be three-dimensional. This situation is complicated even further
for the case of high subsonic/transonic stall flutter due to the for-
mation of shock waves.

In this situation the computational fluid dynamicist has no
choice but to proceed to increasingly more demanding flow mod-
eling and to evaluate the validity of the model against well-
controlled experiments. Most investigators are agreed that the
modeling has to be based on the Navier–Stokes equations. How-
ever, great savings in CPU times can be achieved if the flow is
decomposed into a steady nonlinear flow upon which small har-
monic perturbations are superimposed. The most recent example
for this type of approach was presented by Clark and Hall@2#
following the work of Hall and Crawley@3#, Kahl and Klose@4#,
and Montgomery and Verdon@5#. On the other hand, time linear-
ization imposes limits on the oscillation amplitudes and hence it is
prudent to evaluate time-linearized results against solutions of the

nonlinearized unsteady Navier–Stokes equations. Furthermore,
recent steady and dynamic stall computations for single airfoils
have yielded markedly improved agreement with measured hys-
teresis loops if the Baldwin and Lomax@6# algebraic turbulence
model was replaced by the one-equation Baldwin and Barth@7#
and Spalart and Allmaras@8# models and the laminar-to-turbulent
transition onset and length was incorporated into computations, as
shown by Ekaterinaris and Platzer@9#, Sanz and Platzer@10#, We-
ber and Platzer@11#, Weber et al.@12#, and Eulitz@13#.

The approach presented in this paper is based on the reasoning
given above. Although three-dimensional flutter computations are
presently being developed, for example by Bakhle@14# and Chew
et al. @15#, we believe that such an approach is still premature for
the analysis of stall flutter. Therefore, the present analysis is based
on the Quasi-3D Navier–Stokes equations without any further
linearization assumptions. Such an approach was also adopted by
He @16#, Eguchi and Wiedermann@17#, Abhari and Giles@18#,
Grüber and Carstens@19#, Weber et al.@20,21#, Kato et al.@22#,
Tuncer et al.@23#, Carstens and Schmitt@24#, Fourmaux@25#, and
Lin and Murthy @26#. The turbulence modeling still relies on the
simple algebraic Baldwin–Lomax model, but the transition onset
criterion introduced by Baldwin–Lomax is incorporated. The re-
sults are evaluated by comparison with the oscillating cascade
measurements of Buffum et al.@27# which appear to be the most
reliable data for such a comparison at the present time.

Mathematical Model
The present algorithm solves the nondimensinalized time-

dependent Quasi-3D Navier–Stokes equations. The equations are
derived for anm, w-coordinate system withm in axial andw in
circumferential direction. It represents S1-stream surfaces of revo-
lution at a radiusr with a variable stream surface thicknessB to
account for three-dimensional flow effects. Following Benetschik
@28#, the Favre-averaged governing equations in strong conserva-
tion law-form transformed to curvilinear coordinates~j, h! can be
given in a rotating frame of reference as follows:

] tÛ1]jS Ê2
1

Re
ÊvD1]hS F̂2

1

Re
F̂vD5Q̂ (1)
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in which J5](m,w)/](j,h) is the Jacobian matrix of transforma-
tion, and whereÛ is the vector of conservative variables

Û5JrBH r
rvm

rrvw

u rot

J , (2)

Ê and F̂ are the Euler fluxes

Ê5JBH rWj

rvmWj1rpjm

rrvwWj1rpjw

erotW
j1pwj

J , (3)

F̂5JBH rWh

rvmWh1rphm

rrvwWh1rphw

erotW
h1pwh

J , (4)

and Êv and F̂v the viscous fluxes

Êv5JH 0
rrtmmjmm1tmwjw

r ~rrtmwjmm1twwjw!

rEevjm1Fevjw

J , (5)

F̂v5JH 0
rrtmmhmm1tmwhw

r ~rrtmwhmm1twwhw!

rEevhm1Fevhw

J , (6)

where

Eev5wmtmm1wwtmw1qm , (7)

Fev5wmtmw1wwtww1qw , (8)

and the source vectorQ̂ due to the coordinate transformation for
the S1-system

Q̂v5JrB5
0

rvw
2

1

r

]r

]m
1

p

rB

]rB

]m

0

0
6 . (9)

The transformed components of the heat fluxq and the stress
tensort are given in more detail in Weber et al.@20#. In these
equationsr denotes the density andp the pressure. The absolute
and relative velocity components arevm ,vw , and wm ,ww , re-
spectively. The contravariant velocitiesWj andWh are given by:

Wj5r jm~wm2cjm!1jw~ww2cjw! (10)

and

Wh5rhm~wm2chm!1hw~ww2chw! (11)

with the components of the contravariant cell face velocitiescj,ch

which have to be introduced due to the time-dependent deforma-
tion of the grid. The volume specific total energyerot and the
rothalpyH rot assuming perfect gas are defined as:

erot5
p

k21
1

r

2
~vm

2 1vw
2 !2Vrrvw (12)

and

H rot5
erot1p

r
(13)

with k the ratio of the specific heats, andV in case of a rotor flow
as the angular velocity. To model the turbulent stresses, a turbu-
lent eddy viscosity is computed following the turbulence model of
Baldwin and Lomax@6#. The laminar viscosity is predicted by
Sutherland’s law. The onset of laminar/turbulent transition is
found with the criterion suggested by Baldwin and Lomax@6#
using Cmutm of 14. Furthermore, an effective thermal transport
coefficient is introduced, using a laminar and a turbulent Prandtl
number.

Equation~1! is nondimensionalized referring to the free-stream
total density, the free-stream total velocity of sound, the free-
stream total viscosity, and the chord length.

Numerical Method
A finite volume technique is applied for the numerical solution

of Eq. ~1!, which is discretized in a node-centered form. Central
and antisymmetric differences are used to compute the viscous
fluxes. The inviscid fluxes are computed with an upwind FDS
scheme by Roe@29#. At each volume cell face it solves for an
approximative Riemann problem by computing a numerical flux
function. For example in thej direction, the definition of the flux
function for a cell face located at (i 11/2,j ) is:

Ê~Û! i 11/2,j5
1

2
@Ê~ÛL! i 11/21Ê~ÛR! i 11/2

2~R̂juL̂juL̂ j~ÛR2ÛL!! i 11/2# (14)

with the initial state vectorsÛL at the left andÛR at the right side
of the cell face,L̂ j the left andR̂j the right matrices of the left and
the right eigenvectors, respectively andL̂j the diagonal matrix of
eigenvalues with respect toÊ. The components of the matrices are
obtained using the Roe average.

With Eq. ~14!, a characteristic wave decomposition is achieved,
resulting in two acoustic waves, one shear, and one entropy wave.
Herein the eigenvalues describe the characteristic speed and the
direction of the waves. Consistent with the characteristic compat-
ibility relations, the change of the characteristic variable across
the cell face can be computed due to the particular eigenvalue
formulation.

To assure a minimum amount of artificial viscosity in the whole
computational domain, a method suggested by Harten@30# is
implemented, as well as a correction of the eigenvalues to over-
come a nonphysical negative entropy change across expansion
fans. The spatial discretization of the inviscid fluxes is extended to
third-order accuracy by applying the MUSCL technique@31# to-
gether with the TVD scheme by Harten@30# and the van Albada
limiter function to avoid stability problems.

The fully implicit time-integration of Eq.~1! is performed
second-order accurate in time following the scheme of Rai and
Chakravarthy@32#. Time accuracy is improved by using Newton
subiterations to minimize linearization errors at each time step
while the system of equations itself is solved iteratively by a
Gauss–Seidel relaxation method. For unsteady computations best
performance in terms of accuracy and convergence was found by
using three Newton subiterations at each time step.

Boundary Conditions and Unsteady Grid Generation. The
numerical treatment of the far field boundary conditions follows a
method of characteristics proposed by Chakravarthy@33#. For the
up- and downstream boundaries, the number of physical boundary
conditions depends on the number of characteristics entering the
computational domain neglecting all viscous terms. At the inflow
boundary the total pressure, the total temperature, and the inflow
angle are imposed. At the outflow boundary only the exit pressure
is prescribed. For viscous flows Stokes’ nonslip condition is ap-
plied on the surface of the blade, assuming an adiabatic wall and
a vanishing normal pressure gradient. The assumption of a zero
normal pressure gradient for unsteady flows is still correct if the
reduced frequency of the blade oscillation is small.
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At the periodic boundary use is made of the direct store method
introduced by Erdos et al.@34#. This boundary condition allows
the simulation of harmonically oscillating blades for any inter-
blade phase angle with only one passage. Convergence is
achieved if the difference between the flow quantities compared
with the flow quantities of the previous cycle are below a certain
limit. To avoid large storage requirements, the flow variables at
the periodic boundaries are not stored at each time step, making
use of a technique introduced by Peitsch et al.@35#.

The simulation of the blade motion requires an unsteady regen-
eration of the C- or O-type grid. Therefore, the grid is divided into
three zones. The first zone includes the blade surface and the grid
lines inside the boundary layer preserving the orthogonality of the
grid on the surface. This zone moves as a solid body according to
the chosen mode of oscillation. Wrapped around the first zone is
the second zone, which is surrounded by a stationary nondeform-
ing third zone. The second zone is deformed at each time step and
the grid is regenerated by solving the Laplace equation. Experi-
ence shows that it is not necessary to run the grid regeneration at
each time step. Instead, it is sufficient to use a linear interpolation
between newly regenerated grids. The third zone is kept fixed to
save the orthogonality of the grid at the outer boundaries.

The Navier–Stokes code has been tested extensively for a va-
riety of steady and unsteady subsonic and transonic test cases,
such as@20,21,28#.

Computational Results and Discussion
Computations were performed to investigate the flutter charac-

teristics of the Buffum cascade. This cascade was developed to
improve the understanding of the unsteady flow phenomena which
cause stall flutter. The measurements were taken in the wind tun-
nel of the NASA Glenn Research Center, where this linear nine-
blade cascade was installed. A series of steady and oscillatory
measurements were taken for free-stream Mach numbers of 0.2,
0.5, and 0.8 at low and high incidence. In the experiment all
blades were executing a harmonic pitching motion around the

midchord point with an amplitudeâ of 1.2 deg at an interblade
phase angleF of 180 deg. The reduced frequencyk52p f c/U`
was varied between 0.4 and 1.2. The stagger angleg of the low-
aspect-ratio fan blade tip section was 60 deg, the chord lengthc
was 0.0889 m, and the solidityc/s was 1.52.

In this paper we analyze only the steady and oscillatory data for
a free-stream Mach number of 0.5 and a Reynolds number Re of
0.93106. The corresponding experimental results as well as the
details of the test facility were discussed and given in detail by
Buffum et al.@27#.

All steady-state and unsteady computations for the Buffum cas-
cade were performed on an O-type 241361 point Navier–Stokes
grid. Several grids were tested and the initial wall spacing de-
creased until the solution became independent of the grid fory1

,1.5. The grid is shown in Fig. 1, including a magnification of
the leading edge~top left! and the trailing edge~bottom right!.

Steady-State Low-Incidence Flow. Before running an un-
steady computation, a steady-state solution was computed. In Buf-
fum et al. @27#, the in-flow anglea corresponding to low inci-
dence was given to be 60 deg at a pressure ratiopexit /p` of 0.93.
In order to obtain good agreement with the experimental data, the
pressure ratio for the numerical simulation had to be changed to
0.936, resulting in an averaged inflow angle of 61.1 deg. The
computed data were compared with the measured chordwise pres-
sure coefficient distributions with a definition of the steady pres-
sure coefficient as follows:

CpS x

cD5

pS x

cD2p`

r`U`
2 . (15)

Two steady-state computations, one fully turbulent and one in-
cluding transition, were performed. In Fig. 2 the predicted pres-
sures are seen to compare well with the experimental data.

Figure 2 also includes experimental data on the neighboring
blades to indicate the degree of periodicity in the test cascade. The
difference between the development of the boundary layer without
and with transition is seen to be small. A re-laminarization was
predicted at the trailing edge while the strongest influence of tran-
sition could be seen close to the leading edge. In Fig. 3 the pres-
sure distribution at the leading edge is given in more detail. Both
computations predicted the stagnation point slightly on the lower
surface, reaching aCp of 0.5. Starting from the stagnation point,
the flow was accelerated on both surfaces of the blade, as can be
seen from the two suction peaks. The higher acceleration was

Fig. 1 O-type 241 Ã61 point grid for the Buffum cascade
Fig. 2 Steady-state pressure distribution, MÄ0.5, a
Ä61.1 deg, ReÄ0.9Ã106
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found on the upper surface, e.g., the fully turbulent flow predic-
tion reached aCp of 21 ~Fig. 3!. The transition criterion of
Baldwin–Lomax predicted a laminar region for 11 percent chord
length on the lower surface. On the upper surface the turbulent
flow started at 1 percent chord length. Furthermore, a separation
bubble was found on the upper surface. The bubble length was
approximately 5.5 percent of chord length independent of transi-
tion, while the bubble size was bigger for the computation, includ-
ing transition. The predicted steady-state velocity vector distribu-
tion including transition is given in Fig. 4. One can see that the
separation occurs on the upper surface of the blade at the point
where the curvature of the blade surface changes sign.

Flutter at Low Incidence. At low incidence oscillatory mea-
surements were taken for reduced frequencies of 0.4, 0.8, and 1.2.
However, fork50.4, the measured data have not been published

because the passage-to-passage periodicity was too poor. For
analysis of the unsteady data a first harmonic unsteady pressure
coefficient is defined as follows:

Cp1stS x

cD5

p1stS x

cD
âr`U`

2 . (16)

In Figs. 5 and 6 the real or in-phase part Re( ) and the imagi-
nary or out-of-phase part Im( ) of the first harmonic unsteady pres-
sure coefficient are compared with the experimental data for a
reduced frequency of 1.2.

The real part is seen to agree well with the measured data.
Again, the fully turbulent computation differed only slightly from
the computation, including transition. The biggest difference was
found on the upper surface of the blade between the leading edge
and 16 percent chord length. Although the trend of the measured
out-of-phase part of the unsteady pressure is predicted well, the
quantitative agreement is worse than for the in-phase part. The
influence of transition is again strongest on the upper surface be-
tween the leading edge and 16 percent chord length. Similar re-

Fig. 3 Steady-state pressure distribution at leading edge, M
Ä0.5, aÄ61.1 deg, ReÄ0.9Ã106

Fig. 4 Steady-state velocity vectors at leading edge, MÄ0.5,
aÄ61.1 deg, ReÄ0.9Ã106

Fig. 5 Real part of unsteady pressure distribution at low inci-
dence, kÄ1.2, FÄ180 deg, MÄ0.5, ReÄ0.9Ã106

Fig. 6 Imaginary part of unsteady pressure distribution at low
incidence, kÄ1.2, FÄ180 deg, MÄ0.5, ReÄ0.9Ã106
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sults were found for a reduced frequency of 0.8. Since the out-of-
phase part of the unsteady pressure determines the damping or
excitation of the blade motion, it is convenient to define the aero-
dynamic damping parameterJ52Im(Cm) with Cm as the time-
dependent moment coefficient:

Cm~ t !5

2E rW

c
3FpS x

c
,t D dx

c
eW nG

âr`U`
2 (17)

with rW the vector pointing from the pivot location to an arbitrary
point on the surface andeWn the unit vector normal to the blade
surface. A positive value corresponds to a damped oscillation.

Buffum et al. presented a local stability analysis by plotting
(0.52x/c)Im(Cpps2Cpss)1st . The numerically predicted local sta-
bility in comparison with the experimental data is given in Figs. 7
and 8 for reduced frequencies of 1.2 and 0.8, respectively. For
both reduced frequencies the computed local stability was greater
than the measured stability between 0 and 40 percent chord length
and smaller thereafter. The incorporation of transition for a re-
duced frequency of 1.2 slightly increased the stability.

Figure 9 shows a counterclockwise variation of the pitching
moment during one oscillation cycle thus indicating positive
damping. As expected, the aerodynamic damping increased with
increased reduced frequency. In this figure the time-dependent
development of the moment coefficient is plotted versus the non-
dimensional pitching anglea85@a(t)2g#/â. As already seen
from Fig. 7, including transition slightly increased the damping.

It is of special interest to study the behavior of the separation
bubble as a function of the oscillation frequency. Therefore, com-
putations for a reduced frequency ofk50.2 were also performed.
The bubble length during the blade oscillation was almost 22 per-
cent of chord length, independent of the reduced frequency. For a
reduced frequency of 0.2, the largest bubble size occurred shortly
after reaching the highest pitching angle. For the reduced frequen-
cies of 0.8 and 1.2 the maximum was reached almost a quarter
cycle later. Furthermore, a separation bubble of a maximum size
of 3 percent chord length was predicted on the lower surface. The
bubble occurred shortly before reaching the lowest pitching angle
and vanished completely a quarter cycle later. As expected, a
further decrease of the reduced frequency decreased the damping
parameter even more. It is also interesting to note that the blade is
subjected to a pitching moment fluctuating between positive and
negative values for all reduced frequencies.

At low-incidence convergence of the unsteady computations
was reached after 6 to 8 cycles using 1000 time steps per cycle
and three Newton subiterations for each time step.

Steady-State High-Incidence Flow. Contrary to the experi-
mentally determined inflow angle of 70 deg at a pressure ratio of
1.03, the best agreement between the measured and computed
pressure distribution was obtained for a pressure ratio of 0.97
resulting in an inflow angle of 67.2 deg; see Fig. 10.

At this angle, the predicted pressure distribution on the lower
surface agreed well with the measured data up to 70 percent chord
length and was slightly too high thereafter. On the upper surface
good agreement was found between the leading edge and 20 per-
cent chord length. Starting at 20 percent chord length the pre-
dicted pressure was slightly higher until 45 percent chord length
and again between 75 percent chord length and the trailing edge.

A study of the influence of three-dimensional effects due to the
formation of corner vortices was performed by varying the
S1-stream surface thickness of the grid shown in Fig. 1. The
two-dimensional numerical results with and without transition
shown in Fig. 10 could not be improved by this Quasi-3D com-
putation. Transition onset was found at 0.6 percent chord length
on the upper surface while laminar flow to 13 percent chord

Fig. 7 Local stability analysis at low incidence, kÄ1.2, F
Ä180 deg, MÄ0.5, ReÄ0.9Ã106

Fig. 8 Local stability analysis at low incidence, kÄ0.8, F
Ä180 deg, MÄ0.5, ReÄ0.9Ã106

Fig. 9 Predicted pitching moment coefficient at low incidence,
FÄ180 deg, MÄ0.5, ReÄ0.9Ã106
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length was predicted on the lower surface. The turbulent boundary
layer was re-laminarized at the trailing edge. Including transition
improved the predicted pressure distribution on the upper surface
between the leading edge and 20 percent chord length. In Fig. 11
the steady-state Mach number contours show the separated flow
region on the upper surface. A bubble of almost 50 percent chord
length was found that was 10 percent longer than the measured
bubble.

Flutter at High Incidence. Measurements for reduced fre-
quencies of 0.4, 0.8, and 1.2 were taken at high incidence. In Figs.
12 and 13 the computed real and imaginary parts of the first har-
monic unsteady pressure coefficient at a reduced frequency of 1.2
are compared with the experimental results. Although the mea-
sured trend of the real part, especially on the upper surface, was
predicted by the computation, the agreement is less accurate than
for the low incidence case; see Fig. 5. However, in contrast to the

unsteady low incidence computations, the predicted imaginary
part at high incidence is in better agreement with the experimental
results than the real part. A similar behavior was found for the
reduced frequencies of 0.4 and 0.8. The overall agreement became
slightly worse with decreasing reduced frequency. The opposite
behavior was found for the low-incidence computations.

In Fig. 14 snapshots of the unsteady Mach number contours at
a reduced frequency of 1.2 are shown. The snapshots were taken
at four different times during one cycleT. Here the development
of the separation bubble from a small bubble to a bubble extend-
ing to 64 percent chord length can be seen.

A comparison of the low- and high-incidence measurements of
the local stability, Figs. 7, 8, 15, 16, 17, shows that the leading
edge region makes a decisive contribution to the total stability. In
the low-incidence case the leading edge contributes positive
damping, whereas in the high-incidence case the flow separation
near the leading edge on the upper surface causes a destabilizing
pitching moment. As seen in Figs. 15, 16, 17, the computations
fail to capture this destabilizing leading edge moment, but the
local moment contribution from about 15 percent chord to the

Fig. 10 Steady-state pressure distribution, MÄ0.5, a
Ä67.2 deg, ReÄ0.9Ã106

Fig. 11 Steady-state Mach number contours, MÄ0.5, a
Ä67.2 deg, ReÄ0.9Ã106

Fig. 12 Real part of unsteady pressure distribution at high in-
cidence, kÄ1.2, FÄ180 deg, MÄ0.5, ReÄ0.9Ã106

Fig. 13 Imaginary part of unsteady pressure distribution at
high incidence, kÄ1.2, FÄ180 deg, MÄ0.5, ReÄ0.9Ã106
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trailing edge are predicted quite well fork51.2, while significant
differences are apparent up to midchord for thek50.8 andk
50.4 cases. A separation bubble is found to exist on the upper
surface during the complete oscillation cycle. Att50.14T the
bubble reaches its smallest length of 34 percent chord length,
which is 16 percent less than in the steady-state solution. The
largest bubble is seen att50.9T, where it reaches a length of 65
percent chord. On the lower surface the flow remained attached
during the complete oscillation cycle.

The pitching moment hysteresis loops and the damping param-
eter in dependency of the reduced frequency are given in Fig. 18.

Fig. 14 Predicted unsteady Mach number contours at high in-
cidence, kÄ1.2, FÄ180 deg, MÄ0.5, ReÄ0.9Ã106

Fig. 15 Local stability analysis at high incidence, kÄ1.2, F
Ä180 deg, MÄ0.5, ReÄ0.9Ã106

Fig. 16 Local stability analysis at high incidence, kÄ0.8, F
Ä180 deg, MÄ0.5, ReÄ0.9Ã106

Fig. 17 Local stability analysis at high incidence, kÄ0.4, F
Ä180 deg, MÄ0.5, ReÄ0.9Ã106

Fig. 18 Predicted unsteady aerodynamic moment coefficient
at high incidence, FÄ180 deg, MÄ0.5, ReÄ0.9Ã106

Journal of Turbomachinery OCTOBER 2000, Vol. 122 Õ 775

Downloaded 01 Jun 2010 to 171.66.16.63. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



The almost elliptical shape of the hysteresis loops indicate a linear
response of the flow field to the prescribed motion. Furthermore,
in contrast to the low-incidence case, the pitching moment is seen
to be positive for all reduced frequencies.

Convergence of the computations for the different high-
incidence cases was obtained after 8 to 12 cycles. As for the
low-incidence case, 1000 time steps per cycle in combination with
three Newton subiterations for each time step were used. All com-
putations were performed on SGI Octane 250 MHz, R10000
workstations, and Pentium II-400 Linux PCs.

Concluding Remarks
At low incidence the steady and oscillatory flow cases showed

encouraging agreement with the experiment. As expected, the
computed aerodynamic damping increased with increasing oscil-
lation frequency. These results are consistent with the time-
linearized Navier–Stokes computations of Clark and Hall@2#.

On the other hand, at high incidence the numerical model failed
to predict the negative damping close to the leading edge although
the steady-state solution was in good agreement with the mea-
sured data.

This failure suggests to explore the use of more sophisticated
transition and turbulence modeling. Such models were already
incorporated for the prediction of dynamic stall on single airfoils
and led to significantly improved agreement with the available
experimental data, as summarized by Ekaterinaris and Platzer@9#.
Therefore, it is planned to apply these models in the next series of
computations for the Buffum cascade.
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Impeller–Diffuser Interaction
in a Centrifugal Compressor
A study has been conducted, using an unsteady three-dimensional Reynolds-averaged
Navier–Stokes simulation, to define the effect of impeller–diffuser interaction on the
performance of a centrifugal compressor stage. The principal finding from the study was
that the most influential aspect of this unsteady interaction was the effect on impeller tip
leakage flow. In particular, the unsteadiness due to the upstream potential effect of the
diffuser vanes led to larger viscous losses associated with the impeller tip leakage flow.
The consequent changes at the impeller exit with increasing interaction were identified as
reduced slip, reduced blockage, and increased loss. The first two were beneficial to
pressure rise, while the third was detrimental. The magnitudes of the effects were exam-
ined using different impeller–diffuser spacings and it was shown that there was an opti-
mal radial gap size for maximum impeller pressure rise. The physical mechanism was
also determined: When the diffuser was placed closer to the impeller than the optimum,
increased loss overcame the benefits of reduced slip and blockage. The findings provide a
rigorous explanation for experimental observations made on centrifugal compressors.
The success of a simple flow model in capturing the pressure rise trend indicated that
although the changes in loss, blockage, and slip were due largely to unsteadiness, the
consequent impacts on performance were mainly one-dimensional. The influence of flow
unsteadiness on diffuser performance was found to be less important than the upstream
effect, by a factor of seven in terms of stage pressure rise in the present geometry. It is
thus concluded that the beneficial effects of impeller–diffuser interaction on overall stage
performance come mainly from the reduced blockage and reduced slip associated with the
unsteady tip leakage flow in the impeller.@S0889-504X~00!01704-9#

1 Introduction
The interaction between impeller and vaned diffuser is far more

difficult to model than configurations with vaneless diffuser@1,2#.
Matching a vaned diffuser to an impeller is a nontrivial task due to
the complicated flow mechanics involved and the absence of
quantitative understanding. Satisfactory performance in an indi-
vidual component does not guarantee that the integrated design
will also have satisfactory flow range and overall stage efficiency.
In fact, Cumpsty@3# states that mismatching is far more common
as a cause of poor performance with high pressure ratio machines
than details of impeller or diffuser vane shape.

So far most of the attention to impeller–diffuser interaction has
been focused on understanding the effect of upstream conditions
on the diffuser performance. Results reported by Filipenco et al.
@4# and Deniz et al.@5# showed that the time-averaged flow align-
ment with the diffuser vanes, i.e., incidence, expressed as the
momentum averaged swirl angle, was the single most important
parameter in setting diffuser performance. Computations by Phill-
ips @6# also showed that diffuser pressure recovery is largely in-
dependent of diffuser inlet flow axial distortions. The only re-
maining question is whether unsteadiness at the diffuser inlet,
induced by interaction, can affect diffuser performance.

No attempt has been made to understand the effect of down-
stream conditions on the impeller flow field with the exception of
the work reported by Kirtley and Beach@7#. They investigated the
influence of impeller–diffuser interaction on upstream flow by
applying CFD to a configuration with tip Mach number of about
0.5. Body force modeling and deterministic stresses were used to
avoid the then very expensive time-accurate calculation. By com-
paring the divergence of deterministic stress to that of Reynolds
stress, they came to a conclusion that vane-induced unsteadiness
was more important than turbulence in affecting the flow field

upstream of the diffuser vanes. They also found that the impeller
flow field in the stage calculation had less shroud separation com-
pared to the isolated impeller flow field.

Recently, Dawes@8# and Domercq and Thomas@9# reported
results from time-accurate simulation of unsteady flow in an
impeller–diffuser stage. Their computed results indicated that up-
stream influence of the vaned diffuser on the impeller flow can be
significant. All these previous efforts have not however explained
the cause~s! for an interaction-related phenomenon: The existence
of an optimum radius ratio between the diffuser vane leading edge
and the impeller blade trailing edge (r 28 /r 2) for the maximum
stage total-to-static pressure ratio. The existence has been con-
firmed experimentally by various workers including Rodgers@10#
and Clements and Artt@11#, and their results strongly indicate that
optimal radial gap size is geometry-dependent.

This paper will describe the implementation of time-accurate
simulations of flow fields in an impeller–diffuser stage, an iso-
lated impeller, and an isolated diffuser. The computed results will
establish an understanding of the impact of unsteady impeller–
diffuser interaction on the performance of a centrifugal compres-
sor stage. The key objectives for the investigation are:~1! to as-
sess the importance of interaction on the impeller and diffuser
flow field ~in terms of time-averaged pressure rise capability, loss,
blockage, etc.!, and its consequence on the stage performance;~2!
to determine the flow mechanisms by which interaction influences
these figures of merit for performance, especially the optimum
gap size for total pressure rise as observed by Rodgers@10# and
Clements and Artt@11#; ~3! to develop a simple low-order flow
model that describes the observed phenomenon for preliminary
design evaluation.

To accomplish these objectives, the following three fluid dy-
namic questions need to be addressed:~1! How do downstream
conditions, in the form of an unsteady pressure field, affect the
impeller performance?~2! How do upstream conditions, charac-
terized by the rotating jet-and-wake structure, affect the diffuser
performance?~3! With all the factors considered, can flow cou-

Contributed by the International Gas Turbine Institute and presented at the 45th
International Gas Turbine and Aeroengine Congress and Exhibition, Munich, Ger-
many, May 8–11, 2000. Manuscript received by the International Gas Turbine Insti-
tute February 2000. Paper No. 2000-GT-428. Review Chair: D. Ballal.

Copyright © 2000 by ASMEJournal of Turbomachinery OCTOBER 2000, Vol. 122 Õ 777

Downloaded 01 Jun 2010 to 171.66.16.63. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



pling between the impeller and the diffuser benefit stage perfor-
mance, and under what conditions can this occur?

This paper is arranged as follows: The technical approach is
first described; the influence of interaction on impeller flow and
the influence of interaction on diffuser flow are then delineated.
They are followed by a synthesis of computed results. Finally, the
main conclusions are stated.

2 Technical Approach

2.1 The Stage Geometry. The centrifugal compressor stage
selected for this investigation is representative of current industry
design. It was designed for a stage total-to-static pressure ratio of
5.4. The impeller is backswept with an outlet angle of 52 deg. At
design speedU2 /ACp0T0151.13, the diffuser inlet angle is 68
deg.

2.2 The Solution Algorithm and Grid. The code devel-
oped by Dawes@8# is used in the present investigation. It simu-
lates the real impeller motion by using a sliding plane to transfer
axial and circumferential distortions between impeller and dif-
fuser flow field at each time step, thus preserving the flow details
in the interaction region. A volume weighted interpolation proce-
dure is adopted to ensure conservation.

The equations being solved are the five fully three-dimensional,
unsteady, compressible, Reynolds-averaged Navier–Stokes equa-
tions expressed in strong conservation form, coupled to two addi-
tional equations for thek–« turbulence model. The seven equa-
tions are discretized in finite volume form on each of the tetra-
hedral control volumes with vertex variable storage, and time-
marched to convergence using a four-step Runge–Kutta residual
smoothing procedure.

At the inflow boundaries the total pressure (p01), total tempera-
ture (T01), turbulent kinetic energy (k1), turbulent dissipation rate
(«1), and the two flow angles are prescribed, while at the outflow
boundaries the static pressure (p3) is specified. Thus, the time-
averaged mass flow of the stage is actually computed, instead of
being specified. Wall function is employed to avoid the need of
simulating the laminar sublayer, allowing coarser grid at the vis-
cous surface.

With a resolution of about 70,000 nodes, the unstructured mesh
generated for the present numerical simulation is shown in Fig. 1.
The stage modeled has 17 full blades and 17 splitters in the im-
peller, together with 19 vanes and 19 splitters in the diffuser. For
the numerical simulation, the blade-to-vane ratio has been ad-
justed to 1:1 to avoid the necessity of modeling the entire annulus.
In the process, the thickness of the impeller blade is reduced to
preserve the original solidity of the passage. It has also been veri-
fied that the impeller flow is not choked, so the small modification
should have little influence on the flow.

For tip region modeling, Storer and Cumpsty@12# have shown
that the tip-leakage flow is controlled by primarily inviscid
mechanism, thus even with relatively coarse mesh the static pres-
sure field and the magnitude of leakage flow rate can be predicted
satisfactorily. Recently Van Zante et al.@13# have pointed out that
a substantially finer grid can be required to resolve the important
details of the wall-bounded shear layer, which impacts the trajec-
tory of the primary clearance flow, and was shown to be important
for quantifying the stall inception point. The focus of the present
investigation, however, is on understanding how the blockage as-
sociated with leakage flow reacts to downstream unsteadiness at
an operating point well away from stall. The use of three grid
points in the tip clearance gap is deemed adequate.

2.3 The Numerical Experiments. As the main goal is to
quantify the stage performance change with different degree of
impeller–diffuser interaction, it is necessary to use a control ex-
periment environment to isolate the underlying factors and mecha-
nisms. To assess the effect of downstream vanes on the impeller
performance, an identical impeller is coupled to three different
diffuser configurations to simulate different degrees of interaction.

The major difference between these three configurations is the
size of the radial gap, expressed as the radius ratio of diffuser
leading-edge to impeller trailing-edge (r 28 /r 2).

Calculation 1 is for a vaneless diffuser withr 28 /r 25`, corre-
sponding to the absence of impeller–diffuser interaction. Calcula-
tion 2 is for a vaned diffuser withr 28 /r 251.092. Calculation 3 is
for a vaned diffuser withr 28 /r 251.054, intended to give the
strongest interaction in the three configurations. Other than
r 28 /r 2 , all geometric parameters, such as the vane stagger angle
and the channel area distributionA(r ), are kept the same for all
three diffusers. The performances, from these three configurations
are generated using the same impeller speedU2 and are compared
at the same time-averaged mass flowṁ. Some iterations on the
prescribed value ofp3 , the diffuser exit pressure, are necessary
before the computed mass flow can match the same target mass
flow for each of the three configurations.

To save computational time, the stage is calculated over a wide
range of flow rates only for ther 28 /r 251.092 configuration~Cal-
culation 2!, and it is treated as the reference case. Calculation 4 is
then performed for the diffuser with steady inlet flow prescribed at
the interaction plane location. The steady inlet conditions
(p021 ,T021 ,a21) are the time-average of the results from Calcu-
lation 2. They retain both the axial distortions~from hub to
shroud! and the circumferential variations due to the downstream
diffuser vanes.

Attempts at prescribing uniform boundary conditions at the
original diffuser inlet boundary~interaction plane! failed because
the distance between the inlet boundary and the vane entrance is
too close for the flow to align with the vanes, resulting in unrea-
sonably high loss. Some of the flow adjustment in response to the
downstream vanes in fact takes place inside the impeller. Thus,

Fig. 1 Unstructured mesh used for the r 28 Õr 2Ä1.092 configu-
ration with the casings of both impeller and diffuser removed
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the inlet boundary for Calculation 5 was moved upstream by
about one pitch where a set of uniform boundary conditions
(p0 ,T0 ,a) could be applied. Some iteration on the inlet boundary
conditions was required to match the integrated quantities~mass
flow, angular momentum, and impulse! to the time-average of
those of Calculation 2 at the original inlet boundary. Once these
integrated quantities are matched, the resulting flow field of Cal-
culation 5 resembles that of Calculation 2 except that both un-
steadiness and inlet axial nonuniformity are absent. Table 1 out-
lines the difference between the three calculations in terms of inlet
diffuser boundary location.

As designed, the difference between Calculations 2 and 4 iso-
lates out the effect of unsteadiness, while the difference between
Calculations 4 and 5 isolates out the effect of axial distortion. It
should be emphasized that both factors are representative of those
from a typical impeller exit flow, as they are derived directly from
the results of Calculation 2. Moreover, all three calculations allow
the presence of downstream-induced circumferential nonunifor-
mity in the interaction region.

3 Influence of Interaction on Impeller Flow
This section presents qualitative and quantitative descriptions

of the flow in the impeller with different degree of impeller–
diffuser interaction. Calculations 1, 2, and 3 are obtained by vary-
ing the radius ratior 28 /r 2 , the only control variable in this nu-
merical experiment. The same approach has been taken
experimentally by Rodgers@10# and by Clements and Artt@11#,
both of whom show that stage total-to-static pressure ratio peaks
for an impeller–diffuser radius ratio greater than unity.

3.1 Overall Impeller Performance. The impeller pressure
ratio p02/p01 from Calculations 1, 2, and 3 are plotted versus mass
flow rate in Fig. 2. The characteristic line is determined by apply-
ing least-squares best-fit to the computed pressure ratios at various
flow rate in Calculation 2 for ther 28 /r 251.092 configuration.
The values ofṁ in Calculations 1, 2, and 3 vary by about 1
percent of the reference value, reflecting the difficulty and time
involved in achieving a desired mass flow rate by back pressure
adjustment. The difference inṁ is small enough that the associ-
ated changes in performance may be neglected. The pressure ra-
tios for both the vaneless build and ther 28 /r 251.054 configura-
tion are well away from the r 82/r 251.092 characteristic,

confirming that the radial gap size can indeed influence the impel-
ler total pressure ratio. Thus, the degree of impeller–diffuser in-
teraction is identified as a major contributor to the performance
change, with the moderate radius ratio configuration~r 28 /r 2
51.092 in the current investigation! giving larger pressure ratios
than the vaneless or small gap configurations.

The performance parameters from the three calculations are
tabulated in Table 2 for comparison. Both the total-to-total and
total-to-static pressure ratios are highest forr 28 /r 251.092. The
polytropic efficiencyhpoly , evaluated using

p02

p01
5F11

Vt2U2

Cp0T01
Ghpolyg/g21

(1)

Fig. 2 Impeller total-to-total pressure ratio for the three differ-
ent radial gap sizes, with the compete characteristic of r 28 Õr 2
Ä1.092 case shown

Table 1 Comparison of boundary conditions at the diffuser
grid inlet for Calculations 2, 4, and 5, with vane leading edge
located at r 28 Õr 2Ä1.092

Table 2 Comparison of computed impeller performance
parameters from different radial gap size
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also shows a small peak with moderate strength of interaction.Vt2
is the mass and time-averaged tangential velocity at the impeller
exit flow.

3.2 The Origin of Performance Changes. Figure 3 shows
the variation in total pressurep0 /p01 in the flow direction for the
three calculations. The quantityp0 /p01 has been mass and time-
averaged at each meridional station. It is only in the last 10 per-
cent of the impeller passage, near the blade trailing edge, that
significant difference arises. This region is within a one pitch
distance upstream of the diffuser vane leading edge, and is ex-
pected to be under significant influence of the potential field posed
by the diffuser vanes.

3.2.1 One-dimensional Model on Impeller Pressure Ratio.
To explain why impeller total pressure ratiop02/p01 changes with
the addition of diffuser vanes downstream, it is more convenient
from here on to express the average pressure ratio and loss rela-
tionship in terms of entropys. Equation~1! is thus rewritten as,

p02

p01
5F11

Vt2U2

Cp0T01
Gg/g21

e2~s22s1!/R (2)

The advantage of Eq.~2! is that entropys2 is an extensive prop-
erty, which can be mass-averaged and obtained directly from the
computed flow data.Vt2 is the mass and time-average of the ab-
solute whirl velocity at the impeller exit.

Linearization of Eq.~2! thus gives an expression for the incre-
mental change in impeller total pressure ratio due to the presence
of downstream vanes, with respect to that of the vaneless configu-
ration,

Dp02

p02
5F S g

g21D S Vt2U2

Cp0T011Vt2U2
D G DVt2

Vt2
2F g

g21G Ds2

Cp0
(3)

However,Vt2 is not the most fundamentally independent variable
for this consideration because it in turn depends onW2 , the exit
velocity in the relative frame.W2 itself also depends on the chan-
nel effective area and density~thus on pressure and entropy!.

The actual tangential velocityVt2 lags behind the ideal coun-
terpart Vt2i , by a slip velocity, which depends largely on the
circumferential spacing of the impeller blades and is predomi-
nantly a result of inviscid effect. Since the impeller geometry has
not been changed in this numerical experiment, any change in the
slip velocity can only be attributed to the presence of the down-
stream vanes. It is, however, simpler to expressVt2 in terms ofW2
andu, the angle between the radial direction and the average exit
flow direction in the relative frame:

Vt25U22W2 sinu (4)

whereu is related to the slip velocity. Equation~4! can then be
linearized as

DVt2

Vt2
5F2~U22Vt2!

Vt2
G DW2

W2
1F 1

tanaG~2Du! (5)

The negative sign precedingu in Eq. ~5! implies that a smalleru
implies reduced slip, which increases absolute whirl velocityVt2 .

The response ofW2 to changes in the local flow condition can
be derived following Shapiro@14#, by using one-dimensional flow
conservation equations expressed in incremental form. The result-
ing relationship is as follows:

DW2

W2
5F 21

12Mrel,2
2 G DAeff

Aeff
1F S g

g21D S 1

12Mrel,2
2 D G Ds2

Cp0
(6)

where Mrel,2 is the relative Mach number of impeller passage flow
evaluated in the frame of the impeller, andAeff is the effective
flow passage area, which is the geometric passage area minus the
flow blockage. The nondimensional blockage term is defined by

12B5
Aeff

Aactual
(7)

The step-by-step procedures to evaluate blockage using stream-
wise velocity distribution can be found in Khalid et al.@15#.

With some algebraic manipulation, Eqs.~3!, ~5!, and~6! can be
consolidated into a single expression to eliminate the dependence
on DW2 and DVt2 , and establish the relationship between the
perturbed impeller total pressure ratio and the three independent
incremental changes,DAeff ,Ds2, 2Du. These three changes com-
pletely represent the influence of impeller-diffuser interaction.
The expressions for this relationship are:

Dp02

p02
5CAS DAeff

Aeff
D1CsS Ds2

Cp0
D1Cu~2Du! (8)

whereCA , Cs , andCu are the influence coefficients of the three
independent incremental changes. The area coefficient is given by

CA5Fg~U22Vt2!

~g21!Vt2
G S 1

12Mrel,2
2 D S Vt2U2

Cp0T011Vt2U2
D.0, (9)

the entropy coefficient is given by

Cs52~11CA!S g

g21D,0, (10)

and the relative swirl angle coefficient is given by

Cu5S 1

tana D S g

g21D S Vt2U2

Cp0T011Vt2U2
D.0. (11)

The sign convention of the influence coefficients in Eqs.~9!–
~11! is determined by assuming both quantities (U22Vt2) andu
are positive, which is true for any impeller with backsweep. After
substituting Eqs.~9!–~11! into Eq. ~8!, it can be seen that a posi-
tive influence coefficient (CA ,Cu) implies contribution to impel-

Fig. 3 Mass and time-averaged total pressure distribution
along the impeller passage for the three different radial gas
sizes
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ler pressure ratio, while the negative coefficient (Cs) implies the
opposite. In summary, higher impeller total-to-total pressure ratio
can be achieved by any of the following:

1 reduced blockage
2 reduced loss
3 reduced slip.

The comparison between this one-dimensional estimate~Eq. ~8!!
and the computed value ofDp02/p02, obtained directly from the
three-dimensional unsteady flow data after mass and time averag-
ing, is shown in Fig. 4~a!. It can be seen that the agreement
between the one-dimensional estimate and the three-dimensional
results is good, and the trend for the total pressure ratio with
reducing radial gap size is captured.

Evaluated using Eq.~8!, the individual contribution to impeller
total pressure ratiop02/p01 due to blockage, loss and slip are
summarized in Table 3. The results show that reduction inp02/p01
as the radius ratio is decreased to 1.054 is caused by the pro-
nounced effect of the increase in loss, which surpasses the effect
of reduced blockage and slip.

Similar to the development forDp02, the perturbed impeller
static pressure riseDp2 due to the interaction-induced incremental
changes can also be evaluated using the one-dimensional ap-
proach of Shapiro. As static pressure is a frame-independent ther-
modynamic variable, the resulting relationship can be obtained by
selecting the corresponding terms in Shapiro’s influence coeffi-
cient table. The complete expression is

Dp2

p2
5CÃS DAeff

Aeff
D1Cs̃S Ds2

Cp0
D (12)

whereCÃ andCs̃ are the influence coefficients defined as

CÃ5
gMrel,2

2

12Mrel,2
2 .0 (13)

Cs̃52~11CÃ!S g

g21D,0 (14)

The sign convention in Eqs.~13! and ~14! assumes the impeller
passage is subsonic at exit (Mrel,1).

The comparison between the one-dimensional estimate~Eq.
~12!! and the computed value ofDp2 /p2 is shown in Fig. 4~b!.
Again, the trend of the static pressure ratio with reducing radial
gap size is in agreement with the one-dimensional model.

Figures 4~a! and 4~b! also show extra data points generated
from ar 28 /r 251.075 configuration. Although both static and total
pressure ratios are marginally higher than those from the reference
configuration withr 28 /r 251.092, it is apparent that both pressure
ratios are leveling off at this particular range of radial gap size.
The results are in accord with the suggestion of Clements and Artt
@11#, based on experiments, that the optimum values for the vane-
less space radius ratio is in the ranger 28 /r 251.06 to 1.10.

In summary, the one-dimensional model for estimatingDp02
andDp2 helps identify the effect of interaction-induced change in
three independent factors~blockage, loss, and slip! on the impeller
pressure ratio. The simple model is in agreement with the com-
puted and measured trend of impeller pressure ratio when radial
gap size is varied.

3.2.2 Computed Impeller Flow Field.This section investi-
gates why impeller–diffuser interaction can cause the observed
change in blockage, loss, and slip by examining the computed
unsteady three-dimensional flow field. The first quantity being
looked at is the local volumetric entropy production raterDs/Dt
~unit: J/K.s.m3!, which provides immediate identification of the
high loss generation region. TherDs/Dt contours on the trans-
verse plane at the impeller trailing edge for the vaneless configu-
ration are shown in Fig. 5; it clearly shows that high entropy is
being generated near the shroud, especially at the tip leakage exit
region. Figure 6 shows fourrDs/Dt contour snapshots at the
impeller exit ~as in Fig. 5! for the r 28 /r 251.092 configuration.
Each of the results in Fig. 6 is obtained at an instant with equal
time interval of one-fourth of a blade passing (Dt51/4T). Be-
sides showing that loss again originates mostly in the tip leakage
flow region, this set of results also demonstrate the unsteady na-
ture of the loss generation.

A more important practical question is whether this unsteady
phenomenon can cause a change in the time-averaged loss at the
impeller exit and this can be answered by examining the incre-
mental change of entropy production from the vaneless configu-
ration. D(rDs/Dt), for the r 28 /r 251.054 and 1.092 configura-
tions. In Fig. 7, the D(rDs/Dt) contours have been
nondimensionalized against the entropy production in the vaneless
configuration, a spatially invariant constant, to quantify the effect
of downstream vanes. It shows that significantly higher incremen-
tal loss, more than 100 times greater than elsewhere, is generated
at the exit of the tip leakage flow when comparing the two vaned
cases to the vaneless configuration. In addition, the smaller the

Fig. 4 Effect of radial gap size on impeller total pressure ratio
and static pressure ratio, expressed in incremental change
from vaneless configuration

Fig. 5 Contours of entropy production rDs ÕDt at impeller exit
for the vaneless configuration

Table 3 Relative importance of independent factors for impel-
ler total pressure ratio
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radial gap size, the higher the loss is, implying that the loss gen-
eration at the tip leakage exit is related to impeller–diffuser inter-
action.

The tip leakage mass flux,rWtip , is a measure of the velocity
gradients of the clearance flow, which in turn determines the local
viscous dissipation. Figure 8 compares the tip leakage mass flux,
which has been nondimensionalized by the quantityr2U2 , for the
main blade clearance of the three different radial gap sizes at 90,
95, and 99 percent meridional stations. At the 90 percent meridi-
onal station, only minor unsteadiness can be observed for the
vaned cases, but the periodicity of the tip leakage has become
very apparent by the time the flow reaches the 95 percent meridi-
onal station. Farther downstream at the 99 percent meridional sta-
tion, the tip leakage mass flux for the vaned cases is so unsteady
that its peak-to-peak amplitude of the mass flux is roughly equal
to its time-averaged value. The behavior of the splitter tip leakage
flow is very similar to that of the main blade. All the qualitative
description on main blade tip leakage can be applied to that of the
splitter, except that the peak and trough are shifted by half a blade
passing.

It is expected that a closer radial gap introduces more unsteadi-
ness to the flow field near the impeller exit, and the tip leakage
flow is no exception. As seen in Fig. 8, at the 99 percent meridi-
onal station ther 28 /r 251.054 configuration has a peak-to-peak
variation of 0.247 for the quantityrWtip /r2U2 , while that of the

r 28 /r 251.092 configuration is 0.198. The time-averaged value of
rWtip /r2U2 at this location ranges from 0.231 to 0.244 for all
three cases.

For both the vaneless~Fig. 5! and the vaned~Fig. 6! configu-
rations, the high viscous dissipation observed near the shroud re-
gion is caused by high-velocity gradients associated with the
crossflow between tip leakage flow and the main stream flow. For
the unsteady vaned cases, the time variation in tip leakage mass
flux rWtip comes mostly from the variation in jet velocityWtip
because the tip leakage flow can be considered as almost incom-
pressible since the corresponding Mach number is about 0.5.

Fig. 6 Contours of instantaneous entropy production rDs ÕDt
at impeller exit collected at 0.25 T time interval for the r 28 Õr 2
Ä1.092 configuration

Fig. 7 Incremental entropy production D„rDs ÕDt … for the
two vaned configurations when compared to the vaneless
configuration

Fig. 8 Comparison of main blade clearance periodic tip leak-
age mass flux at 90, 95, and 99 percent meridional stations
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Therefore, the substantial unsteadiness inrWtip seen in Fig. 8
should lead to an additional instantaneous tangential velocity gra-
dient at the tip leakage region. The result is an increased rate of
viscous dissipation, evident as the increased entropy production
rate shown in Fig. 7.

The blade loading, expressed as the static pressure difference
across the tip (pps2pss)/(p022p2), is plotted for the main blade
in Fig. 9. The comparison of the three configurations~vaneless,
r 28 /r 251.092 and 1.054! are conducted at the same meridional
stations as above~90, 95, 99 percent!. It can be seen that the tip
leakage mass flux in Fig. 8 are synchronized with the correspond-
ing blade tip loading in terms of the occurrence of the peak and
trough. As expected, the closer the vanes are placed to the impel-
ler trailing edge, the more unsteady the flow field is. The agree-
ment between the loading and the mass flux confirms that the
unsteady pressure gradient set up by the downstream vanes is the
driving force of the unsteady variation in tip leakage flow.

Besides increasing loss, the higher viscous dissipation in the
vaned cases can reduce flow blockage, as seen in Table 3. Mc-
Dougall and Dawes@16# have demonstrated, by using both nu-
merical and experimental approaches, that the presence of tip
leakage jet can counteract separation and thus reduce blockage. It
is likely that the same unsteady mechanism that increases the
entropy production in the tip region is also responsible for the
reduction of blockage. The following summarizes the cause and
effect of the increased viscous dissipation for a reduction in radius
ratio r 28 /r 2 :
• Increased loading unsteadiness
• Increased instantaneous pressure gradient across tip clearance
• Increased tip leakage mass flux unsteadiness
• Increased instantaneous velocity gradient
• Increased time-averaged viscous dissipation
• Increased time-averaged loss
• Decreased time-averaged flow blockage

With the effect of unsteadiness on loss (Ds2) and blockage
(DAeff) addressed, the only remaining factor is slip, which is ex-
pressed in terms of the swirl angle incremental change~Du!. It is

recognized that flow separation can also significantly change the
impeller exit flow angle; however, the mass flux contours for all
three configurations indicate that little separation occurs near the
shroud at the impeller exit, thus leaving the inviscid effect from
the vanes as the primary factor for the incremental change in slip
~Du!.

4 Influence of Interaction on Diffuser Flow

4.1 Background and Numerical Results. This section pre-
sents qualitative and quantitative descriptions of the flow in the
diffuser with different combination of upstream parameters pre-
scribed at the interaction plane. The main objective is to investi-
gate the role of inlet unsteadiness on the diffuser performance; or
more specifically, to quantify its importance compared to the other
two upstream factors:~1! axial, hub-to-shroud distortion: and~2!
momentum-averaged inlet swirl angle@4#. The influence of the
axial distortion has been investigated by Phillips@6#, who con-
cluded that its effect on diffuser pressure recoveryCp5(p
2p2)/(p022p2) is minimal compared to that from the inlet swirl
angle, which has been identified by Filipenco and Deniz et al.@5#
as the single most important parameter in determiningCp .

It is recognized that interaction can change the impeller outflow
angle, but a designer can always match the diffuser geometry to
the time mean impeller outflow angle by adjusting the diffuser
vane alignment. Unsteadiness thus remains a factor that cannot be
designed out.

Again, the approach is to set up three numerical experiments, so
that the two inlet factors stated above can be isolated out as the
only difference. The time-accurate calculation for ther 28 /r 2
51.092 configuration is chosen as the reference case, which also
provides the boundary conditions for the two subsequent diffuser-
alone steady calculations~Table 1!. The effects of unsteadiness
and axial distortion so determined are representative of those
found in the impeller exit flow as they are all derived from the full
unsteady calculation of the stage.

The results of the three calculations are summarized in Fig. 10
in terms of the development of pressure recoveryCp and lossCloss

Fig. 9 Comparison of periodic main blade tip loading „p ps
Àp ss …Õ„p 02Àp 2… at 90, 95, and 99 percent meridional stations

Fig. 10 Comparisons of pressure recovery Cp and loss Closs
for calculations 2, 4, and 5
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along the diffuser channel. It can be seen that the radial distribu-
tion of the pressure recovery is virtually the same for all three
cases. More than half of the pressure recovery is obtained in the
throat region, which extends fromr /r 251.092 ~leading edge! to
r /r 251.18, demonstrating the capability of the vaned diffuser in
reducing the angular momentum of the incoming flow.

Elimination of upstream unsteadiness~difference between Cal-
culations 2 and 4! only increasesCp3 at diffuser exit by 0.008
while further elimination of upstream axial distortion~difference
between Calculations 4 and 5! increases exitCp3 by another
0.005. The 0.008 reduction inCp3 due to unsteadiness is equiva-
lent to mismatching the vane orientation by a mere 0.3 deg, as
demonstrated in the experiments of Deniz et al.@5# experiments
with straight-vaned diffusers. Such change is an order of magni-
tude smaller than the operating range~from choke to stall! of
those diffusers, confirming again that the flow angle alignment
with the diffuser vane is the single most important factor that
determines diffuser performance.

4.2 Effect of Interaction on Diffuser Performance. The
time variation of swirl angle at midpitch at the leading edge radius
is shown in Fig. 11. These are given at 10 percent from shroud,
midspan, and 10 percent from hub from the full interaction calcu-
lation. Also shown for comparison is the swirl angle at the same
locations for the steady calculation~No. 4! with upstream un-
steadiness eliminated. The data at locations away from both sur-
faces are selected to ensure that the observation is not marred by
the boundary layer development on the surfaces. For the steady
case, it can be seen that variation of swirl anglea28,mp(x) from
hub to shroud is more than 12 deg. The unsteadiness adds another
8 deg from the periodic peak-to-peak angle fluctuation, so the
total variation comes to about 20 deg. Deniz et al. have shown
experimentally that a typical straight-vaned diffuser has itsCp3
reduced by about 0.1 for every 4 deg change ina28 from the stall
point, so on this reasoning a 20 deg variation should have re-
moved the diffuser pressure rise.

It is found that the flow can enter the diffuser channel without
triggering massive separation when the angle misalignment is

only over part of the span~e.g., near hub or shroud!. This is
because the flow is subject to some predominantly two-
dimensional pressure gradient~after time-averaging!, whose es-
tablishment depends on the average flow incidence, based on
momentum-averaged inlet swirl angle. The evidence here suggests
that nonuniformity due to unsteadiness from the upstream rotor is
largely irrelevant to the pressure recovery in the diffuser, but this
may not be true for all ratios of impeller blades to vane numbers.
Also, the diffuser is operating at design condition in Calculations
2, 4, 5, and upstream unsteadiness may have a larger influence on
performance if the diffuser is operating at near-stall condition.

5 Effect of Interaction on Overall Stage Pressure
Ratio

So far the discussion on the two aspects of interaction remains
separate, the effect of downstream flow field on impeller perfor-
mance and the effect of upstream flow field on diffuser perfor-
mance. To establish a quantitative description of interaction effect
on the stage total-to-static pressure ratio, it is necessary to resort
to the definition of diffuser pressure recovery, which has been
rearranged as,

p3

p01
5Cp3

p02

p01
1~12Cp3!

p2

p01
(15)

Of the three independent variables,p02 andp2 are the contribution
from the impeller, whileCp3 is the contribution from the diffuser.

The relative importance of each of the factors can be studied by
linearizing Eq.~15! into the following:

D8p3

p3
5Kp02S D8p02

p02
D1Kp2S D8p2

p2
D1KCpS D8Cp3

Cp3
D (16)

whereD8 signifies the change due to the reduction ofr 28 /r 2 and
Kp02, Kp2 , andKCp

are the corresponding influence coefficients.
Their definitions are

Kp025
Cp3p02

p3
.0 (17)

Kp25
~12Cp3!p2

p3
.0 (18)

KCp
5

~p022p2!Cp3

p3
.0 (19)

The performance changes associated with the reduction of radial
gap size fromr 28 /r 251.092 ~Calculation 2! to r 28 /r 251.054
~Calculation 3! can then be substituted into Eq.~16! for evaluation
of their effect on the stage total-to-total pressure ratiop3 /p01.
The changes are summarized in Table 4.

As seen in Table 4, the gap size reduction~increased interac-
tion! has more influence on the impeller performance, for which
both p02/p01 and p2 /p01 have roughly a 2 percent reduction. In
comparison, the diffuser performance is relatively insensitive to
the gap size reduction, asCp increases by less than 1 percent.
Substituting these changes into Eq.~16!, D8p3 /p3 is found to be
21.65 percent. Of this21.65 percent change,21.32 percent is
due to theD8p02 term and 0.60 percent is due to theD8p2 term,
while only 10.27 percent is due to the diffuser termD8Cp . As
discussed above, the unsteadiness associated with the tip-leakage
flow is responsible for the change in blockage and loss in the
impeller exit flow. Both factors are major contributors to both
impeller pressure ratiosp02/p01 and p2 /p01 ~Table 3!. In other
words, impeller performance is more susceptible to interaction
influence because of tip-leakage flow.

6 Discussion: Implications of Computed Results
It is found that diffuser performance depends primarily on the

alignment of the diffuser vanes with the spatially averaged and

Fig. 11 Effect of unsteadiness on the swirl angle at midpitch
of the diffuser inlet plane
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time-averaged impeller exit flow angle. The implication is that
reasonably accurate prediction of diffuser performance~in terms
of Cp and Closs! can be obtained from quasi-steady calculation
because the upstream impeller merely determines the mean inlet
flow. However, to improve further the prediction accuracy of dif-
fuser pressure recovery and loss, modeling of upstream unsteadi-
ness is necessary.

However, simulating impeller performance with a calculation
based on the replacement of the downstream diffuser vanes with
asymmetric boundary conditions will have substantially more ad-
verse effect on prediction accuracy because of tip leakage flow.
As seen above, the unsteadiness in the tip leakage flow substan-
tially alters the blockage and loss associated with tip leakage,
which in turn causes a significant change in impeller performance.

Since stage performance depends on both impeller performance
and diffuser performance, and impeller performance can be sig-
nificantly affected by interaction, the time-accurate calculation for
stage performance prediction is desirable, provided computational
resources are available. However, design engineers can still find
guidance of the one-dimensional model developed in the current
investigation, because it clearly shows the trade-off between loss,
blockage, and slip which leads to an optimumr 28 /r 2 value be-
tween 1.05 and 1.09. Thus, this model provides an effective plat-
form to present flow data~whether they are from CFD or experi-
ment! for engineers to evaluate and make design decisions.

7 Summary and Conclusions
A computational investigation has been undertaken to elucidate

the effects of impeller–diffuser interaction on the performance of
a centrifugal compressor stage, especially on stage total-to-static
pressure ratio. The following conclusions were deduced from
computed results:

1 Impeller–diffuser interaction has a pronounced effect on im-
peller tip leakage flow and a consequent impact on loss, blockage,
slip and, ultimately. on stage pressure rise.

2 The effect of impeller outlet unsteadiness on diffuser pressure
recovery and loss is similar in magnitude to that from diffuser
inlet axial distortion. Both have little influence when compared to
the dominant factor: incidence of the spatially averaged and time-
averaged flow onto the diffuser vanes.

3 The optimum radial gap size to achieve the highest total pres-
sure ratio in an impeller occurs because the penalty of increased
loss overtakes the benefits from reduced blockage and slip when
diffuser vanes are moved very close to the impeller blades. The
computed results agree both qualitatively and quantitatively with
measurements of some stages with varied tip gap radius ratio.

4 Most of the interaction effects on impeller pressure rise could
be captured with a one-dimensional model, although the factors
involved ~loss, blockage, and slip! had to be obtained here from
time-accurate calculation.
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Nomenclature

A 5 actual channel geometric area
Aeff 5 effective passage area at impeller exit

B 5 blockage
CA ,Cs ,Cu 5 influence coefficients for impeller total pres-

sure
CĀ ,Cs̄ 5 influence coefficients for impeller static pres-

sure
Closs 5 diffuser loss coefficient

Cp 5 diffuser pressure recovery coefficient
Cp0 5 specific heat capacity at constant pressure

Kp02,Kp2 ,KCp5 influence coefficients for stage pressure ratio
k 5 turbulent kinetic energy

M 5 Mach number
ṁ 5 mass flow

p,p0 5 static, total pressure
R 5 gas constant
r 5 radial coordinate
s 5 entropy

T,T0 5 static, total temperature
T 5 period, blade passing
t 5 time

U 5 impeller speed
V 5 absolute velocity
W 5 relative velocity
x 5 axial coordinate~from diffuser hub to shroud!
a 5 absolute swirl angle referenced to the meridi-

onal direction
g 5 specific heat ratio
D 5 incremental change from vaneless configura-

tion
D8 5 incremental change due to reduction of radial

gap size
« 5 turbulent dissipation rate

Table 4 Change of stage total-to-total pressure ratio and other
performance parameters due to a reduction of radial gap size
r 28Õr 2 from 1.092 to 1.054
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hpoly 5 impeller polytropic efficiency
u 5 relative flow angle
r 5 density

Subscripts and Superscripts

1 5 at impeller inlet
2 5 at impeller exit or same as vaneless space inlet

21 5 interaction plane location where impeller grid and
diffuser grid meets

28 5 at diffuser inlet or same as vaneless space exit
3 5 at diffuser exit
i 5 ideal

mp 5 midpitch, midway between the diffuser leading edges
ps 5 pressure side
rel 5 in relative ~impeller! frame
ss 5 suction side
t 5 tangential

tip 5 tip leakage
( )̄ 5 time-averaged quantities, for expression with both

time-averaged and instantaneous quantities present
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